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“+ Springs as Meas 


By J. J. RYAN,' MINNEAPOLIS, MINN. 


The development of portable ssnaeiiian tensiometers 
(force versus time) for maximum tension loads between 
5000 and 16,000 lb presented an opportunity for determin- 
ing the load-deflection characteristics of a series of dished- 
plate (Belleville) springs of the same size and shape, 
except for a variation in thickness. Without such an 
instrument, capable of microscopic measurement, the 
deflections of these initially coned annular-disk springs 
of uniform cross section are exceedingly difficult to obtain. 
This paper describes the tensiometer and compares the 
theoretical methods of calculation of the spring deflections 
with the results of the load-deflection tests. Dished- 
plate (Belleville) springs of the kind discussed here are 
capable of carrying heavy loads in a small space with near- 
linear deflections, and an analysis of the design charac- 


teristics may encourage their application i in ot thee machine — 


ements. 


INTRODUCTION 


HE tensiometer was developed for the purpose of recording 
large impact loads in units of force and time. The instru- 
ment is for portable use, weighing about 6 lb and having an 
over-all length of 9in. The application of load deflects very heavy 
plate springs with subsequent movement of a central post. A 
_scriber on the post marks on a moving film the amplitude of the 
2 deflection. A friction governor on a clock motor controls the 
of the film. 


~ at The instrument will measure the inertia forces, with respect to 
time, of falling bodies stopped suddenly while in motion, as in 
the opening of a parachute. It will record the impact acceleration 
_ of instruments and equipment dropped in a supporting carriage as 
required in Armed Service specifications. It will also measure the 
live-load forces in structures such as bridges or buildings when 
placed in series with the tie rods or connectors. It is useful in 
measuring the suddenly applied loads on towlines attached to 
ships or barges; on cables used on cranes or hoists to lift heavy 
weights; or for the measurement of tractive effort and other 
ae es where dynamic conditions of loading exist. 


Description OF INSTRUMENT 


oh, The instrument case, of cast magnesium, is made in two sizes to 
~ accommodate maximum forces of 8000 Ib and 16,000 Ib. The 
internal dimensions of the cases are approximately the same for 
= five different ranges of springs which were developed. A cut- 


st Professor of Mechanical Engineering, University of Minnesota, 
ASME. 
Contributed by the Machine Design Division and presented at 
_ the Fall Meeting. Minneapolis, Minn., September 25-28, 1951, of 
Tae American Society or Mecuanicat ENGINEERS. 
Nore: Statements and opinions advanced in papers are to be 
— understood as individual expressions of their authors and not those 
: of the Society. Manuscript received at ASME Headquarters, 
June 12, 1951. Paper No. 51-—F-2. 
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away drawing, Fig. 1, shows the cain instrument with all 
the component parts in position. 

The upper pin connector is held by lug projections on the top of 
the case. The lower connector is attached to a central post. The 
central post is guided by bearings in the case above and below a 


hic. Ryan Recoroine T 
stack of dished-plate (Belleville) springs which are compressed by 
tensile forces applied on the pin connectors. 

A clockwork mechanism with a governor drives a take-up 
spool which draws a clear-base film past a scribing surface. About 
15 in. of film may be reeled for one winding of the clock in a time 
from 30 sec to 4 min, depending upon the setting of the governor. 
Three styli record on the film. These styli consist of serib- 
ing needles mounted on flexible parallel cantilever springs. The 
middle stylus is connected to the central post and records the 
vertical displacement of the springs. The lower stylus draws a 


ball 
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base line. The upper stylus is connected to a spring-mounted 
mass, which when displaced by a clock-driven cam, produces a 
timing record as a result of its free vibration 

To prevent binding of the dished-plate springs on the central 
post and to preserve alignment, flat strips of thin beryllium-cop- 
per spring stock are inserted between the post and the plates in 
the clearance space. The lower nut on the central post is tight- 
ened to maintain an initial compression on the plate springs. 

The high spring constant, combined with compactness in the 
axis of loading, makes the Belleville spring applicable for instru- 
ment work; however, it was necessary to determine by test if an 
approximately straight-line relationship of applied load to de- 
flection could be obtained. 


DescrRiprioN OF SPRINGS 


Dished-plate (Belleville) springs consist essentially of annular 
disks of constant thickness with an initial cone, as shown in Fig. 2. 


Fie. 2) Disnep-Piate Sprinc 

By suitable variation of the ratio of the initial cone height to the 
disk thickness, h/t, it is possible to obtain load-deflection curves of 
many different shapes,? as indicated in Fig. 3. 
curve A with h/t = 2.0 is desirable when a “ 
being designed. 


Such a shape as 
snap-acting” device is 
When h/t is about 1.5, the springs, known as the 
“constant-load” type, curve B, show a considerable range of de- 
flection within which the load is practically constant. This 
characteristic is highly desirable in many applications—for exam- 
ple, the loading of a gasket with a constant force. Curve C is 

typical load-deflection curve for the initially flat disk spring. 
We may consider it as a particular type of Belleville spring, with 
h/t = 0. This load-deflection curve is nearly linear for very small 
deflections, although the curve is concave upward for larger de- 
flections, An intermediate ratio of cone height to thickness, as 


Mechanical Springs,”’ by A. M. Wahl, Penton Publishing Com- 
pany, Cleveland, Ohio, 1944, pp. 238-262. 
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Deflection per Unit Disk Thickness 


Dished-Plate Springs With Large Deflections 


0.1 0.2 0.3 
Deflection per Unit Disk Thickness 


Test Region for Small Deflections 


suggested panei stiniaCaed D, (h/t = 1.0), Fig. 3 ( (a), may a 
expected to give a straight-line load deflection for small deflec- 
tions in the region shown in Fig. 3 (6). 

In this paper are described tests of ratios h/t (cone height to 
thickness) between 0.11 and 0.17, which were found to be satis- 
factory for the linearity required in instrument work having a 
high spring constant, combined with compactness in the axis of 
loading. The deflection curves are linear within normal limits, 
but tend to be concave upward 
the several cases tested. 


Calibration curves are shown for 


TueoreticaL or CaLcuLation 


The ay 
dished-plate springs may be approached in several ways. It may 
be demonstrated that the deflection of initially flat-plate springs 
is directly proportional to the load when the deflection is small 
in comparison to the plate thickness, 

Poisson’s flat-disk formula* for small deflections is given by 8. 
Timoshenko as follows 


where K,, a constant of the plate dimensions, was calculated by 


* “Theory of Plates and Shells,"’ by S. Timoshenko, McGraw-Hill 
Book Company, Inc., New York, N. Y., vol. 1, 1940, p. 64 
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TABLE 1 


Wahl and Lobo‘ and tabulated in the foregoing reference." The, 


maximum tangential stress at the upper inner edge of the spring 
disk would be 


hems 
e 


where A is a similar constant of dimension as before. Since all the 
dished-plate springs had the same inside and outside radii of 
0.755/2 and 1.99/2 in., the ratio a/b = 2.64 would have values for 
K, and K of 0.714 and 1.74, respectively. Calculations of de- 
flections using these equations are given in Table 1, column 1. 

If the deflections are no longer small in comparison to the thick- 
ness, the analysis of problems of this nature must be extended to 
include the strain of the middle plane of the spring plate. In this 
ease the exact theory is quite complicated, and the deflection is 
no longer proportional to the load applied. 

The exact solutions by the theory of elasticity for the deflections 
and stresses of dished-plate (Belleville) springs are extremely dif- 
ficult.6 However, based upon the assumption of rotation of the 
radial cross sections without distortion, approximate solutions 
were derived by Almen and Laszlo.*. These investigators re- 
ported tests which indicated that the assumption was satisfactory 
for practical use. The final results of the derivations were 


P (h 
M(1 — p*)a*® 
Ew 
c 


Ew ( 
S; = = 
)a? 


where the nomenclature is as follows: 


load applied uniformly around inner and outer edges of 
dished-plate (Belleville) spring 


conical angle : 

vertical deflection of spring. = 
outside radius of spring ’ 
inside radius of spring 
Young’s modulus 
Poisson's ratio 
tangential stress at upper inner edge of spring 
tangential stress at lower inner edge of spring 


etna 


M, C,, and C; are functions of ratio a = a/b as follows 


‘Stresses and Deflections in Flat Circular Plates With Central 
Holes,” by A. M. Wahl and G. Lobo, Jr., Trans. ASME, vol. 52, 
paper APM-52-3, 1930. 

* Reference 3, p. 475. 

*“The Uniform-Section Disk Spring,”’ by J. O. Almen and A 
Laszlo, Trans. ASME, vol. 58, 1936, pp. 305-314. 


CHARACTERISTICS OF DISHED-PLATE (BELLEVILLE) SPRINGS 
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Studying Almen and Laszlo's load-deflection formula, Equation 
[3], it is observed that when the deflection and conical height 
are smal! in comparison with the thickness, the “.rxt term in the 
bracket is not large, and if it is neglected, F«juatio: [3] becomes 
Fwt® 


P 7] 


Mal 
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are listed in Table 2 for cone height h = 0, 0.11, and 0.2t, and the 
deflection w is varied for 0 to 0.201, where {is the plate thickness. 


i.e., deflection is directly proportional to the load. 


The values of the first term in Equation [3], (A — w) (: 


TABLE 2 VALUES OF (A 

0 0.05¢ 
0 0 0012507 
0.010 0.003750" 
h = 0.2 0 04 O 


~ w)(h — w/2) 
0.10¢ 0 1% 
0 0. O1L25¢ 
0 0 OO125 
0 Ose 


As shown by Table 2, the error due to neglecting the first term 
is a maximum of only 4 per cent when the deflection is minimum 
and the conical] height is 20 per cent of the thickness. The varia- 
tion from linearity is less for the case with h = 0.1f than in the 
other cases. Calculations of deflections using the approximate 
Equation [7] are given in the summary Table 1, column 2. 

Another approximate method of analysis may be applied.’ 
Considering the spring as a circular ring twisted by couples uni- 
formly distributed along its center line, and neglecting the effect 
of the change in the angle 8, the following formula may be ob- 
tained 
wEb e a + 

(a — 12(a — b) b 


a b 


where P, t, w, E, a, b, and B are as defined previously. For large 
deflections, the angle 8 changes and the approximation becomes 
less valid. A summary of values obtained by these equations is 
given in Table 1, column 3. 


Description or Sprinos Tesrep 


Approximately flat dished-plate (Belleville) springs were used 
in the recording tensiometer described herein. The deflection of 


7 “Strength of Materials,"’ by 8. Timoshenko, D. Van Nostrand 
Company, Inc., New York, N. Y., second edition, vol. 2, 1941, pp. 
177-183. 


Thick- cone Poisson's Almen and Cireular- Ratio esieu- 
load, ness, No. in height, flat-disk Laszlo ning slags lated to test 
t, i Ne Ib in stack in. formula formula formula Stack spring col. 2/cal. 4 
5000 0.1674 9 0.0270 0.04554 0439 0.0468 0.040 0 00444 1.10 
2 6000 0.1865 9 0 03225 0 0330 0.0313 0.0338 0.030 0 00333 1.04 
3 9000 0.21875 7 0.03125 0.0159 0.0150 0.01643 0.0147 0 00210 1.02 
- 12000 0.250 7 0.03125 0.0107 0.0101 0.01103 0.010 0 00143 1.01 ee 
4 5 16000 0.281 7 0.03125 0 00750 0.0073 0.00779 0 008 0 OO114 0.91 E bee as 
x 
0 
w 
2 
‘ 
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each spring Was kept within */, of the limiting cone height to ob- 
tain an approximately linear load-deflection relation. The 
*prings were stacked in 4 series of seven or nine, in the manner 
shown in Fig. 4, to enlarge the deflection recorded by the stylus 
on the moving film, Tensiometers with five different load capaci- 
ties were constructed. The springs used had the same inside and 
outside diameters, and the thickness of the springs was varied to 
obtain increasing capacities, 
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A working drawing of the dished-plate (Belleville) springs is 
shown in Fig. 5, with the general dimensions and notes on the | 
method of machining and finishing, materials and heat-treatment. 
Table 3 in Fig. 5 shows the five different spring thicknesses tested, 
with the individual cone heights and total spring heights. Springs 
Nos. | and 2 were nested in a series of nine, and springs Nos. 3, 4, : 
and 5 in a series of seven. 

Each dished-plate spring was compressed to a flat position — 
several times in a press before it was assembled to assure its free- 
dom from cracks and to obtain mechanical stability. 
mum calculated stresses under such conditions usually exceeded 
300,000 psi, but only in cases of poor heat-treatment did failure 
occur in the pressing. After this procedure was initiated, there 
were few spring failures in the instruments. 


Resuvts or Tests 


\ number of loading tests were made with each of the five _ 
spring stacks in tensile-testing machines. As the loads were ap- 
plied, usually in 1000-Ib increments, the tensiometer recording 
film was moved a short distance by the clock motor. Fig. 6 is an 
enlargement of a typical record. The amplitudes of displacement 
were measured on a film reader or with a toolmaker’s microscope. 
In Fig. 7 is plotted the load-deflection calibration chart for « 
typical stack of springs, specifically, stack No. 3, consisting of 
seven springs 
load-deflection curve for a large number of tests, 
representative points plotted and extreme limiting lines shown. 

The initial slope of the curve is assumed to determine the spring 
constant of the stack per 1000 lb load, and thus the equivalent 
constant for each spring. The friction of the stack is limited to 
the upper and lower springs. The deflection during the increasing 
load is always less than the decreasing load, although the slopes 
are usually the same after the first reduction in load has been 
applied. Calibration for the increasing load is favored in thes 
curves because of its importance in establishing maximum forces. 
The deviation from the average is not more than plus or minus 5 
per cent for different stacks of the same thickness. This error in- 
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assembly of the stacks, nonuniformity of springs, oecasional fric- 
tion on the center post, and inaccuracies in the testing machines. 
A summary of the load-deflection charts for the individual 
dished-plate springs is given in Fig. 8. The maximum test loads 
deflected the springs to about two thirds the cone height. The 
limit of linearity was observed to be approximately one half the 
cone height. In Fig. 9, a chart compares the deflection constant 
in inches per 1000 Ib of load, as determined from the previous 
graph, with the inverse cube of the individual spring thickness. A 
straight line reflects this relationship with considerable accuracy. 


COMPARISON OF CALCULATIONS AND TrestTs 


A tabulation of the caleulated deflections of the spring stacks 


DISHED-PLATE (BELLEVILLE 


SPRINGS 


per 1000 Ib of load by the three methods outlined in the discussion 
is presented in Table 1, with the results of each calculation given 
in their respective columns. The test measurements are listed in 
column 4. The theory as developed by Almen and Laszlo‘ is con- 
sidered to be the most accurate, and a comparison of their 
equation with test is indicated in the ratio of the calculated 
constant to the test constant as given in column 6. The inter- 
mediate column 5 lists the test deflection per 1000 Ib of load for the 
single springs. 

The calculations by Almen and Laszlo were 10 per cent higher 
for the spring with the least thickness and 9 per cent under for 
the thickest spring. The calculation average for the series of 
springs is less than 2 per cent over the test values. According to 
Almen and Laszlo, and Wahl,’ the deviation of test from caleu- 
lated values for springs of this kind may be up to 10 per cent. 
This error appears to be large, but is made up of a number of 
factors, each of which may be large in itself. The equations are 
satisfactory as a guide in design. After the plate springs are as- 
sembled and held with initial tension, repetition of the calibration 
tests in the tensiometer have shown no appreciable deviation. 

Coniparison of Poisson's flat-disk formula and the circular-ring 
formula with test results indicate slightly higher calculated 
values, the average ratio of calculated to test constants being 1.07 
and 1.10, respectively. Thus the flat-disk formulas and the tables 
Timoshenko,*’ by reason of their simplified ap- 
proach and availability, are usually adequate for the solution of 
enginecring design problems. 


presented by 8. 


RECOMMENDATIONS FOR APPLICATIONS 


Dished-plate (Belleville) springs have a number of advantages 
in their use. They carry high loads in a small space. By stacking 
in series, large deflections may be obtained. In their displace- 
ment, they offer very little friction. In comparison with springs 
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of a similar nature, such as tapered conical springs, built-up 
springs having internal and external circular inserts, and conical 
friction springs, they are the cheapest to manufacture and the 
simplest to maintain. In primer-insert reciprocating presses for 
the manufacture of .30 caliber ammunition, a pressing and stamp- 
ing operation, they have exhibited an exceptionally long fatigue 
life. They are recommended for heavy-duty work. 

The greatest use of dished-plate springs has been in instrument 
applications. A sample record of an impact test as recorded by 
the tensiometer is shown in Fig. 10. Success in a service that 
may be calibrated accurately should make their usefulness in 
other applications more assured. 


SUMMARY 


The microscopic measurement of the deflections of dished-plate 
(Belleville) springs under load was made possible by the applica- 
tion in recording tensiometers. The theoretical calculations of 
the deflections of these initially coned, annular-disk springs of 
uniform cross section have been investigated by three different 
methods, and the test results have indicated a reasonable simi- 
larity. It is believed the simplicity of calculation and construc- 
tion of these springs should encourage their application in other 

machine elements. 
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Discussion 


A. M. Waunt.* One problem which frequently confronts the 
spring designer is the choice of allowable working stress, since, in 
general, it is advantageous to use as high a stress value as per- 
missible consistent with safety. The data given in Table | of the 
paper would seem to indicate that for the tensiometer application 
described, stresses as high as 300,000 to 350,000 psi (calculated 
from elastic flat-plate theory, Equation (2] of the paper) may be 
used at maximum working loads for this material (NE9442). 
Westingh R 
ASME. 


* Advisory Engineer, h Laboratories, East 


Pittsburgh, Pa. Mem. 


also should be noted that a presetting operation (consisting of 

mpressing the springs flat several times) was utilized for these 
springs; residual stresses induced by this presetting operation 

uld of course result in a more favorable stress distribution 
under load 

Recently a “Manual on Design and Manufacture of Coned Disk 

rings or Belleville Springs’ was published by the Society of 

itomotive Engineers.’ In this manual, prepared by a sub- 
mmittee under the direction of the SAE Technical Board Spring 
mmittee, several methods of design including the Almen-Laszio 

d elastic flat-plate methods were discussed. It also was sug- 

sted that where Belleville springs are statically loaded and 

» approximately flat when loaded, the following nominal stress 

rmula may be used as an index of load-carrying ability 

? 
rt e 
where P = load applied at edges and ¢ = spring thickness. 

This nominal stress S, is obtained simply by dividing the ex- 
ternal bending moment acting across a diametral section of the 
spring by the section modulus.’ This formula is considered to 
give a better index of the load-carrying ability of the spring 
without excessive set than the elastic flat-plate formula (Equation 
[2] of the paper) or the Almen-Laszlo formula (Equation [4]), both 
of which refer to rather localized stresses at the inside edge of the 
spring.'' Using the data given in Table 1 of the paper, nominal 
stresses were calculated at the maximum loads given using 
Equation [9] of this discussion. These nominal stresses varied 
from 165,000 to 193,000 psi. Compared to the values of 300,000 
to 350,000 psi, calculated from the elastic-plate theory, these 
values are more realistic when considering that the yield point of 
the material is about 180,000 psi for an alloy steel of the hardness 
utilized in the author's springs. 

Incidentally, it should be noted that the use of the elastic-plate 
formula (Equation [2] of the paper) will yield approximate values 
for the stress “range” at the inner edge of the spring, where 
fatigue or repeated loading is involved, and assuming that the 
load range is taken equal to P in the formula. Test data’? in- 
dicate that for a stress range of 273,000 psi, the life of a Belleville 
spring made of alloy steel heat-treated to 45-46 Rockwell C, 
will be between 50,000 and 100,000 cycles, based upon tests of 
nine springs; where the stress range is 364,000 psi, the life drops 
to between 15,000 and 38,000 cycles, based on tests of 47 
springs. ° 

These stress ranges are maximum values figured at the upper 
inner edge of the spring using the Almen-Laszlo formula (Equation 
[4]of the paper). The writer would be interested to know whether 
the author has obtained any data on expected spring life for re- 
peated loading during the course of his investigation. 


Autuor’s CLosuRE 


The discussion of stresses in dished-plate (Belleville) springs 
presented by Dr. Wahl and the reference to the “Manual on 
Design and Manufacture of Coned Disk Springs or Belleville 
Springs,” of which he was one of the principal authors, calls at- 
tention to comprehensive design information available on this 
subject. 

Several years ago, when the present work was carried out, it 
could only be assumed that the high maximum stresses were not 


* Publication SP-63, available from SAE Special Publications De- 
partment, 29 West 39th Street, New York 18, N.Y. 

1° See reference 2 of author's paper for further details concerning 
derivation of this equation. 

1! See discussion of reference 9 (p. 30) of this discussion for further 
justification of the writer's Equation (9 |. 

‘* Reference 9, p. 44. 
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as detrimental to the operation of the springs as was indicated. 
Application of these springs to many machines has been retarded 
by this uncertainty. The “Manual” referred to is extremely 
valuable for its complete analysis of deflections and stresses, 
allowing the application of the data with assurance. 

Stress calculations by the nominal stress method referred to are 
particularly intriguing. 
to obtain practical design solutions. 

The question of the 


This method allows a common approach 


hor’s experience with these springs 


OF THE 


under repeated loading can only be answered by the statement 
that they have been used in stacks in punch-press tools for exert- 
ing heavy loads with moderate deflection. 
loaded many months on three shifts at high speed without ex- 
cessive failure. No data as to load or displacement could be 
obtained. Test results of this kind would be very valuable. 

It is believed that the dissemination of this information may 
aid in calling attention to the use of these springs in the design of 
machine elements 


They have been 
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procedures. 
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By PF. 


A thorough study of the “neg’ator,” its present and pre- 
dictable applications and design procedures are discussed 
in the light of two years’ experience in neg ator develop- 
ment, research, and testing. The neg'ator is characterized 
by properties which permit it to exert constant or con- 
trolled varying force through theoretically infinite deflec- 
tion. Design formulas and operation of the three major 
forms of the neg’ator, (1) extension member, (2) A-motor, 
and (3) B-motor, are discussed and illustrated. The major 
existing applications of the neg'ator are examined in 
terms of form, function, field, and type of mechanism 
and are illustrated by several representative designs. 
bes, 


NOMENCLATURE 
e following nomenclature is used in the paper: 


modulus of elasticity, psi; carbon spring steel = 30 & 10%, 
stainless = 28 « 10° 

deflection, in. 

length of neg’ ator, in 

number of revolutions, coils on output bushing 

torque, lb-in. 

work, ft-lb 
= over-all length 

over-all width 

over-all height 

width of neg’ator material, in. 

R,, 

stress factor 

thickness of neg’ator material, in. 

minimum natural radius of curvature, in. 

maximum natural radius of curvature, in. 

expanded radius of curvature of neg’ator due to material 

build-up, in 

radius of storage bushing, in. 

radius of output bushing, in. 

radius of output bushing plus neg’ator build-up, in. 

inside diameter of freely coiled neg’ator 

outside diameter of freely coiled neg’ ator 

fatigue life, cycles 


INTRODUCTION 


Within the last 2 years, experience gained through the develop- 
ment of the neg’ator permits a complete study of neg’ator charac- 
teristics, applications—both present and predictable—and design 
The solution of a variety of application problems has 
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necussitated an integrated program o! research and testing which 
in turn has increased the data available for the design of neg’ ators. 
Since the neg’ator is capabe of exerting constant or Ih 
varying force through extreme deflections, its characteristics are 
radically different from those of conventional spring members. 

The characteristics of the neg’ator are first discussed and its 
distinguishing physical and functional properties compared with 
conventional spiral and extension springs. Design formulas and 
operation of the three major forms of the neg’ator, (1) extension 
member, (2) A-motor, and (3) B-motor, are discussed and illus- 
trated, 

Some of the more important existing applications of the 
neg’ator are examined in terms of form, function, field of applica- 
tion, and type of mechanism and are illustrated by representative 
designs. Additional applications now being evolved through 
further experience with the neg’ator are also included. 

The most common requirements which affect the design of all 
spring members are force (or torque), deflection (or revolutions), 
space considerations, and fatigue life. Complete design proce- 
dures, based on these application requirements, are given. Tabu- 
lar and graphical data on the relation of fatigue and stress, dimen- 
sions, gradient, force, and deflection, and treatment of other 
appropriate factors such as spring materials and mounting 
methods cover the steps of neg’ator design evolving from initial 
requirements. 


CHARACTERISTICS 


The neg’ator is a strip of flat spring material which has been 
given a curvature by continuous heavy forming so that in its re- 
laxed or unstressed condition the neg’ator is in the form of a 
tightly wound spiral. In Fig. 1 (a) the neg’ator is in its relaxed 
position and no part of the coiled spring stock is stressed by ex- 
ternal causes, The outer end of the neg’ator in Fig. 1(b) has been 
extended by a force P, and the neg’ator, mounted for free rota- 
tion, has been partly uncoiled. 


Fie. 1 


The force P at any extension is determined only by the work re- 
quired to straighten the material in zone X from its coiled con- 
dition. Force P in Fig. 1(6) will then remain constant with ex- 
tension as long as each incremental length of neg’ator has an 
equal increase in stress as it is straightened. This condition repre- 
sents a neg’ator having a zero gradient. The material in zone L 
has been put under stress, and energy stored in it is proportional to 
the length of straightened material. The incremental stress in- 
crease occurring in zone X can be varied, and a negative. positive, 
or changing gradient obtained. 
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TRANSACTIONS OF THE ASME 


Neo’ator Comparep Wirn ano Extension 


SPRINGS 


As an aid in visualizing the unique characteristics of the 
neg’ator and in evaluating its usefulness as a spring member, the 
engineer will find a comparison of the neg’ator with a representa- 
tive spiral spring and extension spring helpful. Table 1 gives 
eleven characteristics which differentiate a zero-gradient neg’ ator 
from a spiral spring, the most nearly similar conventional spring 
type. 


TABLE da CHARACTERISTICS DIFFERENTI Are ZERO- 


ADIENT NEG’'ATOR FROM SPIRAL SPRING 


Conventional spiral spring 


Cumulative stress limita possible 


Force equals that required at one 
int only. ixcessive or insuf- 
cient force at all other points. 

End of spring is anchored for 

winding. 

§ iral spring is normally open to 
low for winding. 


Charged by winding to a tight 

spiral. 
oree increases as 
windin. rog 

Force E.fivered (1) (1) “angularly; or 
(2) by ry - of auxihary member 

such as a drum, when it is de- 


livered tange ntiall 

Spring is yo a unit by 
winding. 

Working range is open spiral to 
tight wound. 


developed 


Space required for expansion when 
unwounc 
Substantial losses due to intercoil 


Neg'ator (zero gradient) 


Noneumulative stress does 
not limit deflection. 
Force constant 


by uncoiling outer 
foree at 


linearly from 
center of coil to extended end 
of spring. 


Spring is stressed sequen- 
tially by increments 
Working range from tight 
spiral to straight or even re- 
verse coiled 

Space required for 
spiral only 

intercoil friction. 


tight 


friction during winding and un- 
winding 


Characteristics 1 and 2 represent the most important dif- 
ferences in operation. Primarily, because stress is noncumula- 
tive, a change in deflection of the neg’ator does not affect the 
stress of the material. Then too, the force delivered by the 
neg’ator does not depend upon deflection. The other characteris- 
ties concern differences in anchoring methods, unstressed con- 
dition, method of charging, force development and delivery, 
stress, working range, space, and intercoil friction. 


MAY, 1952 


The curves in Fig. 2 give a graphical comparison of the force- _ 


deflection characteristics of the neg’ator and a conventional spiral _ ? 
spring with auxiliary members required to convert its natural 


torque to lineal force. Both the neg’ator and the spiral spring are 
made from the same material, with identical dimensions and 
fatigue life, and both are designed for a 70-in. deflection. Through 
this deflection the force delivered by the spiral spring increases 
from zero to 1.25 Ib. 
the neg'ator increases from 0.465 |b at initial deflection to 0.568 Ib 
at 70-in. deflection. The gradient of the spiral spring is 0.018 Ib 
per in., 
approximately '/;, that of s, comparable spiral spring. 

The most common elastic member which exerts lineal force 
directly is the simple extension spring. Although the neg’ator and 
extension spring are not similar in appearance, they are com- 


parable as single-unit spring members which exert a lineal force | 


when deflected from their relaxed position. 


For the same extension, the force output of 


while the gradient of the neg’ator is 0.00147 lb per in. or ce 


The curves in Fig. 3 represent the force-deflection characteris-_ 


tics of a neg’ator with a minimum gradient and an extension — 


spring which has been designed to have the lowest possible posi- _ 
tive gradient and to occupy the same linear space as the neg’ator. _ 


The extension spring has been designed with an initial tension of | 


1 Ib, and the neg’ ator has been designed for an initial force of 1 Ib. 
Both the neg’ator and the extension spring are deflected 10 in. 
(the limit for the conventional spring). Through this 10-in. de-— 
flection the neg’ator force increases from 1 Ib to 1.004 lb, which | 
means that the neg’ator has a positive gradient of 0.0004 lb per 
in. In the same deflection range, a comparable extension spring 
increases in force from 1 lb to 6.4 lb, a constant positive 
gradient of 0.540 lb per in. In this comparison the extension 
spring has a positive gradient which is 1350 times that of the 
neg’ator. 


FORCE VS DEFLECTION 
COMPARABLE NEG'ATOR & EXTENSION SPRING 


EXTENSION SPRING 
O72" MUSIC WIRE 
INFINITE FATIGUE (IFE 
MINIMUM GRADIENT 


FORCE VS DEFLECTION 


OUTSIOE 1.475" 
FREE LENGTH « 3.292" 
INITIAL TENSION * | POUND 


COMPARABLE NEGATOR AND SPIRAL SPRING 


MATERIAL 010% 5 SAE 1095 STEEL 
ROCKWELL CSO, MAK® 150,000 PS! 
DEFLECTION 70" 


EXTENSION SPRING 


0092 SAE 1095 
BLUE TEMPERED spring STL 
ROCKWELL CSO" 


30 40 
OEFLECTION — INCHES 


Fie, 2 
SPrraL SPRING 


(Each designed for 70 in. deflection and same cuteriel. 0. eee X in. 0.5 in. 
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1095 steel; Rockwell 50 nen @ 0 psi.) 


Force Versus Nes’ ATOR AND 


FORCE - POUNDS 


INFINITE FATIGUE LIFE 
BUSHING 2.00" 


wEG'aTOR 


6 
DEFLECTION INCHES 
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Tuwory Forms or Nec’ ator 


The three major forms of the neg’ator, which will be discussed 
here, are (1) extension member, (2) A-motor, and (3) B-motor. 
Two other forms, the neg’ator clamp and the neg’ator clip, will not 
be discussed since their design and function are quite fundamental 
and are corollary to the basic neg’ ator. 

Fig. 4 shows the basic neg’ator used as an extension member. 
The material has been formed in manufacture so that each incre- 
mental length of neg’ator has an inherent natural radius of curva- 
ture R,. Actually, only the inside coil of the relaxed neg’ator on 
the right has its natural curvature; the radii of succeeding coils are 
greater due to some expansion as the material coils upon itself. 


On the left in Fig. 4 the neg’ator has been mounted upon a 
freely rotatable bushing of radius 2, and has been partially de- 
flected. Assuming that the radius R: of the mounting bushing is 
equal to R,, and that the build-up effect is negligible, the instan- 
taneous force output of the neg’ator is given by the expression 


where P is the force in pounds delivered by the neg’ator, b is stock 
width in inches, ¢ is stock thickness in inches, and E is the modulus 
of elasticity of the material. Since the neg’ator material may be 
considered as a thin flat plate, the effect of Poisson’s ratio must be 
incorporated in this formula for a more exact expression. The 
transverse stress in the material causes a curvature to take place 
across the width of the material, which produces a slight reduction 
in force output. Correcting Equation [1] for the effect of Pois- 
son’s ratio, we obtain 


Ebt* Ebt® 


P= 91 = ] 
24R,? aye 26.4R,? 


If R,, the radius of curvature of the material, remains constant, 
and if the effect of build-up of succeeding coils is neglected, the 
force P will remain constant. 

The change in curvature from R, to infinite radius (material 
pulled out straight) occurs through the short zone X, and, since 
force P depends only on the work required to deflect the material 
through zone X from the radius of the outer coil, Equation [2] is 
not correct when the radius of the outer coil exceeds R,. Since 
the material in these outer coils has already been partially 
straightened by expansion, less work is required to straighten the 
material through zone X completely. Both Poisson’s ratio and 
coil expansion, produced either by material build-up or a mounting 
spindle radius greater than F, are contained in the expression 


26.4 LR,? R, 

For a spring material of given width and thickness, force P de- 
pends only upon the inherent neg’ator radius R, and the radius 
R, of the outer coil. Unless there are a large number of coils 
mounted on the spindle, the effect of material build-up is negligi- 
ble. 

The effect of pre-expansion of the neg’ator material is shown in 
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Fig. 5 where the ratio of R,/R, is plotted against the ratio of P; 
(force at expanded radius R,) to P, (force at natural radius R,). 
From this curve it can be seen that for a small increase in radius 
over R, there will be a very small decrease in foree. When the 
neg’ator is used as an extension member, it is not necessary to 
have a spindle radius greater than 20 per cent more than R,. 
While the expansion effect is usually negligible in the design of 
extension neg’ators, it will be shown that it is quite useful in the 
design of A-motor and B-motor forms of the neg’ator. 


EFFECT OF COLL EXPANSION ON NEGATOR FORCE OUTPUT 


FORCE OUTPUT, OUTER CON STRAIGHTENED FROM RADIUS 
PaeFORCE OUTPUT, CON STRAIGHTENED FROM INHERENT RADIUS Re 


Fie. 5 Errect or Cou Expansion on Neo'ator Force Ourrut 


(P; = force output, outer coil straightened from radius Ri. Pa = force oute 
put, coil straightened from inherent radius Ra.) | aus. 


we! 


STORAGE BUSHING 


OUTPUT BUSHING 


Fig. 6 shows a partially wound neg’ator A-motor. The energy 
stored by the neg’ator is delivered by a counterclockwise torque 
T about the axis of the outer bushing. This torque is delivered as 
the neg’ator material runs from the large output bushing to the 
small storage bushing. The radius of the storage bushing is indi- 
cated as R,, in Fig. 6. 

The action of the A-motor can best be understood by referring 
to Fig. 7 where the neg’ ator is assumed to consist of two extension 
members mounted, respectively, on the storage and output bush- 
ings. The spring material coiling on the storage bushing is shown 
in Fig. 7(a) where the force P, tends to coil the neg’ator around 
the bushing of radius R,. Similarly, in Fig. 7(b) the neg’ator 
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(c) A= MOTOR MAXIMUM STRESS 


ZERO STRESS 


INTERMEDIATE STRESS / 
hic. Nea'ator A-Moror Operation 
mounted on the output bushing of radius Ry has a retracting 
force Py. If the hypothetical extension members in Figs. 7(@) and 
(6) are one and the same, the retracting force P,, will exceed P; be- 
cause the neg’ator is relaxed completely on the bushing with 
radius R, and expanded on the larger bushing of radius R,. By 
combining the conditions shown in Figs. 7 (a) and (b), we have 
the condition shown in Fig. 7(c) where the resultant force P,, — P,; 
tends to transfer the neg’ator from the output bushing to the 
storage bushing. 

The resultant torque 7’ produced at the output bushing of the 
A-motor is given by the expression 


T = Ib-in. {4) 
24 — 


In this equation no correction has been made for transverse 
crowning in the straightened section between bushings because no 
crowning is present when the material is either on the output 
bushing or on the storage bushing. Torque output is proportional 
to the output bushing radius 2, and is slightly reduced by build-up 
of material as the neg’ator coils from the output to the storage 
bushing. In the A-motor the neg’ator material is fully stressed asx 
it passes from the storage bushing to the straight portion and 
then reduced in stress as it goes from the straightened portion to 
the output bushing radius) Thus, as the neg’ator material de- 
flects from the output bushing to the storage bushing, it is going 
from an intermediate stress through maximum stress and then 
down to zero stress in its relaxed position on the storage bushing. 

In appearance the B-motor in Fig. 8 is similar to the A-motor 
except that the neg’ator has been back-bent around the output 
bushing so that it is coiled opposite to its inherent curvature. 
Like the A-motor, the B-motor is charged by winding the 
neg'ator onto the output bushing and delivers a counterclockwise 
torque 7 as the neg’ator runs onto the storage bushing. In the 
B-motor the neg’ator material goes from maximum stress on the 
output bushing through an intermediate stress in the straight por- 
tion to zero stress on the storage bushing. 
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STORAGE BUSHING 
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| MEGATOR B-MOTOR TORQUE AND STRESS AS A FUNCTION OF A,/n, 
OUTPUT BUSHING RADWS T 
HERENT HEG'ATOR CURVATURE 


OUTPUT BUSHING 


30 
RELATIVE TORQUE OR STRESS 


1.9 Neo'ator B-Movror Torque «np Stress asa Function oF 


Rs /R, 


(Ry = drive bushing radius; = inherent neg ator curvature.) 


The resultant torque 7’ of the B-motor is given by the expres- 
= 


As in the A-motor, no correction has been made for transverse 
crowning. The torque output is proportional to the radius R, of 
the output bushing. The curves in Fig. 9 show how stress and 
torque output vary as the ratio R,/R, increases. The neg’ator 
in the form of a B-motor makes maximum utilization of the 
material because it is used at maximum stress and stored at zero 
stress. 


Neo’ avor ApPLications 


The major fields in which the neg’ator is already being used in- 
clude machine tools, instruments, appliances, timers and time- _ 
pieces, electrical machinery, electronic controls, ordnance, air- 
eraft, chemical-processing equipment, cameras, optical equip- 
ment, builder's hardware, lighting fixtures, and business ma- : 


— 
———Pn-Py 
| fle a> c 
| | 
{ ‘ 
| | | 
| 
| 
= 
I, 
- 
| 
| 
| 
} 


Power feed 


chines. The extension member and the B-motor comprise over 90 
per cent of present neg’ator applications. 

The principal uses of the neg’ator as an extension member and 
as a B-motor are given in Table 2. The B-motor uses are gen- 
erally those in which the output is desired as torque rather than 
linear force, and the energy is stored (by winding) for controlled 
release. Often, however, the B-motor is fitted with a drum and 


cable to deliver linear force. The choice—extension member or 


B-motor—is governed by the combination of load and deflection 
requirements and space limitations. 


TABLE 2 MAJOR APPLICATIONS OF vias ATOR-EXTENSION 
ME 


MBER AND B-MOTO 
Funetion of neg’ ator Type of mechaniem 


Exrension Memper 


Motor-brush bolder 


Electric motors and 
Vacuum cleaner 
Hand power tool 
Vacuum-tube machine 
Stapler 
Machine tool 
Vending machine 
Sash balance 
Oven door 
Movable lighting fixture 
High-pressure lubricating equipment 
Sewing machine 
Rocket 
Slide projector 
Gasoline pump 
Typewriter 
Spring coiler 
Rotating-beam fatigue tester 
Cash register 
Refrigerator door 
Machine tool 


B-Moror 


Automatic camera 
Movie camera 
Magnetic recorder 
Cloe 
Gyroscope 
Phonograph 
Slide projector 
Cam 
Generator 
Timer 

.. Tape rule 
Cord reel 
Seam welder 
Liquid-level indicator 
Door closer 
Ground cable retractor (aircraft) 
Plastic extruding press 


Movable lighting fixture 
X-ray machine 

Liquid-level indicator 
Door on analytical balance 
Venetian blinds 


Counterbalance 


The motor-brush assembly in Fig 10 is one of several designs 
using a neg’ator extension member to press a carbon brush on a 
commutator with a force that remains constant as the brush 
wears. It replaces a conventional positive gradient torsion spring 

assembly, and reduces both commutator wear (resulting from too 

much force on a new brush) and brush commutator arcing (due to 
poor contact produced by insufficient force on a well-worn brush) 
In addition, the low mass of the neg’ator assembly results in 
shorter excursions of the brush off the commutator and, therefore, 
improved commutation. 

Like the motor-brush spring, the television-tube lift mechanism 
in Fig. 11 requires a constant force independent of deflection. 
The force at the extended position (where the glass tip is sealed 
off) must not be excessive, yet the force at the retracted position 

must be sufficient to overcome the weight of the television tube 
and holder to insure full upward travel. 

From Table 2 it is evident that the B-motor form of the 
neg’ator is frequently used as a drive mechanism or prime mover. 
In the devices listed, the B-motor has usually replaced a con- 
ventional power spring motor because it is characterized by con- 
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stant torque output through more revolutions and lower gear 
ratios. The curves in Fig. 12 compare the torque output of a 
power spring motor and a B-motor using the same volume of 
spring stock. Both motors are designed to drive a movie camera 
requiring a torque of 2.3 lb-in. Energy in zone 3 is the only por- 
tion of the total available energy of the power-spring motor that is 
actually used to drive the camera. In zone | the torque de- 
livered is insufficient, and the energy is wasted; energy in zone 2 
released at excessive torque must be dissipated by a governor. 
With total energy in zones 3 and 4 the same as the power-spring 
motor, the neg’ator 15-motor used all available energy to drive the 
camera through more revolutions at constant torque. 

The B-motor through a planetary drive system retracts a 50-ft 
steel tape in Fig. 13. The planet gear on the neg’ator bushing at 
the right engages the sun gear fixed to the center of the housing, 
and the B-motor drives itself and the tape-drum assembly, Be- 
cause the load on the drive system increases with extension of the 
tape, a slightly positive gradient B-motor was specified. 

Two B-motors counterbalance the movable fluorescent lighting 
fixture in Fig. 14. The fixture is supported by two cables from 
each B-motor which are wound on drums integral with the output 
bushings. Because the zero gradient B-motors exert the same 
linear retracting force at any deflection of the cable, the lighting 
fixture can be lowered for cleaning and servicing. 

A wider range of gradients can be obtained with the A-motor. 
Therefore the A-motor form of neg’ator has been specified in 
many instrumentation applications where power output is less 
important than a controlled torque-deflection characteristic 
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© | TORGUE V8 REVOLUTIONS baw ou | other than zero. In Fig. 15 the neg’ator A-motor is used as an 

MEGATOR MOTOR | expanded scale in which the spring material is stored on two 
prose wane, bushings of equal radius. Calibration is printed directly on the 
Sek Ss oe neg ator surface. The absence of torque on the metering system, 


} SS ee due to balanced tension in the A-motor, provides greater sensi- 
tivity and hence improved accuracy. Space requirements of 
the A-motor expanded scale are Jess than other systems. 
TORQUE ATOUIRED 
OMVEN MECHANISM 
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3 ZONE 4 
REMAINING REVOLUTIONS 


fic. 12) Torque Versus B-Moror «np 
Power Spine 
7 (Required motor torque = 2.3 in-ib.) 


lic. 15 A-Moror Usep as Expanpep Scare 


Neao’ator Desicn 


Practical design procedures for the zero gradient neg’ator ex- | 
tension member, B-motor, and A-motor are based on formulas __ 
given in a previous section, Proper design of a particular neg’ator 
in any of these three forms considers, in addition, the relation of 
stress and life and certain physical limitations that have been de- 
termined both theoretically and empirically. 

Consideration which governs the choice of a neg’ator rather 
than a conventional spring form are as follows: (1) When deflec- 
tions more than 3 or 4 times the relaxed size are specified, use of 
the neg’ator is almost mandatory. (2) Constant or near constant 

Tep BY B-Motor force through long deflections is produced only by a neg’ator. 
Equations [3], [4], and [5] show that the force of each basic form 
of neg’ator depends upon thickness ¢, width 6, and natural radius 
R,. Fatigue life, proportional to stress increase occurring in zone 
X, depends upon thickness and curvature of the neg’ator material. 
For a given fatigue life, force is directly proportional to width 
alone. Only deflection can be varied independently. 

In manufacture, a neg'ator is uniformly prestressed so that the 
radius of curvature R, is uniform throughout its length and is 
stress-relieved while in its coiled condition. The natural radii 
of all coils, except the inside coil, are increased slightly by heat set. 
The curve in Fig. 16 shows the per cent increase in the radii of 
outer coils as the ratio of built-up diameter to the relaxed diameter 
of the inside coil increases. 

Increase in natural radii during stress-relieving and larger radii 
due to build-up result in a neg’ator that will have a slight positive 
gradient if mounted and used as stress-relieved. However, if the 
neg’ator is coiled in reverse, with the smallest coil on the outside, 
the values of stress increase in all coils tend to equalize and force 
is constant. In designing zero gradient neg’ators with large 
numbers of coils, where build-up and increase in natural radius 
after heat-treating cannot be neglected, the neg’ators are always 
mounted in reverse. 

14 Two B-Morons Couw;ransaiance Movanus Lecatine The curve in Fig. 17, obtained from actual fatigue tests on 
FPrxtTure neg’ators, gives the maximum allowable stress factor {/R, as a 
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thickness ¢, radius R, of bushing (storage bushing of motor forms), 
maximum radius R, of output bushing and built-up coils (motor 
forms). Design procedures based upon the three most common 
assumptions will be treated specifically; design computations 
affected by other factors are carried out in a similar manner. 

Definitions of all symbols used in the following design proce- 
dures are given in the nomenclature. 


Neo’ator ExTeENsION MEMBER 


In the design of a neg’ator extension member, it is rece 


mended that the ratio b/t of material width to thickness be be- 
tween 50 and 200. Neg'ators with proportions outside this range 
are difficult to handle and physically unstable. The radius R, of 
the mounting bushing is commonly specified as 15 per cent larger 
than the natural radius R,,. 

Design formulas for the neg’ator extension member in Table 3 
are separately given for a smal! number of coils and a large num- 
ber of coils (mounted reversed). Assuming that initial require- 
ments give load P, deflection F, number of cycles and material, 
the calculations for a neg’ator with a small number of coils will 
give thickness ¢, natural radius R,, width b, bushing radius R,, and 
length L. The maximum stress factor S, is selected on the curve 
in Fig. 17 from the specified operating cycles. Note that ¢ and b 
are designed to next largest nominal sizes. Thickness ¢ is obtained 
in standard sheet gages while nominal values of width b are in 

12 20 fractional dimensions. 

% INCREASE im Re Where there is no initial requirement on width b, the ratio b/t is 
assumed equal to 100. Substituting in Equation [1] in Table 3, ¢ 
is given by 


Fie. 16 Rapivus CHance or Ovrer Com Stress Rewer 
SAE 1095 steel, stress-relieved 475 F, 30 min.) 


function of number of operating cycles. The curve applies to the 
_ most common neg’ator material, blue-tempered spring steel, in 
- thicknesse ’s from 0.003 in. to 0.020 in. Stress factors obtained in which E and S, are known. The next highest nominal values 
_ from Fig. 17 are used in the design of neg’ator extension mem- of b and tare then used in Equation [2] to calculate R,. When R; 
bers, A-motors, and B-motors. is specified, the maximum thickness ¢ is first calculated as shown in 
There are normally at least three initial requirements, deter- Table 3, Note (b), and b determined in Equation [3]. In such 
- me by application, which are always assumed constant in cases the ratio b/t should be checked and if not between 50 and 
t 


neg'ator-design procedure. These are load or torque, deflection 200 adjustment of b, or ¢ is required. Length L of the neg’ator is 
or number of turns, and fatigue life. Other factors which are determined by Equation [5]. The nomograph in Fig. 18 may be 
used to approximate ¢, b, and R,,. 
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ENDURANCE LIMIT CURVE — NEG'ATOR 
1095 STEEL STRESS RANGE 
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3 NEG'ATOR EXTENSION 
MEMBER 


Requinements 


Material . 
E = 
10 coils or less 
26.4P 
= 
Ebt® 
26.4P 
26.4P 
BS) 
1I5R,=.. in. [14] = 
F + 10R; = ...in. [5] L = 


Over 10 coils 
26.4P 

Ebe 
26.4P 


Neo'aTorR SPECIFICATIONS 


Nores 
(a) Design 6 and ¢ to next larger nominal size. 
(6) When Ae is an initial requirement calculate ¢, 
Where Ra = 15, and = Ra Sy. 
(eo) Re and Rm in Equation [2] are +, upon next largest nominal! ¢. 


SMALL NUMBER OF CONS 
ber E+ 30 210% Ps: 
SAE 1095 STEEL, SPRING TEMPERED 
WCHES 2105 INCHES 
40: 


36° 


20+ 
18, 


Fie. 18 Nea'aror Destcn—Exrension MEMBER 


(Small number of coils, 6 = 1 in., B = 30 K 10 psi. SAE 1095 steel, 
spring-tempered.) 


In Table 3 the procedure for designing a zero-gradient exten- 
sion member with a large number of coils is also given. Maximum 
and minimum radii of curvature R, and R, must both be calcu- 


MAY, 


TABLE 4 NEG'ATOR DESIGN—ZERO-GRADIENT B-MOTOR 

T = Ib-in. b 

N=. .. revolutions 

Material. . Rs 

‘ si m 

S, 


10 revolutions or less 


EbS, 
+1) 


247 1 
1.15 Rk, = 


R 2 
+ | = 


Over 10 revolutions 


wr 
m 
\ EbS 
tm + 1) 

R+Nt=. 

1 

247 
Vener, 
R,, 
115 
115 Rk, = 


SPECIFICATIONS 


Material 


revolutions 
Ib-in 


Formulas and factors used in the design of the zero-gradient 


B-motor form of neg’ator are given in Table 4. Torque 7 in 


pound-inches, number of revolutions N, and fatigue life f are al- 


most always initially specified. For a small number of revolu- 
tions, Equations [1] through [5] give ¢, Rs, R,, Re, and L. — 
tion [6] is used to check previous calculations. To calculate ¢, _ 


is again assumed equal to 100 if not initially specified and S,isob- __ 7 "as 


in 
4 
n. 
> 
1.15 Rk, = in. 
= 
| +s (3) Ry = 
@ 
-.8 
y 
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| mon output bushing, provides more work capacity per unit vol- 
ume. Consideration must be given to the more rapid increase of 
R, which results in a somewhat positive gradient as in a B-motor 
Ler ial a ~. with a large number of revolutions. The formulas in Table 4 for a 

is large number of coils may be used to design each of the B-motors. 

. a , The table in Fig. 20 can be used to obtain approximate design 
values for the B-motor with a large number of revolutions, 

Design of the A-motor is based on Equation [4]; however, it is 

recommended that in actual design the A-motor be considered as 

two identical extension members mounted on bushings of dif- 

ferent radii. The same stress limitations as an extension member 
apply since the neg’ater operates in the same stress range. 


ConcLusion 


The neg'ator offers a means of obtaining a constant force or 
torque through extreme deflections without the use of auxiliary 
machine members and thus opens up an entirely new approach to 
a vast number of design problems. Although in the short span of 

. 2 years the neg’ator has been incorporated in many devices 
ss STORAGE - throughout unrelated fields, it is quite apparent that the future 
BUSHING OUTPUT will bring many more applications where the unique characteris- 
a BUSHING _ ties of the neg’ator can be employed advantageously. 

J. H. Biruses.? The constant load-deflection ratio of the 
conventional spring is a property which has met the requirements 
of the designer uniquely for many applications, such as in the 
Lo. : development of governors, weighing devices, and indicating in- 
In struments. There are many functions, however, calling for the 
use of springs where the designer finds the property cited nothing 
short of a nuisance. Examples are counterbalances, most spring 
motor devices, and al] constant-pressure applications. The 
neg’ator, with its nearly constant load-deflection characteristic, 
neatly fills a gap which previously existed in the satisfactory 
utilization of springs. 

Referring to Fig. 2 of the paper, it is unnecessary that the force 
curve for the spiral spring should run to zero. It is possible to 
design such a spring so that, in the most relaxed position allowed 
by the design, it will exert any desired portion of its maximum 
force. This principle is recognized by the author in Fig. 3 where 
he shows an initial force of 1 lb at zero deflection for the helical 
spring. 

It should be observed that the simplest application of the 
neg’ator, as an extension spring, involves the use of a bearing, 
whereas the conventional extension spring does not. With the 
present reliability and relatively low cost of small bearings this 
may not be a serious objection. However, the initial cost of the 
bearing and its maintenance are factors that may not be neg- 
lected. 
bs The author states that the endurance-limit curve of Fig. 17 
2. nc gives stress factors based upon experiments with both the A-motor 
— ‘Fic. 20 B-Moror Dimensions, Maxtwum Worx axp Constant nd B-motor. Presumably the B-motor applications, where the 

= Torque material is used in reversed bending, would require more con- 


Fic. 19 Neo’ator B-Mortor 


BASED ON BLUE TEMPERED SPRING 8TEEL, E =30 x 10" 
P.S.1. 


= servative design-stress values than the other applications de- 
tained in Fig. 17. When there are no initial space limitations, mis seribed. 
assumed equal to 2. 

_--- Caleulations for designing a B-motor with a large number of H. C. R. Cartson.* Undoubtedly, there are many applica- 
_ ~ revolutions are slightly more involved because more intermediate tions for these new springs in industry, and now that engineering 
computations are necessary. The final specification values are { designers have been given formulas for design, and practical ex- 

_ in Equation [1], Rs in Equation [2], R,, in Equation [4], R, in amples have been worked out, much time can be saved while 
_ Equation [5], R: in Equation [6], and L in Equation [8] of Table ~ 
i * Head, Department of Mechanical Engineering, Drexel Institute 
In Fig. 19 the multiple B- s, consisting of radially ar- of Technology, Philadelphia, Pa. Mem. ASME. 


Spring Consultant, The Carlson Company, New York, N. Y. 
— ranged storage bushings with the neg’ators connected to a com- Mem. ASME. 
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determining whether or not such springs might be suitable for 
new applications. 

It is hoped that more papers of this type will be written cover- 
ing this spring, particularly to include a comprehensive table 
showing the characteristics of a large number of such springs so 
that designers might be able to pick a standard spring from a 
The table accompanying Fig. 20 shows a few such springs 
but this table easily could be made more comprehensive and in- 
clude perhaps a hundred spring sizes. 

It might also be well to point ont that many designers are 
interested in knowing how special products are made, and per- 
haps it would have been interesting to state that these springs can 
be made on standard spring-coiling machines, available from 
several manufacturers, by using special feed rolls, special arbors, 
and special coiling points. It should be pointed out too that this 
spring and many applications are patented or in the process of hav- 
ing patents issued, and that only two spring-manufacturing com- 
panies have been licensed by the patent holder to manufacture 
these springs. 

Spring designers frequently have found that it is possible to 
use stresses as high as 225,000 psi on flat spiral power springs 
where the thickness of material is less than 0.040 in., and it might 
be advisable to point out whether or not such stresses can be 
used on these constant-force spring elements and still have a 
fairly long fatigue life. 

It is recommended that engineering designers become better 
acquainted with this type of constant-force spring as, undoubtedly 
it will be the answer to many design problems which heretofore 
have not been easily solved, except by using dead weights as 
counterweight devices. 


chart. 


H. W. Poo.e.* While we have had only limited experience 
in the application of this new element named the neg’ator, we 
have found that it meets a requirement not filled by any other 
known member, 

The paper is quite clear to us who are now reasonably ac- 
quainted with the neg’ator. However, it seems that its identi- 
fication as a spring still leaves, in the engineer's mind, the limita- 
tions which are usually associated with spring thinking. It would 
seem that the first requirement for proper conception and 
appreciation of the neg’ator is to divorce this mechanical element 
from the realm of the conventional spring. 

The neg’ator might better be considered, not as an elastic 
member or spring, but as the equivalent of an electric motor, 
hydraulie cylinder, or other work-delivering unit. 

If one had the problem of driving a winch to lift 100 Ib through 
10 ft doing 1000 ft-lb of work, power could be derived from a 
motor of any given torque if the proper gearing were provided. 
The problem simply would be to use torque and revolution values, 
the product of which would equal the total work or total energy 
required, Obviously, as revolutions are increased, the required 
torque is decreased—hence a smaller motor could be used. The 
actual selection would be controlled by the maximum economy, 
space and costwise, of the combined motor and gear mechanism. 

The neg’ator, providing as it does long deflection at constant 
force, is more nearly analogous to the motor than to a spring. 
Force or torque is developed, as in the case of the motor, by physi- 
cal size of the material which in turn determines the size of 
coil, deflection or revolutions being the other factor to determine 
the work. Since deflection is simply additional length of ma- 
terial, as in the case of the increased number of revolutions of 
the motor, the same reasoning results in specifying minimum 
force acting through the maximum distance. As distance is in- 


Research and Development, Minneapolis-Honeywell Regulator 
Company, Brown Instruments Division, Philadelphia, Pa. 


creased and foree reduced, the neg’ator becomes increasingly 
efficient in the space-work sense. 

This can be illustrated simply by assuming that it is required 
to perform 100 ft-lb of work at: 


(a) 100-lb force acting over 1 ft 


The neg’ator required in this case would be: 


Volume coiled, cu in... . 


(6) 10-Ib force acting over 10 ft 


The neg’ator required in this case would be: 


Material, in. 
Cell GA 
Length, in.... 

Weight, Ib. . 

Volume coiled, cu in 


0.0166 X I 
1 


The same amount of work would be accomplished by each 
neg’ ator. 

This same analogy applies when the neg’ator is used as a B- 
motor, in which case, a further means of obtaining mechanical 
advantage will be available by varying the radius of the output 
means whether it is cable, drive gear, or any other member. 
Since the optimum number of revolutions for maximum work at 
constant torque is in the neighborhood of 40 turns, as against 6 
to 10 turns of the common clock spring, it is obvious that torque | 
required with the proper modification of gear ratios is in the | 
order of '/, to '/;. It is practical by accepting a rather ae 
positive gallant of the motor to build motors delivering 60, 80, 
or even 100 turns. 

When neg’ators, either as extension members or as motors, are 
used in their most efficient proportions, the space and hence 
the cost saving is tremendous. To make the most efficient use 
of such springs, it is necessary for the engineer to depart com- Star! 
pletely from the thinking which is ordinarily applied to conven- | oe ¥ 
tional springs and develop some other basic conception such as peer 
the motor used in the foregoing illustration. 


A. M. Waut.* The writer is at somewhat of a loss to Paes 
stand the derivation of Equation [2] of the paper which appears 
to indicate that the load P on a neg’ator spring will be somewhat 
less if the spring is considered as a thin flat plate than if it is 
considered as a beam, which is done in deriving Equation [1]. | 
This result does not seem entirely reasonable on the basis of the 
elastic flat-plate theory since it is known that when a plate is_ 
bent in the shape of a cylindrical surface, the stiffness will be 
about 10 per cent greater than that given by beam theory, assum- 
ing the Poisson ratio vy equal to 0.3. Thus for a plate bent to a 
cylindrica] form by a moment M in-lb per in. width and taking 

vy = 0.3, the expression for curvature 1/r is equal to* 


1 12M(1 — v*) 12M 
0.91 ( Er ) 


r Ee 
This value is 91 per cent of the value obtained on the basis of 
simple-beam theory. 

Using this formula, and considering the neg’ator to act essen- 
tially as a plate in bending, the moment necessary to straighten 
out the strip (i.e., to change the curvature by an amount 1/R,) 
would be greater in the ratio of 1/.91 = 1.10 than if the strip is 


Engineer, Research Laboratories, East 
Pittsburgh, Pa. Mem. ASM 
* See, for example, “Strength of Materials,"’ by 8S. Timoshenko, 
ate 2, second edition, D. Van Nostrand Company, Inc., New York, 
. 1941, p. 120. 
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considered merely as a beam in bending. If we assume that the 
load on the spring will be proportional to this moment, it follows 
that the load obtained by considering the plate effect should be 
greater by about 10 per cent than if this effect were neglected. In 
other words, this would seem to indicate that the load given by 
Equation [2] of the paper should be greater than that given 
by Equation [1] instead of being less. 

Since something may have been overlooked by this method of 
reasoning, it would be of interest if the author would present 
details concerning the method of deriving Equation [2]. Any 
test data tending to support this equation as compared with 
Equation [1] also would be of interest. 

AvuTuor’s CLosuRE 

a ait In answer to Mr. Billings, the comparison illustrated in Fig. 2 
is made to show the difference in the force of a conventional spiral 
spring and neg’ator with the same dimensions. If a minimum 
initial force is specified, it would then be necessary to pre-extend 
the spiral spring in order to obtain the required force at zero de- 
flection. Assuming that a minimum load of 0.46 lb must be ex- 
erted on a mechanism, the spiral spring must be deflected approxi- 
mately 12 in. before this force would be realized. The effective 
deflection of the spiral spring would then be 58 in.—not the availa- 
ble 70 in. The advantages of the neg’ator are further indicated 
in the additional 12 in. of deflection which are gained. 

An actual example of gain in deflection is illustrated in Fig. 12 
where torque curves of a neg’ator B-motor and the power spring 
of a typical motion-picture camera are compared. A minimum 
torque of 2.3 lb-in. is required. The power spring must be 
wound through six turns before enough torque is provided to 
drive the mechanism. Conventional cameras are usually pro- 

tg -.. rided with some means of stopping the mechanism when this 
SPs A point i is reached so that film will not slow down and cause erratic 
The neg’ator, of course, can be used throughout its full 
deflection because it develops constant or nearly constant torque. 
This comparison is explained in detail in the paper. 
a It is true that in most applications the use of a suitable bearing 
in the neg’ator bushing is required. However, there are some in- 
= tame -es where it has been possible to entirely eliminate both bear- 
ing and bushing. The neg’ator is contained within a suitable case 
n and the outer end allowed to protrude through a slot in the 
o ease, When the neg’ator is extended, the outer coils roll against 
the inner surface of the case causing relatively smooth action. 
‘ — example of such an application is a window sash balance. 
_ Although constant force is desirable in a sash balance, the 
- accuracy of this force is not critica] so that the friction developed 
the rubbing contact between neg’ atorand case is not objectiona- 
In the case of _ straight extension-type neg’ ator, stress factor 


tion. 


1 1 
_S, is the ratio —; the B-motor stress factor equals (; +- ) 


ph This expression, given in Table 4, accounts for the fact that the 
material is back-bent on the output bushing of the neg’ator B- 

motor. 

In respect to Mr. Carlson's remarks, once the requirements 
for a neg’ator have been established, the calculations are quite 
ie _ simple because usually the only variables are material thickness, 
7 me _ material width, and bushing radius. Since force or torque is 
directly proportional to material width, we can design for unit 
; 14 —_ and then modify this value in order to meet specific load 
or torque requirements. Compared with the conventional types 
_ of springs, the calculations involved are relatively easy, especially 
for the extension-type neg’ator. After material thickness and 
fatigue-life requirements have been established, the natural 
s radius of the neg’ator is easily determined in the expression S, = 


440 


Rr” A brief study of the nomograph in Fig. 18 will show that once 
load and fatigue life have been established, the dimensions of the 
neg ator can be fixed. 

Standard spring-coiling machines can be used to coil the 
neg’ator. However, additional special tooling is required in 
order to form the material properly. Stress calculations and 
experimental! analysis of strain at the surface of the neg’ator have 
indicated that fiber stresses well over 300,000 psi exist at the sur- 
face of the material. These extremely igh stress values indicate 
that the neg'ator contains a high degree of favorable residual 
stress. 

The analogies between the neg'ator and an equivalent electric 
motor or hydraulic cylinder suggested by Mr. Poole are excellent 
means of visualizing the most important characteristics of the 
neg’ator. The comparison between two neg'ators designed to 
supply 100 ft-lb of work, one providing a force of 100 lb over a 
distance of 1 ft and the other providing a force of 10 Ib over a dis- 
tance of 10 ft, clearly emphasizes the advantages of making the 
ratio of deflection to force as large as possible. 

It has frequently been found that in discussions with engineers 
and designers their preconceived ideas on conventional springs 
serve to make a clear conception of the neg’ator principle rather 
difficult. 

The expression for curvature given by Mr. Wahl is, of course, 
the correct one for a thin flat plate bent to the cylindrical form. 
However, in the neg’ator, the material has been initially pre- 
formed into a cylindrical section, and force (or moment) is de- 
veloped when the material is straightened out. As the neg’ator, 
Fig. 1, is extended by the force P, the material assumes a cross- 
sectional curvature in the zone 1. which increases the stiffness of 
the material in this zone. However, the energy expended in 
producing this cross-sectional curvature is not in the form of 
useful work. In this instance it would therefore be necessary to 
divide by the expression (1 — v*) in the formula for curvature. 

The original derivation of the basic neg'ator equation was per- 
formed by means of elastic energy theory 


When an attempt was made to verify this equation by actual 
tests it was noted that the test loads were consistently 10 per cent 
lower than the calculated loads. It was then suggested that 
the lower force output was due to the effect of Poisson's ratio and 
an analysis similar to that suggested by Mr. Wahl was carried out. 
The discrepancy was at once apparent for, instead of obtaining 
test results only 10 per cent lower than calculated results, the 
error increased to approximately 20 per cent. 

The reason for the discrepancy was not realized unti! the cross- 
sectional curvature of the stressed neg’ator was examined and 
compared to the curvature developed when a flat strip of identical 
material was bent into a cylinder of the same radius as the 
neg’ator. The comparison is shown in Fig. 21. 

The analysis indicates that for a thin flat plate bent into a 


= 
, 
a 
‘ 
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cylinder the change in cross-sectional shape is negligible and 
occurs only near the outer edges of the material. In the case of 
he neg’ ator, where the material is coiled to a given natural radius 


Fie. 21 


and then pulled straight, the change in cross-sectional shape is 
extreme and appears as more of a buckling action under a critical 
If « constant radius is assumed (the curve is approximately 
circular) it is approximately 1.3 in. Poisson's ratio gives a radius 
of 3 & 45 = 1.35 in. This relationship 
does not hold in the case of the flat thin plate bent into a circular 
shape, Fig. 1(6), indicating that the analysis presented by 
‘Timoshenko which Mr. Wahl cites does not suffice in this instance. 


load. 


a close agreement.’ 


’ “Elements of Strength of Matermls,” by 8. Timoshenko and G. H. 
MacCullough; second edition, D. Van Nostrand Company, Ine., 
New York, N. Y., 1940, p. 114 ‘ 
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(B = 30 X psi) 


The data contained in Table 5 represent accurate measurements 
made on neg’ators of different dimensions and show the discrep- 
ancy between actual test loads and calculated loads when no 
modification is made in the basic expression [1]. The data in- 
dicate that Equation [1] should give values which are approxi- 
mately 10 per cent lower. If the effect of Poisson's ratio is con- 
sidered, as in Equation [2], the calculated load will agree with 
actual test values. The tabulation includes only a few repre- 
sentative tests. Within the last several years Equation [2] 
has been verified several thousand times through production 
inspection. 

From an energy standpoint, it might be said that a certain 
portion of the energy potentially available from the neg’ator is 
not realized because it is stored as energy required to produce 
camber in the material. 


STEEL 
or 
Calculated Test error 
500 006, 333 1.22 
—+—— 000 016 7.79 7.00 
45" 1 500 020 1.50 6 67 6.10 pm 
MATERIAL O10" 500 BLUE 


A Contr ‘bution to the Pr nee of Designing 
Radial Tur ‘bomachines 


By O. E. BALJE,* FARMINGDALE, 


A method is outlined for computing the characteristic 
values, such as pressure coefficient and efficiency of cen- 
_ trifugal compressors and radial inward-flow turbines, as 
function of Reynolds number and Mach number, whereby 
the latter values are defined in such a manner as to repre- 
sent the weight flow and the pressure ratio of the turbo- 
¥ machine. The influence of blade number, blade angle, 
oe and diameter ratio of the impeller on the efficiency 
and pressure coefficient is discussed. The application of 
- this method for computing the characteristic of a partic- 
ular turbomachine is shown. 


The following nomenclature is used in the paper: 


' Clearance for presentation and publication of this paper has been 
Public 
(ECM /ac, B-262, P-2015, 6-4273, June 14, 1950). 


granted by 


NOMENCLATURE 


characteristic value representing weight flow 
area, sq ft 

width, ft 

absolute velocity, fps 

specific heat at constant pressure, Btu/lb deg F 
specific heat at constant volume, Btu /lb deg F 
constant 

diameter, ft 

outer diameter of impeller, ft 

inner diameter of nozzle box, ft 

diameter of flow passage, ft 

outer diameter of annular diffuser, ft ¥ 
constant in viscosity, Equation [12] 7 = D*/by 
gravitational constant, fps? x 
head, ft 

mechanical equivalent of heat, Btu/ft lb 
average height of surface irregularities, ft 

ratio of meridional flow velocities 

length of overlapping section of nozzle blades, ft 
length of flow channel, ft 

slip factor | 
local Mach number 
Mach number of turbomachine per 

pressure, psi es 

power, hp 
dimensionless coefficient 
radius, ft 

gas constant, ft/deg F 

local Reynolds number 


Reynolds number of 
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= ¢,/C¢, 


Subscripts: 
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Specific fuel th per hphr 

clearance between impeller and casing, ft 

entropy 

overlap 

temperature, deg R 

peripheral speed, fps 

volume flow, cfs 

relative velocity, fps 

weight flow, lb per sec 

blade number 

absolute flow angle 

relative flow angle; impeller blade angle 

l/ Vi — Ma? Prandtl factor 

loss coefficient representing wheel-disk friction 

specific weight, lb per cu ft 

angle of deflection 

difference 

efficiency 

diameter ratio of impeller 

specific loss coefficient 

ratio of specific heats 

general loss coefficient 

diameter ratio of annular diffuser 

diameter ratio of nozzle clearance 

kinematic viscosity, ft? /sec 

degree of reaction 

flow factor 

characteristic ratio of collector 

shock factor 


N. ¥ 


adiabatic 

annular diffuser 
blade 

clearance 

critical 

compressor 
discharge 

diffuser 
effective 
hub 

impeller 
meridional, mean 
of design 

nozzle 

optimum 
optimum 
power 


relative eddy 


sound 

shock 

static 
supplied 
total 

theoretical 
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turbine 


io 


peripheral 
wheel disk 
state at exit of annular diffuser fy pi 


state before turbomachine 


state at outer diameter af impeller w PAY, 
state behind turbomachine 


INTRODUCTION 


In this paper some considerations are presented which deal 
with a simplified method for computing the efficiency of radial 
turbomachines and for calculating their characteristics, The 
simplified method is based upon the following procedure: Each 
component of the turbomachine is represented by its median flow 
line, and the effect of each component is expressed by dimension- 
less coefficients, such as work coefficients and loss coefficients. 
By applying some generally valid laws of flow mechanics and 
thermodynamics, these coefficients are presented as functions of 
some characteristic values such as Reynolds number, diameter 
ratios, Mach numbers, and flow factors, which refer to the size, the 
speed, and the shape of the components. By combining the work 
and loss coefficients of the components, the dimensionless co- 
efficients of the turbomachine, such as efficiency and pressure co- 
efficient, are calculated as functions of the foregoing characteristic 
values. The latter also have a definite relationship to the design 
requirements, such as weight flow, inlet pressure, inlet tempera- 
ture, and pressure ratio so that finally a diagram results showing 
the efficiency and pressure coefficient as a function of the design 
requirements. By using this diagram the design data, such as im- 
peller diameter and speed, can be calculated which are required to 
obtain a particular efficiency. 

The losses occurring in the turbomachine are treated by apply- 
ing the Blasius law to each component of it, since results of 
special tests conducted on the components of rotating radial tur- 
bomachines have indicated the applicability of the Blasius law in 
the turbulent range. Such tests, however, have not yet advanced 
far enough to establish definitely the critical Reynolds number for 
turbomachines. Critical Reynolds numbers shown in the dia- 
gram mentioned are determined by applying the well-known rela- 
tions valid for pipes and ducts. These may not represent true 
values for all cases, even though the flow passages in the discussed 
type of turbomachine may closely resemble pipes and ducts. 

The diagrams presented have been found to yield a close esti- 
mate of the efficiency for a wide range of designs and design con- 
ditions. Nevertheless, it is pointed out that the simplified method 
does not always yield values of extreme exactness, and it is not 
intended to standardize the efficiencies of radial turbomachines i. 
this paper. Such a task would be premature since the knowledge 
about flow mechanics in turbomachines is still incomplete in some 
respects, and special researeh work will still have to be done be- 
fore exact relationships can be established. 

This paper deals especially with radial turbomachines having 
impellers of half-shrouded type and blade-tip angles of 90 deg. 
Turbines of the inward-flow type and compressors of the outward- 
flow type are discussed. The influence of the Reynolds number on 
the design of small power plants is demonstrated. 


CALCULATION PRINCIPLES 


(a) Presentation of Process in T-S Diagram. A simplified tur- 
bine and compressor process is presented in Figs. 1 and 2. In 
these figures the subscript 1 denotes the state before the turbo- 
machine, subscript 2 the state at the outer diameter of the im- 
peller, subscript 3 the state behind the turbomachine, and sub- 
script “th” a theoretical state. The pressure lines represent the 


total pressures. The compressor process may be described as 
follows: Adiabatic compression from the initial state p,7) to 
the theoretically obtainable state pon Ts.». Fig. | shows the re- 
sulting increase in the adiabatic pressure head, Hy. As 4 conse- 
quence of the flow losses in the impeller, the total pressure behind 
the impeller p: is smaller than its theoretical value pon. The 
distance px+p: in Fig. | represents the head loss H, in the im- 
peller. The temperature remaining constant (no heat conduction 
or radiation assumed) the state at the end of the impeller is 
represented by p2T's..tn. 
The wheel-disk friction losses cause an increase in total tem- 
perature; for representing this loss in the T'-S diagram it may be 
‘wiht 
ety 
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assumed that the temperature increase is imparted to the flow 
directly behind the impeller. This increase in total temperature 
is represented in Fig. 1 by the distance Hy. The fina! total tem- 
perature 7; remains constant for the further process because no 
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losses are represented by the distance Hp in Fig. 1. The final 
state is represented by p)7;, and the actual delivery head of the 
compressor is represented by the distance Hua in Fig. 1. As long 
as the divergence of the pressure lines in the T-S diagram!’ can be 


The adia- 


Bas neglected, the actual pressure head delivered by the compressor 


can be written in the form Hu = Hu Hp. 


H, 


4 he _ batie head to be supplied to the compressor can be represented by 


follows: 


eg and the temperature to 7). 
crease the pressure to at constant temperature 7’. 


Hs = Hu + Hy. The ratio His/Hs represents the adiabatic 


efficiency Naa—c. 


The simplified turbine process, Fig. 2, may be described as 
Losses in the nozzles (represented by the adiabatic head 
Ay ) decrease the initial pressure p,; to p, at constant temperature 
i 1. Wheel-disk friction losses Hw increase the initial tempera- 
ture from 7, to Ty.» at constant pressure p,. The theoretically 
obtainable expansion head Hw decreases the pressure p: to pr—ch 
The losses in the impeller H, de- 
Ne- 
_ gleeting again the divergence of the pressure lines, the adiabatic 


7 head which must be supplied to the turbine can be expressed by 


Hua = Ha + Hy + H;. The head transformed into shaft power 
ean be expressed as Hp = Hy Hy. The ratio Hp/H.a repre- 
sents the adiabatic efficiency 
Since the tip speed of the impeller us is a very significant charac- 
teristic value, it is useful to refer the foregoing heads to a fictitious 
head u,?/g. It follows then that = Haa—cg/us? represents a 
pressure coefficent for the compressor, and that qsa-r = Haa-r 
g/u? represents a pressure coefficient for the turbine. Also 


qc = Hs-c g and qr = Hp-r g/u,* are work coefficients for 


the compressor and turbine, respectively. In the same manner 
qub is a coefficient representing the theoretically obtainable work; 


efficient; qp is a diffuser-loss coefficient, and qy is a nozzle-loss 
coefficient. With these expressions, the relations for the ef- 
ficiencies can be written = and = Gr 
(b) Theoretically Obtainable Work. The work head Hw theoreti- 
cally obtainable, is proportional to the change in moment of mo- 
~ mentum of the flow through the impeller and can be expressed by 
the Euler equation 


Afe?) A(ut) 
Hw = 
29 29 
where A denotes the differences of the velocity heads between 
_ rotor inlet and rotor outlet. 

In a blade system designed for converting flow energy into 
shaft power (turbine), the theoretically obtainable work head is 
proportional to the algebraic difference of intake moment of 
- momentum aad outlet moment of momentum, so that Equation 

{1} takes the form 


M2 Cy—2 


U3 Cu 
Hu-r = — 
g 


In Equation [2] u denotes the peripheral speed of the impeller and 
_¢, the component of the absolute velocity acting in the peripheral 
- direction. The minus sign in Equation [2] holds for the case, that 
the outlet moment of momentum acts in the direction of the inlet 
moment of momentum whereas the plus sign holds when the out- 
let moment of momentum acts in the opposite direction of the 
inlet moment of momentum. The peripheral component c.. at 


It can be shown that the error resulting from this assumption 
is smaller than the error resulting from the uncertain knowledge of 
the losses 

« Numbers in parentheses refer to the Bibliography at the end of 
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the inlet is mainly dependent upon the nozzle angle; the periph- 
eral component ¢. at the impeller exit is a function of the exit 
blade angle and the peripheral speed at the outlet. Considering 
the case where the exit blade angle and the volume flow are kept 
constant, it is found that a decrease in peripheral velocity pro- 
duces « decrease in twist running in the same direction as the tip 
speed (parallel twist), but an increase in the countertwist, Fig. 3. 


- 


i 


Comparing a radial rotor with an axial rotor, it becomes evident 
that due to the lower peripheral speed at the outlet of a radial 
rotor, the outlet moment of momentum in a radial rotor generally 
will be greater than in an axial rotor in the case of countertwist, 
but will be smaller than in an axial rotor in the case of parallel 
twist. That means that the work head, theoretically obtainable 
in a radial rotor, normally will be higher than in an axial rotor, 
when both blade systems produce the same flow deflection. In 
the case of countertwist this effect is restricted to certain limits 
because the moment of momentum is determined by the product 
of twist component and peripheral speed and, therefore, can be in- 
creased also by increasing the peripheral speed. Hence in these 
cases the theoretically obtainable work of the axial rotor can be 
superior to that of the radial rotor at equal flow deflection. 

The foregoing relationships are explained by the fact that as a 
consequence of the centrifugal effect in a rotating radial rotor, the 
static pressure at the outer radius must be higher than at the 
inner radius. This pressure difference represents a head, the ex- 
pansion of which gives an additional momentum to the rotor for 
the case that the flow is directed to the inner radius. This head 
which mainly determines the degree of reaction is expanded by the 
decrease in peripheral speed. 

To furnish additional relationships, Equation [2] can be trans- 
formed. The geometric relations cot a; = Cy-2/cm-2 and cot 
Bs = we-a/Cm—s = (Us + Cu-s)/Cm-s can be read from the velocity 
triangles in Fig. 4. In most cases it is desirable to use the blade 
angle 8, instead of the flow angle B,. These two angles are 
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equal for an infinite blade number. The smaller the number of 
blades the greater the difference between flow angle and blade 
angle. This difference can be expressed by introducing the con- 
cept of the slip factor (2, 3), which is based upon the assumption 
that, for producing the desired flow deflection within the rotor, a 
definite impulse has to be exerted, and that, owing to the limited 
blade number, this impulse does not coincide with the impulse as 


+, 
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given theoretically by the blade angle. With this concept the 
ratio of the theoretivally possible peripheral component of the 
absolute velocity to its actual value, cy—s-1n/Cu-a = m, is & Measure 
for the influence of the blade number. The value of m is assumed 
to be a function of the blade number z, the diameter ratio D/d = € 
and the blade angle 8). for compressors, and the blade angle 
B.. for turbines, respectively, Fig. 5.6 Substituting the geo- 
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kinetic or pressure energy (compressor), the theoretically obtaina-_ 
ble work head is proportional to the algebraic difference of dis- 


charge moment of momentum and inlet moment of momentum 
so that Equation {1} takes the form 
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metrical relations and the slip factor for the velocities in Equation 
{2}, the relation for the work coefficient becomes 


cot By ; 1 
+ ~ — 


me,? 


= (x, cot 
In Equation [3] ¢ denotes the flow rate ¢, 4/u, i.e., the ratio of 
the meridional discharge velocity cms to the tip speed uz of the 
impeller. The factor Ky = ¢m./¢m-—s designates the ratio of the 
radial component of the inlet and the axial component of the dis- 
charge velocity at the impeller, and €, = u:/us = D/d, the ratio 
of the peripheral velocities at the inlet and outlet of the impeller, 
i.e., the effective diameter ratio of the impetler, when d, represents 
the diameter at which the median discharge state exists. Equa- 
tion [3] represents at K, = const (€,,a%, By. must be considered 
as constant for an engine) an equation for a straight line whose 
inclination with respect to the abscissa g is determined by the size 
of the angles a, and 8, and whose intersection with qu is 
located at 1/me,?.. This means a linear increase of the the- 
oretically obtainable work with the flow rate. The intersection 
point with the ordinate located at negative qu values indicates that 
the machine cannot transfer any power at low flow rates but 
rather absorbs such power, which means that it operates as a 
compressor, 

Equation [3] shows, in addition, that up to a definite flow 
factor, namely 


1) cot 8 
€, 


the theoretically obtainable work is larger in a radial rotor with 
the flow directed toward the inner radius than in a rotor at 
purely axial flow (€, = 1), when both types operate at equal 
characteristics, i.e., at equal flow deflection and equal accelera- 
tion or deceleration of the rotor flow, Fig. 6. Consequently the 
radial rotor may be superior only up to this particular flow rate. 
In a blade system designed for converting shaft power into 


* For a: no correction is introduced, so that a: denotes the flow 
angle. 
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The minus sign in Equation |5) applies when the inlet moment of 
momentum acts in the same direction as the discharge moment 
of momentum (parallel twist) whereas the plus sign applies for — 
countertwist at the inlet. Using the geometric ~c'#tion obtained 
from the velocity triangles, Fig. 7, and th of the slip 
factor (m = cy-2-«h/Cu-2) the theoretically « ic work can be 
expressed by the relation 


cot ay, kK, cot 
qu-c = ve) + 
€, / m 


if the flow factor is determined by ¢ = ¢m-i/u: and if the ac-— 
celeration or deceleration of the meridional rotor flow is expressed 
by K; = ¢m-2/em—. Equation [6] indicates that the theoretically 
obtainable work in a compressor is a linear function (for A, = 
const) of the flow factor with a slope dependent on the magnitude — 
of the flow deflection in the rotor and the diameter ratio €,, Fig. 8. 
An effect of centrifugal forces is not evident from Equation [6] 
but nevertheless exists, because in the radial rotor with a flow 
pointing outward a part of the work exists already in static 
pressure instead of velocity head as mostly in the case of axial 
rotors. 

From the foregoing considerations it becomes evident that the 
centrifugal forces influence the energy transformation in the 
radial rotor in such a manner, that for turbine operation at low | 
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flow rates the theoretically obtainable work (with a flow directed 
toward the inside radius) is greater than in axial rotors. In com- 
pressor operation (with a flow directed outward) a part of the 
work head is directly transformed into static pressure head. 
With Equations [3] and [6] a diagram can be plotted, showing the 
tendency of the theoretically obtainable work of a particular rotor 
(Bs-2-c = By+-r = 90 deg, in turbine operation and compressor 
operation, respectively, Fig. 9. Admitting the flow at the outer 
diameter with a twist, the rotor produces work, starting at a cer- 
tain flow rate and inereasing with increasing flow rates, line a. 
Driving the rotor, a flow directed outward will be produced and 
the theoretically obtainable work will be an equidistant function 
of the flow rate, line b. The effect of the centrifugal forces on the 
theoretically obtainable work, depending upon the direction of 


the flow, shows especially well the discontinuity point at the flow- 


rate zero. 


Such a discontinuity does not occur in an axial rotor, 
which has no significant centrifugal-force effect as shown by lines 
cand d in Fig. 9. 
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It may be mentioned that probably the greatest advantages of 
radial turbomachines are their constructional features which 


allow a simple arrangement of adjustable guide vanes. This is 


illustrated in Fig. 10 which shows an exhaust-gas-driven turbo- 


supercharger employing adjustable guide vanes in the nozzle 
section of the turbine. By controlling the guide vanes, the range 
of volume flow at constant impeller speed can be increased con- 
siderably without appreciably changing the efficiency. 
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Losses 


In order to calculate the actual work capacity of the turbo- 
machines it is necessary to verify the losses. For this purpose the 
introduction of the Mach number Ma*, and the Reynolds number 
Re*, was believed useful. The Mach number Ma* is defined as 
the ratio between the tip speed of the impeller and the velocity of 
sound as calculated from the inlet flow temperature, ie., Ma*, 
= = Ma*, with 

These Mach numbers do not represent actual flow velocities and 
are introduced solely as convenient calculation values represent- 


ing the tip speed, and yielding, in addition, a direct relation to the 
pressure ratio, because for the compressor it holds 


Pi: a+ 


and for turbines 


(1 
«+ 


1 ~ 
— 
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The Mach numbers also represent a convenient value for caleu- 
lating the temperature rise and drop, respectively. For com- 
pressors, the relation 


12«R 


can be derived. The correspondent relation for turbines reads 


Ts -t 
Ti 


12«R 


~ Ma*,? 


The Reynolds number is defined as the product of impeller tip 
speed and outer diameter of the impeller, divided by the kine- 
matic viscosity of the flow at the inlet of the turbomachine, i.e., 
= = Rey*. An approximate relation for the kine- 
matic viscosity of gases can be written in the form 

4 


D* 29 
In Equation [13] H denotes the head loss, L a characteristic 
length of the flow path, D* a characteristic diameter of the flow 
passage, ¢ the flow velocity, and \ a loss factor. A theoretical re- 
lation for A is given by von K4rmén as A~** = 1.95 log (ReVX) 

- 0.55. This relation for the turbulent range can be repre- 
sented by the approximation A = 0.316 Re~®** (Blasius law), (4) 
when Re denotes the actual Reynolds number of the flow. With 
these relations the losses in the turbomachine can be determined. 
As an example, the derivation of a relation for the losses in 
an annular diffuser may be presented. 

The flow path in this case is approximately a logarithmic 
spiral, ie. 


455 
a 
* 
of 
/ 
= 
+ The fluid-friction losses can be expressed by the relation 
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when uw = D,/D denotes the diameter ratio of the annular dif- 
fuser. The characteristic diameter D* in Equation [13] has to be 
replaced by 2b: in the case of parallel side walls, b: denoting the 
distance between the walls. This distance can be expressed by 
the relation (dy = 0) 


Dy; 


In Equation [12] the expression \L/D* can be combined to a loss 
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= (1 + 


each case. 

Introducing Equations [14] to [21] together with the Blasius— 
law into Equation [13] the loss coefficient for the annular diffuser 
can be written in the form (dy = 0) 


2 
cot Br y] (1 + (1 + 


8.95 


factor ¢ by applying Equations |14], [15], and the Blasius law, 
ie, 
L 0.316 


b* 


Le K 


fan = A si 
Re sin ¥; 


[16] 


In Equation [16] a, denotes the angle between the direction of 
the absolute velocity c: and the direction of the rotational speed 


Ua, Le. 
yy 
m* \oK, cot Bos . 


The actual Reynolds number in Equation [16] can be replaced by 
the Reynolds number of the compressor 


ey 


= 


2 (+ cot By 


Re = {18} 


46:7 in 
For the square of the velocity in Equation [13] the mean velocity 
head may be taken, ie., c? = 0.5(¢.2 + ¢,.*). The temperature 
ratio in Equation [18] and the density ratio in Equation [16] can 
be expressed by the Mach number of the compressor, as demon- 
strated in Equations [8] and [10], whereby it has to be considered 
that in Equations [16] and [18] the static temperatures and pres- 
sures are required. These differ from the ratio of the total tem- 
peratures and pressures (as represented in Equations [8] and [10]), 
approximately, with the degree of reaction p. That means that 
in Equations [8] and [10] the terms gaa and q will have to be re- 
placed by pqsa and pq, respectively. These terms generally are 
functions mainly of the flow factor, of the angle a, of the blade- 
tip angle 8,2, and of the Reynolds number Re*. For simplicity 
reasons the whole expression standing with the Mach number in 
Equations [8] and [10] may be represented by a factor C, the 
approximate value of which is quoted in each case. Thus it can 
be written 

= 1+ C,Ma*,? 


= (1 + 


m? 


E + 


Reo* 


Equation [22] shows that the loss coefficient for the annular dif- 
fuser can be represented as a function of the Reynolds number 
Re*, of the Mach number Ma*, of the flow factor y, of the 
diameter ratios € and yu, of the blade tip angle 8,-. and of the 
factor K;. For By. = 90 deg the factors C, and C, nearly become 
constant (for air C, = 0.14 + 0.18, C, = 0.13 + 0.17). Equation 
[22] graphically is represented for a, = By. = %© deg in Fig. 11. 
This figure shows that the losses in an annular diffuser increase 
with increasing rates of deceleration (4) as was to be expected, 
and with decreasing flow factors. The latter tendency can be ex- 
plained by the fact that the angle a2 decreases with decreasing _ 
flow factors, see Equation [17]. The smaller the angle the | 
longer the flow path and, consequently, the greater the losses. 
Similar diagrams can be plotted for a, + By. + 90 deg. 
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It may be added that tests carried through with a radial rotor 
(8.2 = 90 deg) in an open annular diffuser furnished a valuable 
support for the relations stated. According to Equation [16] the 
loss factor {ap is a function of the angle a; (as ascertained during = 
the tests by special direction-finding Pitot tubes). For the case nhs Ss 
treated, Fig. 12 shows that the measured values are satisfactorily Pe 
represented by Equation [16]. 

By applying the method outlined, the loss coefficients of the 
other components can be calculated. For the loss coefficient of = | 
a symmetrical scroll with circular cross section, the relation oe 
(dy = 0) 


2) 0. 126 
( — cot By | (1 + (1 + 


1 
cot B, | 1 + = 
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has been derived, when the sw ept angle of the scroll is assumed 
Ma> 420 deg. For a, = By. = 90 deg the factors C2, C,, and C, again 


become nearly constant (C; = 0.13 + 0.2, increasing with in- 


creasing u-values, C, = 0.14 + 0.16, C, = 0.21 + 0.25). Fig. 13 
shows a graphical representation of Equation [23] for a, = By~: 


ue 90 deg. This figure shows for the loss coefficient of the scroll a 
iJ 5 
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tendency very similar to that of the loss coefficient of the annular 
diffuser. This tendency of the losses in the scroll follows from 
Equation [13] which indicates that the losses increase with de- 
creasing ratios D*/L. In the scroll the mean length of the flow 
mainly depends upon the diameter of its inner radius, i.e., 
_L = Dur. The diameter D* of the scroll is in the first approxi- 
mation® proportional to the diameter d, at the end of the scroll. 


‘This diameter, according to the relations governing the design of 


—serolls with circular cross section (2) decreases with decreasing 


values of a, ie., with decreasing flow factors, as shown by the re- 


lation (dy = 0) 


- 


1 
cot 


+ 


whereby Cy = 0.21 + 0.25 for a, = By. = 90 deg. Therefore 
the ratio L. D* and consequently the loss factor decreases with 
increasing flow factors. Equation [23] reveals also that the 
losses in the scroll increase with increasing Mach numbers, since 
the diameter d, decreases with increasing Mach numbers as 
shown in Equation [26}. 

_ A comparison between the losses in the seroll and those originat- 

_ ing in the annular diffuser, assuming the same degree of decelera- 


tion for both, may be of general interest. This comparison is pre- 


7 sented in Fig. 14 which shows a superiority of the annular dif- 
fuser. It must be pointed out that Equation [23] does not neces- 


* In the derivations D* denotes the inlet diameter, i.e. 
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with Ce = 0.21 + 0.25 for a; = Bs-2 = 90 deg. 
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sarily cover all types of scrolls. Some test results lead to the 
assumption that the losses in a scroll depend closely upon its 
shape and that a one-sided scroll has lower losses than a sym- 
metrical scroll, Fig. 15, owing probably to the fact that two 
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eddies originate in a symmetrical scroll which interfere with each 
other, thus causing greater losses than the single eddy in a one- 
sided scroll. Fig. 16 shows the loss coefficient gp for a diffuser 
consisting of an annular space with parallel side walls and adjoin- 
ing scroll as calculated by applying the relationships presented in 
Equation [22] and Equation [23). 

For judging a complete compressor design it is useful to intro- 
duce a characteristic value Ke = ¢m-a/Cm—, representing the ratio 
between the meridional flow velocities at the outlet and the inlet 
of the compressor. Presentation of the losses plotted against this 
characteristic value, Fig. 17, shows that with small flow factors 
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the exit velocity c» 4 is a manifold of the inlet velocity c,.., and 
that the losses increase considerably with increasing Mach num- 
bers, Fig. 18. If guide vanes are fitted into the annular space it 
is possible to increase the rate of retardation further without 
noticeably influencing the losses at the design point. 

Another loss originating in the diffuser has to be considered. 
It was mentioned in the section, Theoretically Obtainable 
Work, that the flow angle 8, and the biade angle 8,2 have dif- 
ferent values. That is true as long as the mean values are con- 
sidered. Actually, the flow angle at the exit of the impeller varies 
over the blade passage owing to the relative eddy in the impeller 
channel. This angle is almost equal to the blade angle at the pres- 
sure side of the blade, almost equal to the median flow angle be- 
tween two blades, and still smaller at the suction side of the 
blade 
less diffuser) or impulse losses (in a vane-type diffuser) which 
must be proportional to the difference between blade angle and 
median flow angle, i.e., proportional to the slip factor. This head 
m) 0.5} 70.59, 


These different flow angles cause mixing losses (in a vane- 


loss H,, can be represented by H,, = [(ue uy 
or 


dm = 0.125 (1 1/m)* 


(27] 


Equation |27| is valid for the mixing loss. For the corresponding 
impulse losses occurring in a vane-type diffuser immediately ad- 
joining the impeller it has to be considered that quite generally the 
effect of pressure differences, caused by oblique attack on sharp 
edges, increases with increasing Mach numbers. An appropriate 
term for representing this influence is the Prandtl factor 1/8* with 
B* =V/1 — Ma’, Ma denoting the actual Mach number. Conse- 
quently Equation [27] has to be multiplied by the square of 
the Prandtl factor when impulse losses instead of mixing losses are 
considered. The foregoing relations would indicate that the 
impulse losses grow infinite for Ma = 1. However, the concept 
for calculating these losses is based on relations valid for subsonic 
velocities only and therefore cannot hold for flow velocities ap- 
proaching the velocity of sound. Unfortunately, for the transi- 
tion range, no generally valid calculation concept has been found 
developed. 

For computing the flow-friction losses in the impeller, Equation 
{13] can be used again. By selecting an impeller shape, as illus- 
trated in Fig. 19, the length of the flow passage can be expressed 
by the relation 


when it is assumed that the length of the flow path is equal to the 
length of a logarithmic spiral extending between the radii r, and 
r;, with the angle (8; + 8,.)/2. For the diameter of the flow 
path, a value may be taken which represents a rectangular chan- 
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nel the one side of which is the width 6; of the impeller, and the 
other side of which is the circular are between two impeller blades, 


)* = = 
€ 


The mean velocity through the impeller can be represented by the 
relation 
eK, 


uw + Vi + gre 


[30 
€ sin 8, ) (30) 


because for the design point it holds 


ey 
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sin 8, = 


With these relations the wall-friction losses in the impeller can be 
determined. However, it must be considered that wall friction 
alone will be encountered only as long as the impeller blades are 
straight, i.e., when 
r 
cos Bh a = cos B, [32] 
When Equation [32] is not fulfilled, flow-deflection losses have to 
be considered which mainly depend on the deflection angle 4, i.e. 


bc? 


const 
V Re 2g 


Hvetiection = 


{33) 


where the magnitude of the constant depends on the impeller 
shape. With these relations the loss coefficient for the impeller can 
be represented by 


gh (1 + K,)* 


= 8 [34] 


whereby {, = AL/D* represents a loss factor of the impeller. 
This loss factor for compressor impellers can be expressed by the 


relation 


V/K + C,Ma*,2)?* 
[fi ¢.€,3) +) + f(b,€)} 
Vv Re*, 


Equations [34] and [35] show that the friction losses of the im- _ 
peller also can be represented by the characteristic values of the 
turbomachine, as Reynolds number Re*, Mach number Va"*, flow 
factor ¢, diameter ratio €, blade number z, and factor A,. Fig. 20 
shows the values of [;-c as calculated for an impeller shape repre- 
sented in Fig. 19, whereby it is assumed that the inlet blade © 


angle §,, is “shock-free,”’ i.e. 


tan Bi = 


Fic. 20) Factor ror COMPRESSORS CALCULATED FOR 


Re* = 2X 10%, Ma* = = 1.6, Kr = 1,2 = 18,2 = 90 
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and whereby for simplicity reasons the influence of the com- 
pressibility is neglected (Ma*¢= 0). 

For calculating the flow-friction losses in a turbine impeller 
Equation [34] can be used again. With the foregoing concept, for 
the factor ¢)-r, a relation very similar to Equation [35] can be 
derived which is graphically represented in Fig. 21, for an im- 


Factor ror Tursines CatcuLaTep ror 
Ma* = 0,¢ = 1.6, Ky = 1,2 = 18, ay = 90 Dec 


x 10¢ 


---- Turbine 


Compressor 
Factor CatcuLaTep ror Re* = 2 
K; = 1,2 = 18, &-: = 90 Dee 


x 


peller shape as shown in Fig. 19. For this figure it is assumed that 
the impeller exit angle is formed according to the relation 


which yields a straight axial direction of the absolute exit veloc- 
ity, allowing the smallest discharge losses. 
a For an impeller shape which is preferred when a high stress load 
(high peripheral speeds) is encountered, Fig. 10, the impeller loss 
re as calculated by a relation very similar to Equation [35] 
oe We are chowe in Fig. 22. In this figure Ge factor for turbines 


exducer runner. 

It may be noted that the relations regarding the losses in com- 
pressors are supported in some respect by test results. This may 
be demonstrated by Fig. 23 which represents some results of 

special tests performed in the DVL in 1943. Line 1 in Fig. 23 
shows the pressure coefficient (related to the total pressures) of 
the impeller alone (i.e., q:n—q,) as a function of the flow rate. 
Lines 2 and 3 represent the pressure coefficient of a compressor 
iy! = consisting of impeller and annular diffuser with different diameter 
- Lines 4 and 5 aes the pressure coefficients of a com- 


the + 0.5 cot a, + 

N 


— C,;Ma*r*)* 
V Re*r sin + 7 (1 — (1 — CyMa* rt? (by 


M OF DESIGNING RADIAL TURBOMACHINES 


Impeller alone 

Impeller with annular diffuser 

and ‘Impeller with small annular diffuser and seroll 
xxxxxxxx Impeller with 6; = 90 deg 

Fic. 23) Resucts or Spectat Tests Wirn Compressor: Mat = 
0.72, = 1.74, = 2.2 10° (Nor Const), = = 90 Dea 


pressor, consisting of impeller, a small annular diffuser, and 
scrolls of different design points. Line 6 in Fig. 23 shows the 
work coefficient ¢ as a function of the flow factor. These results 
show clearly that the impeller and the annular diffuser are com- 
paratively insensitive to the volume flow and that mainly the de- 
sign of the scroll determines the optimum volume flow of the 
compressor. The derived relationships show a good conformity 
with the foregoing test results (see also Fig. 12). 

A variety of possibilities exists for deriving a relation which 
represents the nozzle losses in a turbine. If the nozzle design of 
the turbine is similar to the diffuser design (nozzle-type annular 
diffuser with adjoining scroll) of a compressor, the calculation 
principle is similar to the one outlined by deriving relations for the 
losses in the annular diffuser and the scroll (see Equations [22] 
and (23]), However, it must be kept in mind that the diffuser de- 
sign is closely determined by the fact that the admissible pressure 
gradient per unit flow path is limited in order to avoid flow separa- 
tion. Therefore the length of the flow path and consequently 
the losses in a diffuser depend on the rate of deceleration. The 
danger of flow separation does not exist by accelerating the flow. 
Therefore the length of the flow path in the nozzles is not deter- 
mined by flow mechanics but rather by the nozzle construction so 
that it seems advisable to follow a different approach in deriving 
a relation for the nozzle losses, 

It may be assumed that the nozzle channel is a square. Hence, 
the length of the flow path in the nozzles becomes L = by 
(t + 0.5 cot ay) when t = 1/by denotes the overlap of the nozzles 
with / describing the length of the overlapping section of the 
nozzle blades. By applying Equation [13] the head loss in 
the nozzle channel becomes H = (i + 0.5 cot a:)\0.5 Inthe 
collector, the head loss becomes H = 0.5c? \ 0.5%g~'(D/D*). 
Hence the total loss caused by the nozzles (including collector) 
can be written in the form H = \0.5c%g~! (¢ + 0.5 cot a, + 
0.5Dr/D*). The diameter D* of the collector can be expressed 
as a function of the nozzle width, ie, D* = rhy. Assuming 
¢:?/2 as the mean velocity head in the nozzle and collector, the 
nozzle loss coefficient can be expressed by the relation 


2eK by) 
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pelier the deflection in the inducer runner is connected with a * 
tardation of the flow, resulting in greater deflection losses t : t 
for a deflection connected with accelerated flow as in the turt 
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whereby (,, Cy, and C, again are functions of the degree of reac- 
tion, and the coefficients ga and g. For air and By. = 90 deg, 
these values nearly become constants (C, = 0.16 + 0.18, C, = 
0.14 + 0.16, C; = 0.15 + 0.17). Fig. 24 shows a graphical 
representation of Equation [38] for B.. = 90 deg. The ratio 
by/b: in Equation [38] is the ratio of the nozzle width and im- 
peller width. This ratio is recommended to be smaller than 1. A 
suitable relation for this ratio can be derived by the following 
argument: The jet leaving the nozzle and entering the free space 
between nozzle and impeller acts as a free jet and expands with an 
angle of divergence of approximately 7 deg. Therefore the width 
of the nozzle has to be smaller for exactly this amount when the 
total energy of the jet shall be effective in the impeller. With this 
concept and simple geometrical relations, an appropriate equation 
for the ratio can be written in the form 
0.375% 1)K, 
sin (1 — 


whereby uw’ = D’'/D with D’ representing the inner diameter of 
the nozzle box. Equation [39) graphically is represented in Fig. 


Fie. 24% Noza.e-Loss Coerricient Carcuratep ror Re* = 2 X 
10% = 16,7 = 3,¢ = 1.5, = 1.02, Kr = 1, = 90 Dec 


Ratio or ann Noazte Wiors, Carev- 
LATED For = 1.02, = 90 Dea 


Fie. 25 


Another loss which has to be considered in turbomachines is the 
wheel-disk friction. This loss originates in the space between im- 
peller and casing. The medium enclosed in this space rotates 
around the axis of the impeller owing to the drag exercised by the 
outer walls of the impeller, but only with a fraction of the im- 
peller speed due to the friction at the stationary walls of the cas- 
ing. Theoretical considerations show that these losses are pro- 
portional to the cube of the impeller-tip speed, proportional to the 
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square of the impeller diameter, proportional to the mean specific ‘ 


weight of the enclosed medium, and proportional to a loss factor 
By which mainly depends upon the Reynolds number. Cus- 
tomarily, these losses are represented by referring to the horse- 
power lost therewith and are written in the form 

Py = const......... [40] 
whereby poe oo in Equation [40] is 10~* for the metric sys- - 
tem [5]. Values for the loss factor By of a plain disk, as found by | 
different pases (6, 7, 8, 9) are presented in Fig. 26, whereby 


Disk-Friction Loss Factor 8w, 
INVESTIGATORS 


for the turbulent range the Prandtl relation can be written in the 
form 


Bw-p, = 


Test results on radial compressors (10) indicated that for im- 
pellers of turbomachines the wheel-disk friction is greater than — 
given by Equation [41], owing probably to a certain amount of 
reverse flow directed from the outer rim of the impeller to the axis, — 
as caused by the higher pressure differences between outer rim 
and axis. The literature (10) indicates that Bw = 38w-p, for 


double-shrouded wheels, Bw = 48w-p, for half-shrouded wheels, 7 


priate. 


With Equations [40] and [41] the loss coefficient gw—c repre- _ 


senting the wheel-disk friction losses of a half-shrouded compres- 
sor wheel can be written in the form (dy = 0) 


0.0535e%1 + 
= 
¢ V Re*, 


The corresponding loss coefficient for turbines takes the form’ 
(dy = 0) 


1 + (1 — 
Re*y (1 — 0.333qea 


= 


[43] 


Both relations are graphically presented in Fig. 27. Equations 
{42} and [43] show that these losses are proportional to the 
square of the diameter ratio and the reciprocal value of the flow 
factor, and that they increase with increasing Mach numbers. 

A closer examination of the wheel-disk friction losses reveals 


As mentioned the medium enclosed in this space rotates 


with a fraction of the impeller speed, i.e., uci = yu. This periph-— 
eral speed has a twofold effect. Due to the centrifugal forces, a — 


’ The difference between Equations [42] and [43] is caused by ae 


different reference points of the Reynolds numbers Re*c and Re*r 
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of the medium (particles close to the impeller) flows from the ( ) 1 —0.5 Ma*y*) 0.07 (1 

_ axis to the outer rim whereas the other part (particles close to the D}y 0.25Ma*s") Res, (1 — 0.333qe4 

easing) flows from the rim to the axis owing to the pressure dif- (46) 
ference created by the peripheral speed. Hence a relative eddy hs 


CHARACTERISTICS 


al deine (a) Compressors. The relationships derived in the previous 

net ae section provide sufficient means to calculate some basic perform- 
ance diagrams which yield valuable relations for the design of 
radial turbomachines. For this task the pressure coefficient 


Qth — GI GAD — Gee [47] 
and the efficiency 


qa-c 


qe qu + 


have been calculated for different conditions and are presented as 

function of the flow factor ¢. Fig. 29 shows such a diagram as 

: pnt Turbine ~ Compressor calculated for different blade-tip angles 8,2, thus demonstrating 
Fic. Coerricrent ror Waeet-Disx Friction Losses Catcu- the effect of By. on pressure coefficient and efficiency. As it was 
Laven vor Re® = 3 X 10°,¢ = 1.6, fos = 90 Dao to be expected from Equation [6] (see also Fig. 8), the pressure co- 

efficient decreases with decreasing angles 8, and increasing flow 

factors. Optima efficiencies are to be expected for slightly back- 

ward-curved impeller blades, ie., Bi. < 90 deg.* This phe- 


2 


Fie. 28 Retative Between er Cassa 

originates in the space between impeller and casing, Fig. 28. The . 
_ velocity of this relative eddy w, is proportional to the pressure dif- bd 


bic. 29) Compressor Vaives, CatcuLaTep For 
const. Hence the power absorbed by the relative eddy is Re* = 2 10* Ma* = 0, Kr = 1,2 = = = 90 


Pl = WH =y'u'sD y, X const, the head H being proportional Deo 
si to the square of the peripheral speed yu. Comparing the fore- (Ne discharge losses assumed.) 
going equation with Equation [40], it follows that 
nomenon can be explained by the fact that the degree of reaction 
P, Y's sedan [44] increases with decreasing blade-tip angles. With increasing de- 
Pw 7.BwD Mee, Sky gree of reaction, an increasing part of the kinetic energy is trans- 
formed into pressure energy within the impeller. This process 
achieves a better efficiency in a rotating impeller than in a sta- 
Equation [41] is the relation for the minimum value of the loss tionary diffuser because the boundary layer is always activated by 
factor By. Since the power absorbed by the relative eddy repre- the centrifugal forces and therefore grows at a slower rate than in 
sents the wheel-disk friction, it follows from Equation [44] that 4 stationary diffuser. By exaggerating the backward curvature, 
Bw is a function of the ratio s/D, and that Equation [41] must be .e., by selecting very small tip angles s+, the length of the im- 
supplemented by a relation for the optimum value s,/D. Inthe  peller channels, and consequently the friction losses, increase 
literature (7), values for s,/D are given as function of the Reynolds considerably and finally compensate the beneficial effect of the 
number for the case that a plane disk is considered. For impellers centrifugal forces, so that the obtainable efficiency decreases 
of turbomachines, no definite relations for the optimum clearance again. 
have been found in the available literature. Some test results on Although an impeller with 90-deg blade-tip angle has slightly 
compressors lead to the assumption that the optimum clearance __ inferior efficiencies, this impeller type stresswise is superior when a 
is smaller than the optimum clearance for plane disks. These design as shown in Fig. 10 is used and therefore allows higher 
tests suggest the equation peripheral speeds, i.e., higher pressure ratios. Before representing 
f (1 + 0.25Ma*.*) 0.07 numerical values for this type, some limits due to the influence of 
( - _[45] the sound velocity may be discussed. 
D/e (1+05Ma**) WRe*, 
* It must be mentioned that the sharp drop in efficiency for 85—: = 
20 deg is true only for the assumed 18 blades. By taking fewer 


for compressor wheels. The corresponding relation for turbine  j,jades, the efficiency obtainable with 6.-: = 20 deg will be slightly 
wheels takes the form’ higher. 
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As is well known, it is desired in many cases that no actual 
velocity exceed the value 0.9c,. A critical point is the relative in- 
let velocity w).’ Its relation to the characteristic values of the 
compressor can be written in the form 


wr 
{49} 


= = + ¢? 
€ 


for shock-free inlet conditions, Fig. 30. This figure indicates that 


30) Ketation Between Macn Numper at or Com- 
pressor AND Macn Numper Ma* or Compressor, CALCULATED For 
1.25,¢ = 1.6, Ky = 1, Bos = a = 90 Dea 


m= 


Limits roR ApPLicaTION OF PreroTaTion aT CoMPRESSOR 
CatcuLatep ror Ma* = 0.9,¢ = 1.6 


big. 31 


the Mach number of the compressor may exceed the value Ma*, 

1; however, it should not exceed the value Ma*, = 1.3 (for 
¢ = 0.3) when w; shall remain within the desired limits. By im- 
parting prerotation of a positive direction to the flow si the im- 
peller inlet (a; > 90 deg), it is possible considerably to extend 
these limits, because by this means the velocity w, decreases. At 
the same time, however, the velocity c increases, so that q = 
0.9 ¢, represents the limit for the application of prerotation, Fig. 
31. As a consequence of the prerotation, the theoretically obtaina- 
ble work decreases with the degree of prerotation (see Equation 
(6]), s0 that it seems to be favorable to apply prerotation only on 
those points of the impeller where the velocity w, would exceed 
the critical value, ie., one will apply prerotation first at the outer 
diameter of the inlet down to that point where no prerotation is 
necessary.'° 

By using the relations derived previously, and by considering 


* It must be mentioned that the impeller-discharge velocity c: 
also approaches sound velocity at high values of Ma*. However, by 
providing an annular diffuser without guide vanes directly behind the 
impeller, the influence of the sound velocity probably will be unim- 
portant. 

‘© With this arrangement the inlet tum beaomes form, 
so that the change of impulse within the rotor is different for different 
flow lines. For the calculations a mean state is assumed without 
accounting for a mutual interference of the flow lines. 
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MAY, 1952 
the restrictions just indicated, the basic performance diagram a 
radial compressors, having impeller blade-tip angles of 90 deg, 
assumes the form as presented in Fig. 32. This figure shows that 
the pressure coefficient drops only a little with increasing flow 
factors and that optima efficiencies are to be expected for flow 


factors close to ¢ = 0.3. The values presented in Fig. 32 also can cae ‘ 
be plotted in a manner as shown in Fig. 33, by substituting the a 3 


pressure ratio for the Mach number according to Equation [8]. 


Fie, 32 

Dec, Caccutatep ror Re* = 2 10%, € = 1.6, m = 1.25, Kr = 
w= 13 

(No discharge losses assumed.) 


Fic. 33° Retations ror Destan 
Dea, ror Re* = 2 > x 10*, Ki = = 1.6,m = 
“= 1. 3.<= 14 


Caaractertstic Valves op Compressors WITH = 90 


Compressor WiTH = 90 
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Fig. 33 shows additionally the characteristic value Ke and indi- 
cates that this value decreases with increasing flow factors. The 
value K- is of special importance when the static discharge pres- 
sure ps is considered instead of the total discharge pressure p,—, 
indicated in the diagram. These two discharge pressures differ 
for the amount of the pressure head Hy = ¢:—.*/2g, which in a 
dimensionless form also can be represented by a corresponding 
loss coefficient 


H, 
= 


Consequently, in cases where the static discharge pressure is con- 
sidered, the pressure coefficient becomes for the amount of q, 
smaller than indicated. The corresponding compressor efficiency 


qa ) 
It will be noted that in Figs. 32 and 33 the lines are partly solid 
and partly dashed. The dashed part of the lines indicate the 
range where prerotation is applied. 

Figs. 32 and 33 at the same time represent in a very rough and 
optimistic form the characteristic of a compressor with adjustable 
guide vanes. Actual tests, Fig. 34,'' showed that the range of flow 
factors (range of volume flow at constant speed) where the 
efficiency is constant, is about 60 to 70 per cent of the range indi- 
cated in Figs. 32 and 33. This difference originates from the fact 
that by calculating Figs. 32 and 33 no shock losses at the inducer 
and in the collector (scroll) had to be assumed, which, however, 
occur when the characteristic of a particular compressor is con- 
cerned. 

It might be mentioned that the concept presented in this paper 
also can be adapted for calculating the characteristic of a particu- 
lar compressor. Thereby it has to be considered that the dimen- 
sions of the turbomachine are now fixed by the design, i.e., by 
using, for example, Fig. 32 or 33. That means that the impeller 
width b, (Equation [15] ), the inducer angle 8, (Equation [36], and 
the scroll diameter d, (Equation [26]) are now constant and not 
variable as it was supposed by deriving some of the equations for 
the loss coefficients (Equations [22], [23], [35]). Hence these 
equations have to be modified slightly and must be presented 
in the form 


(51) 


= . mi (1 


Yap-n 


+ Ki- ‘Re*, 


Gi-n = . [54] 


whereby index o denotes the design point, and index n any point 
besides the design point. Additionally, shock losses (sometimes 
referred to as impulse losses) occur by oblique attack of the in- 


‘t These results cannot claim to represent optimal values because 
the arrangement of the guide vanes was very unfavorable (straight 
vanes with turning point in the middle of the guide vanes). 


for the shock loss at the tongue of the scroll. 
Equations [55] and [56] denotes a shock coefficient, the magnitude 
of which is | for an infinite number of inducer blades and about 0.5 
for a sharp tongue. With decreasing number of inducer blades 
and decreasing sharpness of the scroll tongue, the value of the 
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Fic. 34 Test Resucts or Compressor Apsvetas_e Guipe 


Vanes (DVL) Ma® = 0.6,€ = 1.54.2 = 8, = (Not Conat), 


ox’ = Nozzie Posrrion, Nor Equat To ANGLE a 


ducer blades and oblique attack of the tongue of the scroll. 
These losses can be calculated by well-known methods (11), and 
can be presented in the form of dimensionless loss coefficients such 


for the shock loss at the inducer and _ 


/ 
m2uX1 — Man*) \ Ki. 


The factor x in 


cot B, Re*, 


shock coefficient decreases. For calculating the change of the 
factor K; it holds the equation 

The change of density in Equation [57] can be determined by us- 
ing Equations [8] and [10] whereby, however, the factors g.4 and 
q have to be replaced by pq.a and pq, and whereby in each case the 
proper values of p, gaa, and q have to be used, p denoting the de- 
gree of reaction 
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As an example, Fig. 35 shows some calculated values for K, and 
indicates that this factor decreases with increasing Mach num- 
bers. Generally, it can be said that the characteristic of a par- 
ticular compressor is much steeper than the basic characteristic 
shown in Figs. 32 and 33, due mainly to the shock losses, es- 
pecially the shock losses at the scroll. 


Fre. 35 ~Facron Ki—c as Function or Frow Factor, 
FOR m = 1.25,€ = 1.6, A:/Aa = 1, = an = 90 Dea 


Fie. 36 Test Resucts on Compressor Vagiaste Guipe 
Vanes Beronrs Impe tier 


(Ma® = 1.12,¢ = 1.68, = 16, Re*® = 3.5 K 10, not constant.) 


In some cases prerotation of the flow at the inlet of the im- 
peller is used for controlling purposes by providing adjustable 
guide vanes before the compressor wheel (12). The effect of pre- 
rotation is similar to the effect produced by a change in blade-tip 
angle 8,-. (see Fig. 8). The pressure coefficient g.a is changed 
without considerable drop in efficiency. Fig. 36 shows actual 
test results (13). The change of the pressure coefficient originates 
mainly from the change of the theoretical work coefficient qu 
(Equation [6]). This controlling device is applied when the 
pressure ratio of the compressor shal] be varied at constant im- 
peller speed and when at the same time the efficiency drop shall be 
kept as low as possible (12). 


 ‘eodetivel from the velocity triangle, Fig. 4. 
(straight axial exit velocity), Equation [64] becomes qu = 0.59%. 
Figs. 37 and 38 show that the radial inward-flow turbine with an 
impeller shape as shown in Fig. 19, has its highest efficiencies with 
blade angles 8... of 60 deg to 100 deg.'*_ That means that a blade- 
tip angle of 90 deg yields efficiencies very close to the maximum 


(b) Turbine. In order to show some basic relations for tur- 
bines, a procedure similar to the one employed in the preceding 
section can be applied. The pressure coefficient can be calculated 
by 


= + Qi + . . [59] 
and the efficiency by - 


qu 
Qad—T 


= 


Introducing Equations [3], [34], [38], and [43] into Equations 
(59] and [60], the dependency of the pressure coefficient and 
efficiency on the characteristic turbine values ¢, 8), Re*, and 
Ma* can be calculated. This procedure results in a multitude of 
curves from which only very few are significant. Obviously, it is 
sufficient to select values which promise optima efficiencies for 
different possible combinations. Optima efficiencies are to be ex- 
pected at points where no shock losses occur at the impeller inlet, 
and when at the same time the absolute exit velocity c; of the im- 
peller is straight axially. That means that in Fig. 4 the relative 
flow angle 6, must be equal to the blade-tip angle 8-4, i.e. 


K,e 


Furthermore, the absolute flow angle a, in Fig. 4 must be 90 deg, 
i.e. 


cot = cot a; — .. (61) 


cot B; = (62) 


Introducing Equations [61] and [62] into Equation [3], the fol- 
lowing theoretical work coefficient results 


= 1 + oK, cot 


By using Equations [59], [60], and [63], the pressure coefficient 
and efficiency have been calculated for different blade angles B»-. 
These values are presented in Figs. 37 and 38 as functions of the 
flow factor. The difference between these diagrams is that in Fig. 
38 additionally the exit velocity ¢; is considered lost, i.e., pres- 
sure coefficient and efficiency are related to the static exit pressure 
Ps». That means that Equation [59] takes the form gar = 
qu + 4: + Qn + Qa whereby q, denotes the discharge loss co- 


efficient 
1 cot By 3 1 
“=,|e+\¢ 
2 m 


For a, = 90 deg 


obtainable efficiency. When, with this blade-tip angle, an im- 
peller shape as shown in Fig. 10, is used, considerably higher 
peripheral speeds and consequently the expansion of greater 
heads can be handled. This type will be investigated in more de- 
tail in the following 

For 8.2 = 90 deg, it results from Equation [63] that qn = 1 
for optima efficiencies. This is a good approximation which, 


12 It must be noted that the sharp drop in efficiency at 8s-: = 160 
deg is true only for the assumed blade number z = 18. The optimum 
blade number for #-: = 160 deg is smaller than 18, so that for 
Be-2 = 160 deg and z < 18, slightly higher efficiencies are to be 
expected. 
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Fie. 37 Cuaractentstic Turnstne CALCULATED FOR 
Re* = 2X 10°, Ma* = 0,.K; = 1,2 = 18,€ = 16,7 = 3,t = 15 
= 1.02 
(No discharge losses assumed.) 


however, cannot always be correct since the assumption which led 
to Equation [63] is an approximation only. In order to determine 
the exact design conditions, Equations [61], [62], and [63] must 
be disregarded, and Equation [59] must be written in the form 


[65] 


The factor ge» denotes a coefficient for the shock losses at the im- 
peller inlet which, according to well-known relation for shock- 
losses (11) can be expressed by 


= + + Qn + Ga + 


= (Ky cot ag — 1)*.... 


x 
With Equation [65] the relation for the efficiency can be written 
in the form 
qw +: + + Ga + Ger 


+ + nw + + Ger 


The efficiency becomes a maximum where the quotient in Equa- 
tion [67] becomes a minimum. Hence, by differentiating the 
quotient in Equation [67] in terms of g, an equation for the op- 
timum ¢-value results. Unfortunately, by introducing in the 
foregoing quotient the origina] equations (Equations [3 }, (34), [38], 
(43 |, (64), [66] ) for the loss and work coefficients, a very complex 
equation of high degree results which cannot be solved for g. In 
order to simplify the problem, the nozzle-loss coefficient gy may 
be regarded constant by choosing t and g-values correspondingly. 
With this assumption the differentiation yields an equation of the 


a) _ fourth degree which can be solved by the approximation 
- 
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Fie.38 CHaracteristic Tursine VaLues CaLcuLaTep ror Re* = 


2X 10%, Ma* = 0, K; = 1,2 = 18,¢ = 1.6,7 = 3,t = 1.5, w’= 1.02 
(Discharge losses included.) 
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Fic. 39 Opriwum Factor Kor Tursines as Function oF 
Fiow ANGLE ay 
According to Equation [61]---, and according to Equation (68}] ——-.) 


It is of general interest to compare the gop: values, resulting from 
Equation [68] with the go»: values resulting from Equation [61] 
(@op = tan a,K,~' for By. = 90 deg), in order to show the dif- 
ference between the more exact solution and the first simplifying 
assumption. This comparison is carried through with the simpli- 
fying assumption that 


Equation [69] results by equalizing Equations [61] and [62] 
after both have been solved for ¢. Fig. 39 shows both ¢.»: values 
as function of the angle a», and indicates that only for a, = 24 deg 
both values are equal. For smaller a;-values the more exact Equa- 
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tion [68] results in greater go» values than Equation (61) and, for 
greater a-values, Equation |68) gives smaller values than Equa- 
tion [61]. This means that in most cases optimum efficiency is ob- 
tained when slight shock losses are encountered at the impeller 
inlet and when the discharge velocity is slightly of axial direction. 
Introducing Equation [68] into Equation [3], it results in the 
theoretical work coefficient qu being slightly greater than one for 
small gvalues and slightly smaller than one for greater values of 
¢, Fig. 40. With this relationship and by using Equations [34], 
{38}, [39], and [43], a basie performance diagram for radial in- 
ward-flow turbines with 90-deg blade-tip angle is calculated and 


According to Equation [61] and according to Equation (68} 


Fic. 41) Vatves or Tursines With = 
Dec, ror Re* = 2 10% Ky = 1,€ = 1.6, m = 1.25, 
r= 15,4" = 1.02 
(--- Diseh losses included.) 


presented in Fig. 41.4 This diagram gives valuable information 
for the design and shows that only for a limited range of the flow 
factor high efficiencies can be expected when discharge losses have 
to be considered. Fig. 42" shows basically the same relations as 


‘* This diagram shows a considerable drop of the efficiency at smal! 
flow factors. This results from the assumption of a constant value 
for r as justified for some turbine designs with adjustable guide 
vanes covering a wide range of ¢. If fixed guide vanes are considered 
the factor r can increase with decreasing flow factors, so that for small 
values of ¢ better efficiencies will result than are represented in this 
diagram 


OF THE 


already presented in Fig. 41. The only difference is that in Fig. 
42 the Mach number Ma* has been replaced by the pressure ratio 
(according to Equation [9}), thus presenting the efficiency as — 


function of flow factor and pressure ratio. Figs. 41 and 42 also a oes 


can be regarded as very rough and optimistic characteristics of a 
turbine with adjustable vanes. In reality, Fig. 43,"' the range of 
the flow factor (volume flow at constant speed) where the 
efficiency is constant, is 70 to 80 per cent of the range shown in — 
Figs. 41 and 42 (see also 14, 15). This difference can be explained — 


42 Revations ror Desion or Tursines Wirn = 90 
CaveutaTep ror Re* = 2 X 10°, Ay = 1, € = 1.6,m = 1.25, 
r= 3,t= 15,4’ = = 14 
(Discharge losses included ---.) 
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Vanes (DVL) Ma* = 1.6,¢€ = 1.54,2 = 8,'Re* = 6.4 10¢(Nor 
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discharge velocity has been chosen in such a manner as to obtain ow 28 S 
maximum efficiency for every flow factor. This cannot be 
achieved when a particular impeller is considered. 

The derived eqifations can also be used for calculating the char- 
acteristic of a particular turbine. Hence it must be considered 
that now the dimensions of the turbine are fixed and not variable 
as assumed when deriving some equations for the loss coefficients. 
Therefore these equations have to be presented in a different 
manner and take the form 


by the fact that in calculating Figs. 41 and 43, the direction of the Aa be 12 


» 
at 


™1 + Kia)? VRe*, 


we (1 + Re®, 


™Ky 13% Re*, 
= hic. 44 Factor as Function or Frow Factor, Careviate 


Qv-n ™ 
V Re®, FOR a: = 18 Dec, = 90 Dec, m = 1.25, = 1.18 


in which index o denotes the design point, and index n any point 
besides the design point. For the theoretical work the original 
Equation [3] has to be used, and shock losses at the impeller inlet 
(Equation [66] ) have to be considered. Particular attention has ey Vad 
to be paid to the influence of the faetor K, which changes accord- 
ing to the relation 


£ 


Avy: 


Ki-r = 


The area ratio in Equation [72] is determined by the chosen de- 
sign. The density ratio in Equation [72] can be calculated by 
using Lquations [9] and [11] whereby, however, the factor gaa and 
q have to be replaced by pq.a and pq, and whereby in each case the 
proper values for q.a and q have to be used, p denoting the degree 
of reaction 


| flow {fiction lowes 


b, \? 


Hua Hy, /2g 


Fig. 44 shows ax an example the factor A, as a function of the 4 
flow factor and Mach number. This figure indicates that K, de- Pie. 450 Torsine CHaRracreristic 
creases considerably with increasing flow factors. Consequently, 
the theoretical work coefficient is not a linear function of the flow 
factor any more (see Equation [3]), but becomes a function of 
higher degree as shown in Fig. 45. This figure at the same time 
represents the calculated characteristic of a radial turbine. Com- 
parison between a calculated characteristic and test points is 
shown in Fig. 46 which demonstrates that the method presented 
vields fairly accurate values (16). 

The absolute velocity ¢ at the nozzle end can be expressed in 
terms of the sound velocity 


K,>. 


{74} 
sin 


This relation is graphically shown in Fig. 47. It must be men- 
tioned that Mau-r = 1 does not represent a definite limit. It 
merely indicates the point where sound velocity exists at the end 
of the nozzle, and special attention has to be paid to the nozzle 
design, because for Mayr > | the flow after expands behind the 


nozzle and changes its direction. A 


Design CHARTS 


In the foregoing considerations it has been shown that only for 


a limited range of flow factors maximum efficiencies can be ex- ; em ‘ wad . 

Fic. 46 Compantson Between Catcutateo Tureine CHarac- 
pected, and that for compressors as well as for turbines the value veatenc awe Teer Porses 
¢ = 0.3 is about the center point of this range. In the following, (ax = 18 deg, m = 1.25, As/Aa = 1.18, Boa = 90 deg, « = 1.4.) 
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fie. 47) Katto of Number at Exit or anp Macu 
Numper Ma*® or Tursine, Catcutatep ror K; = 1, a’ = 1.02 
Bes = 90 Dea 


for this value some more detailed considerations are presented. 

Of special interest is the influence of the blade number z on 
pressure coefficient and efficiency of radial compressors. By in- 
troducing for the slip factor the approximation'* 


and using Equations (6 |, {22}, {23}, (27 |, (34), (35 |, (36), [42], Fig 48 
can be plotted which shows that the pressure coefficient increases 
with increasing blade number whereas the efficiency has a maxi- 
mum at certain blade numbers. This maximum is very flat so that 
an optimum number of blades cannot be stated, but merely a range 
of blade numbers. In Fig. 49 this range is represented by its 
median value z,,. It must be emphasized that the blade number 
can be made z = (0.9 + 1.1)z, without any change in efficiency. 
The pressure coefficient, however, depends very closely on the 
blade number and is 


for z = 0.9 and 
dad = 1.03qed-cm 


forz = L.lz,. The tendency of the optimum blade number is ex- 
plained by the fact that with small Reynolds number the fric- 
tion losses are comparatively high so that the friction surface must 
be kept small, i.e., the blade number must be small. For high 
Reynolds numbers the friction losses are smaller, so that a higher 
friction surface, i.e., a higher number of blades, becomes admissi- 
ble. Equation [26] indicates that the scroll design depends on the 
slip factor, i.e., on the blade number. Consequently the value K- 
is also affected by the blade number. Fig. 50 shows how the 
value Kg is changed when the blade number is different from z = 
18 (as used in Fig. 33). 

Unfortunately, no relation for the dependency between shock 
coefficient. yx and blade number z has been found in the available 
literature, so that a consideration for the optimum blade number 
of a radial turbine has to be kept for a later time. Very probably 
the optimum blade number for radial turbines will not be much 
different from the optimum blade number for radial compressors 
so that the relations presented in Fig. 49 also may be used for 
turbines, 

General design diagrams for turbomachines result when the 
pressure coefficient and the efficiency for different Mach numbers 
is plotted against the Reynolds number, Figs. 51 and 52. Such a 
diagram has general validity for all gases with «-values from 1.2 


'* For more exact relations see (2, 3). 
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Fic. 48 Pressure Corrricient AND or Com- 
PRESSORS FUNCTION OF BLape NUMBER z, CALCULATED FOR 
16 =13,¢ =03. 
(No discharge losses assumed.) 


Fic. 49° Meptan Vatue or Optimum Biape Numper ror Com- 
prRessons, CALCULATED rore = 1.6, 4 = 1.3, Ki = 1, ¢ = 0.3. 


50) Lneivence or BLape Numper on Vatur Ke 
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Fie. 51 Pressure Coerricrent gaa AND Erriciency or Com- 
PRESSORS AS FUNCTION OF THE ReyNoLps NumBer Re* ror ¢ = 0.3, 
e= 16 


(No discharge losses assumed.) 


to 1.5," and with viscosity values which follow Equation [12]. 

The procedure by which this diagram may be used is a trial-and- 

_ error method. 
Compressors. 


Given values: Compression ratio p:/pi, weight 


_ flow W, inlet temperature 7), and inlet pressure p;. By first 


assuming @ pressure coefficient q.4, the Mach number Ma®* is 
calculated by using Equation [8]. With the same we of dad, 
the peripheral speed is calculated by the relation u: = Vv oH adQad, 
Hua denoting the pressure head corresponding to p:/p, and 7). 
The inlet velocity is found by cn. = gus, and the inlet area by 
Ay leat, denoting the inlet volume with 
= 

with as gas constant. T he inlet is isd=¥ and 
the outer diameter becomes D = de. With Equation [12] the 
dynamic viscosity is determined and the Reynolds number 
Re* = Dus/m. For this Reynolds number and the initially calcu- 
lated Mach number Ma*, the pressure coefficient qa has to be 
read from Fig. 51 and compared with the first assumed value of 


aa. 
This procedure has to be repeated until both g.a values are 


equal. From Fig. 51 the efficiency also is found. By using Fig. 
51, the influence of the blade number, as indicated by Equations 
_ [76] and [77] has to be taken into account. From Equations [15] 


and [26] the width b, of the impeller and the diameter d, of the 


scroll are found. The diameter of the annular diffuser is D, = uD 
and the angle 8, of the impeller results from Equation [36]. The 


— pina clearance s, between impeller and casing is calculated by 


Equation [45]. For cases where this clearance must be greater 
for constructional reasons it follows from Equations [44] and [45] 
that a drop in efficiency has to be expected which amounts to 


approximately 


, 7 + 0.5 Ma*c*)s,/D 
21 + 0.5Ma*c*)s/D 
1+ ———— 
. ¢/é 
Turbines. When for the turbine the same values are given as 
listed for compressors, the procedure is essentially the same as de- 
4 This restriction results from Equations [8] and [10], because only 
for this range the rise of the x-value does not seriously affect the 
change of density. 
* No hub assumed, i.e., dy = 0. 


Fio. 52) Pressure Coerricient gaa AND Erricrency or Tursinrs 
as Fonction or Rernotps Numper Re* ror ¢ = 0.3, = 1.6 
(No discharge losses assumed.) + 


scribed for compressors. The following differences, however, must 
be considered. Equation [9] applies instead of Equation [8} for 
calculating the Mach number. The discharge velocity ca-s and 
area A, are calculated instead of inlet velocity c.— and area A. 
Consequently the discharge volume 


has to be used instead of V;, whereby the density ratio y:/71 can 
be calculated by Equations [9] and [11], wherein g = mea qaa 
Fig. 52 has to be used instead of Fig. 51, and the influence of the 
blade number (Equations [76] and [77]) has to be disregarded. 
The relation by = 0.25De-*K applies for calculating the 
impeller width, and Fig. 25 for computing the nozzle width. 
Equation [46] instead of Equation [45] applies for the optimum 
clearance. For greater clearances an efficiency drop of 


~ (1 


has to be expected. 

The trial-and-error procedure can be avoided when, in Figs. 5! 
and 52, the Mach number is replaced by the pressure ratio accord- 
ing to Equations [8] and [9]. Such a diagram, however, can be 
valid for a definite x-value only. In order to simplify the proce- 
dure further, the Reynolds number can be expressed by a new 
characteristic value a, which for compressors can be written in the 
form" 


const - ¢ E + 1 


(80) 
V Ma*,€ 1.34 «g 


For turbines this characteristic value takes the form" 


Re*rV (1 — 
/Ma*; e(1 — 134 


+1) 
Kg 


The constant in the equation depends on the dimensional system 
used (const = 1 for metric system), and the value £Z is the con- 
stant in the viscosity Equation [12] (2 = 7.3 10~* for air). 


(81) 
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Hence the Reynolds number in Figs. 51 and 52 can be replaced 
by the value a, and the value a by weight flow, inlet pressure, and 
inlet temperature, so that finally a diagram results as presented in 
Fig. 53." By using this diagram the starting point is the weight 
flow W in Fig. 53(6). The a-value is found by following the 
vertical lines in this diagram to the lines p, = const, and following 
the horizontal lines from this point to the lines 4, = const. 
For this a-value in Figs. 53(a) or (c), the pressure coefficient and 
efficiency are found as functions of the pressure ratio. The shaded 
range indicates a zone where laminar flow has to be expected, 
when the relations valid for pipes and ducts are applied to the im- 
peller flow passage = 1.7 * 

The values presented in Figs. 51, 52, and 53 have been caleu- 
lated for fixed values of g and €. In order to present a more com- 
plete survey over the deeutedities of radial turbomachines it 
is necessary to compute similar diagrams for different values of 
gande. Figs. 32 and 41 indicate by which proportions the flow 
factor g changes the characteristic values q.a and qua of compres- 
sors and turbines. Hence, by using these figures in addition to 
Figs. 51, 52, or 53, the influence of the flow factor can be ac- 
counted for. In regard to the influence of the diameter ratio € it 
can be said by considering Equations (22 |, (35), [42], [43] 
that, generally, by applying a greater diameter ratio, the efficiency 
will be decreased slightly. Smaller diameter ratios very 
vield slightly higher efficiencies. ‘Test results on compressor 
wheels with a diameter ratio of € = 1.35 supported the foregoing 
conclusion in some respects, 


often 


It must be pointed out that by using the Blasius law in caleu- 
lating the efficiencies, an assumption regarding the maximum ad- 
missible roughness already has been made. This becomes evident 
when the relation for the flow resistance in rough channels is con- 
sidered. This relation can be written in the form 


k* 
(+) 


when &* denotes the average height of surface irregularities. 
result of comparing Equation [82] 


The 
with Equation [13] and the 
Blasius law is that the calculated efficiencies can be true only as 
long as the relation 
Ke < D*6.65 
Re [83] 
is fullitled 


is 


That means that the maximum admissible roughness 


Substituting the characteristic diameter D* and the individual 
Reynolds number Re in Equation [84] by the impeller diameter D 
and the characteristic value a, the maximum admissible roughness 
for obtaining the efficiencies cited in Fig. 53 is 


[85 | 
a 10 
where y = 2 for the annular diffuser, y = 2.8 for the scroll, and 
uv = 123 (1 (1 0.33.Ma*,*) for the nozzles. 
For the impeller no relation can be given because investigations 
regarding the influence of the surface roughness on rotating parts 
have not vet progressed far enough 
rotating parts is of minor influence 
stead of y = 2.4 for compressors and y = 2.4(1 


Probably the roughness in 
mavbe close to y = 3.5 in- 
0.165Ma*,2)! 

0.11 Ma*r*)® for turbines, as resulting when applying the 


" Por further simplifications see reference (17) 


jis, “he 


relation valid for stationary channels—because the roughness 
mainly influences the boundary layer which in rotating parts is _ 


activated by centrifugal forces and, consequently, influences the —_ 


flow to a lesser degree than in stationary channels. The efficiency 
for k* >k* max can be read from Fig. 53 when taking the efficiency re- 
sulting for a = a,(k*%mwax/k*)"® for the original Mach number — 
Ma* when a, is the a-value for the design point, and k* is the 
value for the actual roughness. 


Power Plants TURBOMACHINES 
Fig. 53 shows that the efficiencies of turbomachines decrease 
with decreasing weight flows and increasing pressure ratios, De- 


tailed investigations as established by Dr. E. Naumann demon- 
strated that this tendency has a decisive influence on the design of 


53) Deston Cuart ror AND TURBINES (30 
90 Deo, dw = 0) 
(No discharge losses assumed.) 


smal! power plants consisting of compressor, combustor, and tur-- 
bine. As is well known. the over-all efficiency of such power 
plants increases with increasing pressure ratios and increasing gas _ 
temperatures as long as the efficiency of compressor and turbine | 
can be assumed constant. 
eflimencies as indicated in Fig. 53 (and when additionally different — 
¢- and €-values are considered for matching the speeds of com-_ 
pressor and turbine) are assumed, the over-all efficiency of the 
power plant becomes dependent upon the pressure ratio and on — 
the weight flow, i.e., net power, in such a manner that for eac » 
amount of net power and each gas temperature an optimum 
pressure ratio results, 

As an example, some of these relationships are presented in Fig 
54. This diagram shows the optimum pressure ratio and the 
lowest obtainable specific fuel consumption as function of the net 
power for different gas temperatures. This diagram also shows 
that the required rotational speeds increase with decreasing net 


When, however, for the turbomac hines 7 


e 
| 
| 
- 


One stage redial compressor 
One stage radial turbine 


Net power 


Pre. 540 Minimum Speeciete Consumption or Power 
Piants as Function or Net Power 


_ power. It is interesting to note that for extremely small 
‘net power the application of especially high gas temperatures 
increases the fuel consumption. 

It may be mentioned that the investigations also revealed that 
lower fuel consumptions (up to 15 per cent) than indicated in 
Fig. 54 can be obtained when two turbines are used (one turbine 
driving the compressor and a power turbine), because thus the 
speeds of compressor and turbine are closer to the optimum speed 
of each unit. With this arrangement the speed of the unit must 
be increased (up to 40 per cent ). 
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Discussion 


W. T. von per Nveww.” The author has presented a chart 
demonstrating his opinion with regard to the influence of the 
Reynolds number on the efficiency of turbomachines. An in- 
crease of 10 points in efficiency is co-ordinated with an increase 
in Reynolds number from approximately 3 X 10° to 2 x 10°, 

This subject can safely be called a controversial one. And 
cases are known where, in spite of rather accurate testing both 
with variation in size of the machines tested and in flowing sub- 
stances, only minor if any Reynolds-number influence .could be 
detected, although also, surface roughness conditions were ol - 
served as closely as engineering (as contrasted with the phys- 
icist’s work) would permit. 

It would be quite interesting to hear whether those who know 
are in agreement with the author or care to present their experi- 
ence. 


Avurnor’s CLOSURE 
The influence of the Reynolds number on the efficiency of 


turbomachines has been studied in several places and has also 
been treated in the literature.” As an example, a pertinent 


+ 


4 


Fie. 55 


diagram?® presenting test results regarding the influence of the 
Reynolds number on the efficiencies of turbomachines is shown 
in Fig. 55 which shows the same tendency and in very many 
cases the same absolute values as shown in Figs. 51 and 52. 
This seems to prove that the concepts used in the precalculations 
give sufficient consideration to the main influences, usually 
experienced in turbomachines. One aspect, however, which 
cannot yet be covered adequately is the influence of the degree 
of turbulence on the characteristics of turbomachines. 

The influence of the degree of turbulence was first encountered 
as measurements on the same airfoil gave different results 


'* AiResearch Manufacturing Company, a Division of the Garrett 
Corporation, Los Angeles, Calif 

” “The Influence of Reynolds Number on the Performance 
of Turbomachinery,” by Hunt Davis, Harry Kottas, and A. M. G. 
Moody, Trans. ASME, vol. 73, 1951, pp. 499-509. 

* Diagram of Fig. 55 taken from footnote 19. 
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when tested in wind tunnels of different sizes and design. This 
difference is explained by the fact that the degree of turbulence 
of the wind tunne! tlow varies with design and tunnel size. By 
determining a turbulence factor™ (defined as the ratio of the 
critical Reynolds number of a sphere in a nonturbulent air 
stream to the critical Reyn« ids number in the tunnel), the dif- 
ferent results can be correlated. This turbulence factor and 
its characteristics has been investigated in wind-tunnels and 
it seems to be stundard practice for wind-tunnel testa to refer 
the test resulta to a specified standard turbulence. 

In the field of turbomachines, the degree of turbulence very 
probably has some influence also and occasionally may compen- 


" “Turbulence Factors of N.A.C 
by Sphere Tests." by Rober: C 


A. Wind Tunnels as Determined 
. Platt, NACA Report No. 558. 
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saute the influence of the Reynoldsnumber However, the know!l- 
edge of the turbulence factor in turbomachines does not seem 
to have progressed far enough to establish definite relationships 
for its influence in radial tarbomachines. 

In view of these considerations, it seems justified to assume 
that the precalculated values are fairly correct, as long as they 
are referred to the same degree of turbulence (for example, 
to the turbulence of the free atmosphere). If, therefore, cases 
are known where only a minor, if any, Reynolds number in- 
fluence could be detected, it would be quite interesting to know 
the details of machines size and test setup in those cases, in 
order to learn more about the turbulence factor in radial turbo- 
machines. 
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_ Some Theoretical Aerodynamic Investiga- 


tions of Impellers in Radial- and Mixed- 


Flow Centrifugal Compressors 


By J. D. STANITZ,' CLEVELAND, OHIO 


The purpose of this paper is to present the numerical re- 
sults of several theoretical, aerodynamic investigations of 


impellers in 


radial and mixed-flow centrifugal compres- 


sors and to discuss the significance of these results with 
_ respect to improved compressor performance. The solu- 


tions are not 


intended to supply specific design informa- 


tion but rather to help create a general understanding 
and awareness of the flow conditions in impellers of centrif- 


ugal compressors. 


The paper is given in two parts. In 


Part 1 two-dimensional relaxation solutions for compres- 
sible and incompressible fluids are presented for flow with 
axial symmetry (two solutions) and for flow between blades 
on surfaces of revolution about the axis of the impeller 


(eight solutions). 


The effects of variations in the following 


design and operating conditions of the impeller are in- 


revolution. 


A = 
A, B,C 
a 
b 


= 
= 
c= 
= 
= 


exp 


Fp, Fo, Fe 


g 
H 
A 


= 


flow surfaces of revolution. 


(a) Compressor flow rate, (6) impeller-tip 


The numerical results are 
plots of the streamlines, constant-velocity or 


Mach number lines, and constant static-pressure lines. 
In Part 2 three approximate methods of solution are 
presented which can be used for relatively rapid analysis 


vestigated: 
speed, (c) number of blades, and (d) blade curvature on 
presented in 
: compressible flow between blades on flow surfaces of 


NOMENCLATURE 


The following nomenclature is used: 


ratio, Equation [17a]! 

coefficients, Equation [C-13], Appendix C 

annulus area normal to flow surface of revolution 

number of blades 

speed of sound 

exponential [exp (z) = e*] 

body force, or “distributed blade force,” per unit 
weight of fluid (dimensionless) 

components of F in R, 6, Z-direction (positive in 
direction of increasing R, 0, Z) 

acceleration due to gravity 

channel height ratio, k/hy, Fig. 8 

channel height normal to flow surface of revolu- 
tion 

impeller-tip speed (impeller-tip Mach number), 
Equation [2] 

pressure ratio, p/p, 

static (stream) pressure 
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Qu 


Qe, Qe, Qz 


R, 0,2 


’ = distance along blade surface (dimensionless: 


= velocity relative to impeller (dimensidnless: Q 
expressed as a ratio of c,) 

= meridional velocity, Equation [3], Fig. 3 

= components of relative velocity Q in R, @, Z- 
directions (positive in the directions of increas- 
ing R, 6, Z) 

= cylindrical co-ordinates relative to impeller 
(dimensionless: R and Z expressed as ratios of 
rr, 9 positive counterclockwise), Fig. 3 

= gas constant 

= largest radius at which fluid is assumed to be 
perfectly guided by blades on flow surface of 
revolution (in approximate circulation method ) 

= impeller-tip radius 

Ss 
expressed as a ratio of ry) 

= static (stream) temperature 

= time 


* = total flow through annulus area a 
€ = directions defined by Equations [4], [5], and [6], 


Subscripts: 


abs 


Fig. 3 

= blade angle on flow surface of revolution (thin 
blades only), Equation [16] 

= absolute circulation 

= ratio of specific heats 

= ratio of passage width to blade spacing on flow 
surface of revolution at constant R and Z 

= boundary-layer thickness 

= whirl ratio, Equation [8] 

= slip factor, ratio of average absolute tangential 
velocity of fluid at impeller tip to tip speed of 
impeller 

= transformed co-ordinates, Equations [B-4] (Ap- 
pendix B) ; 

= static (stream) weight density 

= angular blade spacing, measured on conic surface 
of revolution, Equation [15] 

= flow coefficient, Equation [14] 

= stream function, defined by Equation [A-9] 
(Appendix A) for meridional plane and by 
Equation [B-3] for flow surfaces of revolution 

= angular velocity of impeller (counterclockwise ) 


= component of absolute velocity along blade sur- 
face 

= average value across passage between blades on 
flow surface of revolution 

= blade 

= driving face of blade (face in direction of rotation ) 

= stagnation condition upstream from impeller 

= standard solution 

= impeller tip 

= trailing face of blade (face opposed to direction cf 

rotation) 


| 
> 
R 
r 
7 
a, B, 
6 
. 
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upstream from 


« = largest radius at which fluid is considered to be 


perfectly guided by 
circulation method 


blades (in approximate, 


Superscripts: 
’ value estimated by correlation equations 


1) RELAXATION SOLUTIONS 


INTRODUCTION 


The design of centrifugal compressors is largely an art based 
If detailed 
knowledge of flow conditions within centrifugal compressors 
existed, rational design methods based on this knowledge might 
he developed for centrifugal compressors with improved per- 
For example, boundary-layer separation, which de- 
creases compressor efficiency, could be controlled by aerodynamic 
design methods based on knowledge of the velocity gradients that 
reoult from various design configurations. Knowledge of the 
flow conditions within centrifugal compressors can be determined 
by theoretical and/or experimental aerodynamic investigations. 
Some theoretical investigations are considered in this paper 

In the past, several methods of analysis that apply to centrifu- 
gal compressors (references 1 to 6,? for example) have been de- 
veloped, but few numerical solutions have been reported in detail 
(references 1, 4, 5, and 6, The purpose of thi« 
paper is to present the numerical results of several theoretical, 
aerodynamic investigations of impellers in radial and mixed- 
flow centrifugal compressors and to discuss the significance of 
these results with respect to improved compressor performance 


upon experience obtained from cut-and-try methods 


formance. 


for example). 


The solutions presented are not intended to supply specific design 
information but rather to help create a general understanding and 
awareness of the flow conditions in impellers of centrifugal-type 
COMpressors, 

For given operating conditions, the flow within compressors de- 
pends on the 
effects) and on the fluid properties (compressibility 
The effect of compressibility is considered in this paper 
and some three-dimensional-flow effects are indicated by the 
combination of two-dimensional solutions. The effects of viseos- 


compressor geometry  (three-dimensional-flow 
and vis- 


cosity) 


ity are neglected 

In Part 1 of this paper, two-dimensional relaxation solutions 
are presented for flow with axial symmetry and for flow between 
blades on surfaces of revolution about the axis of the impeller 
The effect of variations in the following design and operating con 
ditions of the impeller are investigated: 
() impeller-tip speed, (¢) number of blades, and (d) blade curva- 
ture on flow surfaces of revolution 

Tie work presented in this paper was conducted at the Lewis 
Flight Propulsion Laboratory of the NACA and is partially re- 
ported in references (7 to 10). 


(a) compressor flow rate, 


PRELIMINARY CONSIDERATIONS 


Consider the flow of an ideal fluid through a typical impeller 
passage such as shown in Fig. 1. The fluid is free to follow what- 
ever path the pressure and inertia forces require of it. If, how- 
ever, the number of blades in the impeller approaches infinity, the 
space between blades approaches zero, and the path of the fluid is 
limited to the curved mean surface of the blade. (The blades be- 
come infinitely thin so that the two surfaces of each blade ap- 
proach a mean surface.) The fluid motion is thus reduced from a 
general three-dimensional motion to a two-dimensional motion 
restricted to the mean blade surface. The streamlines of this 
two-dimensional motion can be projected on the meridional plane 


* Numbers in parentheses refer to the Bibliography at the end of 
the paper 
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(Streamline designation indicates percentage of flow oom »ressor be- 
tween streamline one impeller hub. Incompressible flow; Vy equal to 
0.3429 far upstream from impeller.) 


(axial-radial plane) as shown in Fig. 2. The solutions are axially — 
symmetrical because the infinite number of blades prevent the 
fluid properties from varying about the axis of the compressor. 
Ruden (11) has shown that, provided the blades are not too widely 
spaced in the compressor, axial-symmetry solutions give : 
conception of the mean flow between blades. 
type are presented in this paper. 

For finite blade spacing, flow conditions vary between blades 


a good 
Solutions of this — 


{ 
4 
Shroud 
ratio 
— 

= 


STANITZ 


; r (cireumfe! rentially about the axis of the impeller), as well as from 


hub to shroud. To investigate the variation between blades, it 
is assumed that the flow is limited to surfaces of revolution gen- 
erated by rotating the center line of the channel between ad- 
jacent streamlines in the meridional plane (axial-symmetry solu- 
tion, Fig. 2) about the axis of the compressor. For sufficiently 
close streamline spacing in the meridional plane, flow conditions 
are considered uniform normal to these surfaces of revolution. 
Thus the flow is limited to two-dimensional motion on flow sur- 
faces of revolution. Blade-to-blade solutions of this type are 
presented in this paper. 

Blade-to-blade solutions can be obtained for every flow surface 
of revolution generated by the center lines between adjacent 
streamlines in the meridional plane. Therefore flow conditions 
can be determined approximately throughout the passage. The 
resulting quasi-three-dimensional solution is obtained by the ecom- 
bination of types of two-dimensional solutions 
symmetry solution and blade-to-blade solutions ). 


(axial- 
Such a com- 
bination of solutions prohibits the possibility of a corkscrew path 
which the fluid might follow in a true three-dimensional solution, 


two 


but it does give a better idea of the flow than does any two- 
dimensional solution alone. 

The evlindrical co-ordinates R, @, Z shown in Fig. 3 are con- 
venient to use in theoretical studies of the flow in impellers of 
centrifugal compressors. These co-ordinates are dimensionless, 
the linear co-ordinates R and Z having been divided by the im- 
peller tip radius r; (so that & equals 1.0 at the impeller tip, for 
example). The co-ordinate system rotates with the impeller about 
the Z-axis. The angular velocity @ is always positive and in the 
counterclockwise direction as shown in Fig. 3. 

The velocity Q, relative to the rotating co-ordinate system, has 
components Qz, Qe, and Q, in the R, 6, Z-directions, respectively 
(Fig. 3). These velocities are dimensionless, having been divided 
by the stagnation speed of sound c, upstream from the impeller, 
where 


in which R& is the gas constant, 
The impeller-tip speed is likewise dimensionless and equal to 
the impeller-tip Mach number My which is defined by 


4 
4 
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equal to RM, and the absolute tangential velocity of the fluid 
is equal to (RM + Qe). 

In addition to the three components of the relative velocity Qx, 
Qs, and Q; it is convenient to define a fourth velocity component, 
lving in the meridional plane (RZ-plane) and defined as the 
meridional velocity Qu where from Fig. 3 


Qu® = Qe? + 


The meridional velocity Qy helps define two angles a and 8, 
shown in Fig. 3, from which figure 


Qe = Qy sina 


Qu = B 
Qe = Qain 
The angle € also shown in Fig. 3, is defined by Sider 
Qs nat 
tané = {6} 
From the general energy equation it can be shown that the 
static (stream) temperature 7’ is related to the relative velocity Q 
by (reference 8) 
1 
((RM,)* — Q? — {7} 
where A is the whirl ratio (absolute moment of momentum 
divided by rre,) given by 


A = R(RMz + Qe) 


The pressure ratio P and the density ratio p/p, are likewise re- 
lated to the relative velocity Q by 


p r\— 
P = y-1 
( T, ) 


l 
((RM,)? — Q? {9} 


2 


((RM,)? — Q? — 


AXIAL-SYMMETRY SOLUTIONS 


The distribution of streamlines and lines of constant relative 
velocity in the meridional plane are considered in this section. 
Two incompressible solutions are presented for the same impeller 
with straight impeller blades. In the first solution the inducer 
vanes are immediately ahead of the impeller; in the second solu- 
tion the vanes are removed, and the straight impeller blades are 
extended indefinitely upstream parallel to the axis of the impeller. 
(A description of the impeller and inducer vanes is given later.) 
Comparison of these solutions gives an indication of the influence 
of inducer vanes on the flow in impellers. 

Basic Idea. The basic idea of a “distributed blade force,’’ re- 
quired for rationa! solutions with axial symmetry in compressors 
and turbines, is clearly shown by a simple development starting 
with the general equations for three-dimensional motion without 
In terms of the relative velocity and co-ordinate ratios 
used in this paper, the equations of motion become (assuming the 
flow is steady relative to the rotating blades) 


viscosity. 


sy) 


a 
and 
Thus the tangential velocity of the impeller at any radius Ris T, 
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where F is the body force (resulting from an arbitrary force field) 
per unit weight of fluid at any point in the flow field. (For exam- 
ple, F is equal to unity in the gravitational force field.) If axial 
symmetry is assumed, then the partial derivatives with respect to 
@ in Equations [11] become zero and in particular Equation [11}] 
becomes 


20,.M 
aR + 57 + r+ R 


which from Equation [8] is equivalent to 
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tan € = -2.91661 R 
tan €= 2.91661 x 


tan € =O for all values 
of RandZ 
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(Zero impeller blade thickness; vaneless diffuser.) ne 


momentum (in dimensionless form). If the blades exert a guiding 
action on the fluid, (dA)/(d¢) is not equal to zero and, therefore, 
from Equation [12], the body foree F cannot equal zero. In im- 
pellers with a finite number of blades (d\)/(dt) results from pres- 
sure differences on the two surfaces of each blade. The blade 
forces resulting from these pressure differences approach zero as 
the number of blades approach infinity, but the weight of fluid 
contained between blades also approaches zero, and the ratio of 
blade force to weight of fluid approaches a value which is the body 
force or the distributed blade force F, at any point (R, Z) in the 
meridional plane. 

The distributed blade force F must be normal to the mean 
blade surface, because F results from pressures which act normal 
to the blade surfaces. For axial symmetry, the relative velocity 
Q lies on the mean blade surface so that the condition for F being 
normal to the mean blade surface is given by 


+ FoQe + F2Qz = 0.. 


The concept of a distributed blade force which acts normal to 
the blade surface was introduced by Lorenz (14) in 1907. 
Method of Avralysis. A differential equation for the stream 
function in the meridional plane is developed in Appendix for 
constant A, and for impellers with radial blade elements, that is, 
for impellers with the mean blade surface generated by radial 
lines normal to the a:.is of rotation. The geometry of the im- 
peller is arbitrary in all other respects. The differential Equation 
[A-10] or [A-11} (Appendix A) is solved by relaxation methods to 
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~impelier-tip speed 


__ Axis of impetier 
(b) Solution II: Impeller with inducer vanes removed and straight 
impeller blades extended upstream parallel to axis of compressor 


Lines or Constant Retative Vevocrry Meripronat ror Axtat-Symmetar or Descrisep IN 


Fie. 4 
(Incompressible flow; Qz/Mr equal to 0.342% far upstream from impeller.) 


obtain the distribution of ¥ for given boundary conditions. Lines 
of constant W are streamlines, and the velocity distribution is de- 

termined from the distribution of ¥. A completely general method 
of analysis is given in reference (6). 

Description of Impeller. Two axial-symmetry solutions have 
been obtained for the same impeller with straight (8 and € equal 
zero) blades of zero thickness. Dimensions of the impeller profile 
in the meridional plane are indicated in Fig. 4. For solution I the 

_ inducer vanes (regi n B in Fig. 4) gre located immediately ahead 
of the impeller (rezion C). To simplify the numerical procedure, 
_ the inducer vanes are continued through the inlet region A 
(Fig. 4), at the ideal angles for no vane loading. For solution II, 
the inducer vanes were removed and the straight impeller blades 
were extended indefinitely upstream parallel to the axis of the 
compressor. (Thus for solution II, tan € and tan 8 equal zero 
everywhere up to the impeller tip.) A vaneless diffuser was as- 
sumed in both solutions. 
Conditions of Solution. Both solutions are for incompressible 
_ flow and for the same ratio of impeller-tip speed to volume flow 
rate. This ratio of tip speed to flow rate corresponds to a value of 
Qz/Mr equa) to 0.34286 upstream from the impeller. For incom- 
pressible flow, the stagnation speed of sound c, contained in the 
definitions of Q and Mr, is a fictitious quantity which cancels be- 
cause Q and M, appear as ratios of one another. 
Streamlines. Streamlines for the two axial-symmetry solutions 
Psi shown in Figs. 2 and 5. The streamlines are designated by a 


stream-function ratio such that the value of the streamline indi- 
cates the percentage of flow through the compressor between the 
streamline and the impeller hub. At a given radius, the stream- 
line spacing is indicative of the meridional velocity Qy with close 
spacing indicating high velocities and wide spacing indicating low 
velocities. 

In Fig. 2 streamlines are shown for solution I (the impeller with 
inducer vanes) and, in Fig. 5 the streamlines of solution I are 
compared with the streamlines for solution II (the impeller with 
inducer vanes removed). The streamline distribution is nearly 
the same for both solutions, indicating that, at least for thin 
blades (6 = 1.0) and incompressible flow, blade curvature about 
the axis of the compressor has only a small effect upon the stream- 
function distribution in axial-symmetry solutions. 

Also, it is interesting to note that for solution II, in which tan € 
equals zero, the differential Equation [A-11] (Appendix A) for the 
distribution of becomes 


RK oR 


ory 

az: 

which ® identical to the differential equation for the distribution 
of in axial-symmetry problems with no impeller blades at all.* 
Thus for incompressible flow the stream-function distribution in 
the meridional plane is the same with or without thin blades. 


s Reference (15), p. 126. 
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(Approximately the same is true if the blades are curved about 
the axis of the compressor. ) 

Lines of Constant Q/ My. Lines of constant Q/M, are shown in 
big. 6 for the two axial-symmetry solutions. (Q/M, is the ratio 
of relative velocity to impeller tip speed.) 

In Fig. 6(a@) lines of constant G/M, are plotted for solution I 
(impeller with inducer vanes). Ahead of the inducer vanes 
(section A) the velocity acccelerates along the shroud and de- 
celerates along tne hub (much as it might when approaching any 
duct elbow). In the inducer (section B) the relative velocity de- 
creases along all streamlines. This deceleration results from the 
turning of the inducer vanes which increases the relative flow area 
between the blades. In the impeller (section C) the velocity ac- 
celerated along the hub but remains about constant along the 
shroud. The ‘‘relative’’ velocity rapidly becomes uniform across 
the passage in the vaneless diffuser and increases indefinitely as 
the “absolute” velocity approaches zero with increasing radius 
(required by constant moment of momentum). 

In Fig. 6(6) lines of constant G/M, are plotted for solution I 
(impeller with inducer vanes removed). For this solution, the 
value of Q/M>, far upstream from the impeller elbow is equal to 
0.34286 (which is the specified value of Q,/M, far upstream from 
the impeller, see Conditions of Solution). A comparison of Figs. 
6(a) and 6(b) shows that, although the velocities are quite dif- 
ferent in those regions where the blade geometry is different 
(sections A and B, Fig. 4), the velocities are much the same in the 
region where the blade geometry is the same (section C, Fig. 4). 
Therefore, at least for incompressible axial-symmetry solutions 
with thin blades (6 = 1.0), the influence of the inducer vanes on 
the velocity distribution, and so forth, probably does not extend 
far into the impeller. If, however, the axial-symmetry solution 
for an impeller with finite blade spacing is based upon some mean 
flow surface (extending from hub to shroud) rather than upon the 
mean blade surface, the effect of the inducer-vane curvature on the 
flow in the impeller depends upon the effect of the vane curvature 
upon the deviation of the mean flow surface from the mean blade 
surface. 
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A Compressible Solution. Lines of constant Q, from the axial- 
symmetry solution for compressible flow given by Hamrick, Gins- 
burg, and Osborn (5), are shown in Fig. 7. For this compressible 
solution the velocity decelerates continuously, and at a high rate, 
along the shroud (Fig. 7) whereas for the incompressible solutions 
(Fig. 6) there is only a slight deceleration along the shroud. 
This behavior of the velocities along the shroud in the two im- 
pellers can be explained as follows: The annulus cross-sectional 
area of the impeller in the incompressible solutions decreases 
nearly 50 per cent through the impeller. This reduction in flow 
area tends to accelerate the velocities along the shroud. How- 
ever, the tendency to accelerate is opposed by the rather sharp 
elbow profile (Fig. 4), which, if the flow area did not decrease, — 
would cause a rapid deceleration following the point of maximum 
curvature along the shroud. The resultant effect is only a slight 
decrease in velocity along the shroud for the inconipressible solu- 
tion. 

For the impeller in the compressible solution, the annulus flow 
area does not decrease, but neither is there a sharp elbow in the 
meridional plane (Pig. 7). The major reason for the rapid de- 
celeration along the shroud in the compressible solution is the in- 
creasing density and, therefore, decreasing velocity, from inlet to 
exit of the impeller. This deceleration in the compressible solu- 
tion probably results in boundary-layer separation, which lowers 
the compressor efficiency and is one reason that centrifugal pumps 
(incompressible fluids) are generally more efficient than centrifu- — 
gal compressors (compressible fluids). 


SoLurions oN Flow Surraces or REVOLUTION 


The distribution of flow characteristics (velocity, pressure, etc.) 
on surfaces of revolution between blades is considered in this 
section, Seven compressible solutions are presented to show the 
effect of variations in the following parameters: (a) Compressor — 
flow rate, (6) impeller-tip speed, (c) number of blades, and (d) 
blade curvature on flow surfaces of revolution. An eighth solu- — 
tion for incompressible flow is presented. 

Basic Idea. In the preceding section, streamlines were obtained 
in the meridional plane from solutions based upon axial symmetry. 
Consider any two meridional streamlines (Fig. 2, for example), — 
sufficiently close together so that flow conditions can be con- 
sidered uniform along the normal between streamlines. As dis- — 
cussed previously, the center line of the channel between these 
streamlines generates a surface of revolution when rotated about — 
the axis of the compressor. Variations in the flow between blades 
on the flow surface of revolution are presented in this section. 

Vethod of Analysis. In references (7) and (8) a general method — 
of analysis is developed for two-dimensional, compressible, non- 
viscous flow in centrifugal compressors with arbitrary blade shape — 
(on the flow surface of revolution), varying height of channel be- 
tween streamlines in the meridional plane and with ‘conic’ flow 
surfaces of revolution (generated by “‘straight”’ center lines of the 
channel between adjacent streamlines in the meridional plane) 
In Appendix B this analysis is extended to include curved flow 
surfaces of revolution such as result, in general, from curved 
streamlines in the meridional plane (Fig. 2, for example). 

Flow Field Investigated. The solutions presented in this section 
were obtained in a region of the compressors (including the im- 
peller tip, Fig. 8) that was considered to be unaffected by the inlet 
configuration of the impeller or by the diffuser vanes; that is, the 
impeller-inlet and the diffuser vanes (if any) must be far enough 
removed from the region investigated not to affect the flow ap- 
preciably in that region. (For the two incompressible, axial- 
symmetry solutions already presented, the influence of the inducer | 
vanes was found not to extend very far into the impeller.) 

The solutions presented are not related to any particular blade 
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vestigated.) 


_ profile in the meridional plane; the center line of the channel be- 
tween streamlines has been arbitrarily specified as a straight line; 
the height H (Fig. 8) of the channel between streamlines in the 
meridional plane has been specified to be such that the annulus 
flow area normal to the flow ‘surface is constant. The solutions 
are for radial-flow impellers (@ equals 90 deg, Fig. 8) with thin 
blades. The same solutions also apply (8) to certain mixed-flow 
impellers with conic flow surfaces of revolution (a less than 90 
deg), with fewer blades, but with the same angular blade-spacing 
o (Fig. 8) measured on the conic flow surface of revolution. 

Design and Operating Parameters. The following parameters 
are defined in order to describe the design and operating conditions 
_of the radial-flow impellers being investigated: 


(a) The impeller-tip Mach number M;, is defined by Equation 


(b) The flow coefficient ¢ is defined by 


_ where W is the total tlow rate through the channel generated by 
adjacent streamlines in the meridional plane and where az is the 
annulus flow area normal to this channel at the impeller tip. If 
- the adjacent streamlines that form the channel in the meridional 
Be: are taken to be the impeller hub and shroud, W becomes 
the total compressor flow rate, and ¢ is directly proportional to 

the standard “equivalent flow rate” (defined in reference 16). 
(c) The angular blade-spacing o (Fig. 8) measured on a radial 

or conic surface of revolution is defined by 


where b is the number of blades. 
(d) The blade angle 8, for thin blades is defined by Equation 


TABLE 1 PARAMETERS FOR NUMERICAL SOLUTIONS 


Solution 
Standard 


Type of flow 
Compressible (> 
Compressible 
Compressible (+ 
Compressible (+ 


tan~' (—0.5) 


Compressible (+ 
tan ~' (—1 0) 


Compressible (+ 


wa 
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{5} along the blade surface. 
definition becomes 


In terms of the co-ordinates, the 


dR 
(For all solutions presented 8, is constant, that is, independent of 
radius. For straight blades 8, is zero, and for backward-curved, 
logarithmic-spiral blades 8, is less than zero.) 

Of the eight numerical solutions to be presented, one has been 
selected as “‘standard,”’ and for each of the remaining solutions 
one parameter (or at most two) is varied from the standard con- 
ditions as shown in Table 1. 


[16) 


8, = tan™ («i a 


Streamiine 


rato, w/v, 


(a) Standard solution: Straight blades (8, 0); flow coefficient ¢ 
0.5; impeller-tip Mach number Mr, 1.5; constant flow area; angular 
blade-spacing ¢, 12 deg; compressible flow (7, 1.4) 
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figure 9(e) 
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The incompressible solution (solution 5) was obtained for the 
same impeller-tip Mach number M, and for the same flow co- 
efficient ¢g used in the corresponding compressible solution (solu- 
tion 4), but with the density p constant and equal to p. of the com- 
pressible solution. For incompressible flow, My and ¢ are fic- 
titious quantities (because the speed of sound is infinite for in- 
compressible fluids), the definitions of which contain a constant, 
finite speed of sound equal to c, for the compressible solution. 
Therefore the same values of the impeller-tip speed and of the 
compressor flow rate result from the same values of My and ¢ for 
the compressible and incompressible solutions. 
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The numerical results are presented in plots of the streamlines, — 
constant Mach number lines, and (for certain solutions only) = 
constant static-pressure-ratio lines, 

Streamlines. The streamline configurations (relative tothe im- ~ 
peller) for the eight solutions are shown in Fig. 9. The stream- _ 
lines are designated by a stream-function ratio Y/Y, such that the 
values of a streamline indicates the percentage of flow through the =| 
passage between the streamline and the driving face of the blade 
(the blade surface in the direction of rotation). For a given den- a eh 
sity ratio and channel height, the streamline spacing is indicative 
of the velocity relative to the impeller with close spacing indicat- 
ing high velocities and wide spacing indicating low velocities. To 
assist in the proper geometrical orientation of the backward- 
curved-blade solutions (Figs. 9g and 9h) a dashed outline of the 
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— field of the corresponding straight-blade solution (Fig. 9e) is 
superimposed on the flow field of the curved-blade solutions in 
Figs. 9(9) and 

As a result of absolute irrotational motion in the vaneless 
diffuser, the absolute tangential velocity of the fluid decreases as 
the radius R increases. The relative tangential velocity there- 
fore takes on large negative values, and the relative streamlines in 
the vaneless diffuser are steeply sloped in the direction opposite 
to the impeller rotation. The higher the impeller-tip speed and 
the lower the volume flow rate, the greater is the slope. 

The streamlines for the standard solution are given in Fig. 
9a). For the design and operating conditions of this solution, an 
eddy has just begun to form on the driving face of the blade. 
The eddy is attached to the blade, and the fluid in the eddy ro- 
tates relative to the impeller with an angular velocity equal and 
opposite to that of the impeller so that the absolute motion of the 
fluid is irrotational. Along the blade surface in the region of the 
eddy, the velocities are directed inward. 

An expanded view of the eddy obtained in solution 4 is shown in 
Fig. 10. The flow rate within the eddy amounts to less than 2 


flow area; 
8 deg; y, 14.) 


*per cent of the flow rate through the impeller (as indicated by the 
designation of the streamlines). This low flow rate indicates low 
relative velocities within the eddy. The relative velocity at the 
center of the eddy is zero. 

In actual practice, large eddies are probably unstable and it is 
desirable to avoid these eddies by proper design and operating 
conditions of the impeller. From an inspection of Fig. 9 it ap- 
pears that the eddy can be reduced or eliminated by increasing the 
flow coefficient ¢ (compare Fig. 9a with Figs. 9b and 9c) decreas- 
ing the impeller-tip Mach number M,; (compare Figs. 9a and 
9d) decreasing the angular blade spacing o (compare Figs. 9a and 
9e) using incompressible fluids (compare Figs. 9e and 9f) and by 
curving the blades backward (compare Fig. 9e with Figs. 9g and 
9h). (It will be shown in Part 2 that the eddy is also reduced 
or eliminated by curving the blades forward.) 

For a given impeller geometry, the size of the eddy depends 


upon the relative magnitudes of the volume flow rate per unit flow, 
area (that is, the average meridional velocity Qy) and the im- 
peller-tip speed. If the volume flow rate is zero, the eddy occu- 
pies the entire passage between blades, and its “rotational speed” 
increases directly with the impeller-tip speed. As the volume 
flow rate increases (for a fixed impeller-tip speed), the eddy de- 
creases in size until it finally disappears. The flow rate at which 
the eddy disappears increases as the impeller-tip speed increases. 
This same trend is characteristic of compressor surge, and insta- 
bility of the eddy flow is suggested as a possible exciting force for 
surge in centrifugal-type compressors. At high impeller-tip 
speeds, large eddies can occur even for sizable values of the flow 
rate. For example, in Fig. 9(d) (standard flow rate but impeller- 
tip Mach number of 2.0), the eddy occupies more than one half of 
the available flow area at a radius of 0.90. In actual practice, 
however, boundary-layer phenomena can be expected to reduce 
the effective flow area of the passage, thus increasing the volume 
flow rate per unit area through the effective flow area and thereby 
reducing the size of the eddy considerably. The eddy does not 
exist in the incompressible-flow solution (Fig. 9f) because, al- 
though the corresponding compressible-flow solution has a rather 
large eddy (Fig. 9e) the volume flow rate is higher for incom- 
pressible flow as a result of the lower fluid density p, in the region 
of the impeller tip. 

For a given impeller-tip speed and compressor flow rate, the 
eddy is reduced or eliminated by curving the impeller blades 
backward (Figs. 9g and 9h) or forward, because the effective flow 
area across the passage along a normal between blades is reduced, 
thus increasing the volume flow rate per unit area and thereby re- 
ducing the size of the eddy. Also, for a given impeller-tip speed 
and compressor flow rate, the eddy is reduced or eliminated by in- 
creasing the number of blades (that is, decreasing 7) because the 
decreased blade loading causes the velocity Q, along the driving 
face of the blade to become more nearly equal to the mean channel 
velocity, thus increasing Q, and thereby reducing or eliminating 
the eddy which is characterized by negative velocities along the 
blade surface. 


(a) Standard solution: Straight blades (4, 0); flow coefficient ¢ 
0.5; impeller-tip Mach number My, 1.5; constant flow area; angular 
blade-spacing ¢, 12 deg; compressible flow (+7, 1.4) 
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Lines of Constant Relative Mach Number. Lines of constant 
Mach number relative to the impeller are shown in Fig. 11 for the 
eight solutions. The relative Mach number is defined as the rela- 
tive velocity divided by the local speed of sound c. The Mach 
number plotted for the incompressible solution (Fig. 11f) is a 
fictitious quantity equal to the relative velocity Q in which the 
denominator ¢, is equal to the inlet stagnation speed of sound for 
the compressible solutions, As already mentioned, this inlet stag- 
nation speed of sound is also contained in the denominators of ¢ 
and My, so that for incompressible solutions, in which Q, ¢, and 
My, always appear as ratios, the results are independent of the 
assigned value of ¢,. 
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(Note that ¢ and Mr are based upon same constant co, the magnitude of 

which is equal to speed of sound at inlet conditions for compressible solutions. 

For incompressible fluids, relative Mach number becomes fictitious and is 
equal to the relative velocity Q measured in units of co.) 


The standard solution is given in Fig. 11(a). The general char- 
acteristics of these plots are similar. The velocities (as indicated 
by the Mach number lines) along the driving face of the blade are 
low; the velocities along the trailing face (blade surface opposed 
to the direction of rotation) are high; and the velocities become 
equal on both the driving and trailing faces at the blade tip (as re- 
quired by the Joukowski condition). At the stagnation points in- 
dicated in the figures, the relative Mach number is zero. These 
stagnation points result from the relative eddies discussed in the 
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section on streamlines. The maximum Mach number occurs on 
the trailing face of the blade at a radius well within the impeller, 
and the flow decelerates along the face of the blade from this point 
to the blade tip. This deceleration, which becomes rapid near the 
blade tip, is conducive to boundary-layer separation, which 
lowers the compressor efficiency. The deceleration is seen to de- 
crease as the blades become more backward-curved. (Compare 
Figs. lle, and 11h.) 

If boundary-layer effects are neglected, the nonuniformity of 
the velocities at the impeller tip becomes negligible at a radius of 
approximately 1.10 for o equal to 12 deg (Figs. lla to 11d) and at 
a radius of approximately 1.15 for o equal to 18 deg (Figs. lle to 
11h). Flow conditions in the vaneless portion of the diffuser im- 


mediately following the impeller, therefore, become essentially 
uniform at a ratio of (In R)/o approximately equal to 0.45. This 
rapid adjustment of the flow indicates that, provided the absolute 
velocity is subsonic and provided the boundary layer can be 
neglected or mixes rapidly ip the diffuser, vaned diffusers can be 
located quite close (In R/a = 0.45) to the impeller tip without 
appreciable losses resulting from poor (unsteady) velocity «is- 
tribution relative to the stationary diffuser vanes. However, in 
the event of boundary-layer separation on the impeller-blade sur- 
faces, the velocity distribution should be considerably more ir- 
regular than obtained in these solutions. 

The average relative Mach number at the impeller tip is low 
(even for large values of g and for backward-curved blades) be- 
cause of the high impeller-tip Mach numbers, which result in high 
fluid densities and therefore low velocities. In practice, however, 
separated boundary layers, resulting from large velocity deeelera- 
tions along the blade surfaces, reduce the effective flow area 
of the impeller passage and thereby increase the average relative 
Mach number at the impeller tip. 

From an inspection of Fig. 11 it appears that the maximum rela- 
tive Mach number (on the trailing face of the blade) is increased 
by increasing the flow coefficient ¢ (compare Fig. lla with Figs. 
116 and Lic), is apparently not much affected by increasing the 
impeller-tip Mach number M, (compare Figs. Ila and 11d), is in- 
creased by increasing the angular | lade-<pacing @ (compare Figs. 
lla and Ile), or by changing to an incompressible fluid (compare . 
Figs. Lle and Lf), and is not much affected (for the range inves- 
tigated) by curving the blades backward (compare Fig. Lle with 
Figs. |lg and 11h). Some reasons for the foregoing behavior will 
be given in Part 2. 

Lines of Constant Static-Pressure Ratio. Lines of constant 
static-pressure ratio (local static pressure divided by the absolute 
inlet stagnation pressure) are shown in Fig. 12 for four of the 
The standard solution is given in Fig. 12(a). The 
general characteristics of these plots are the same (and for this 
reason plots are not included for all of the solutions). At a given 
radius, the pressure ratio is higher on the driving face of the 
blade than on the trailing face except at the blade tip where the 
pressure ratios are equal (the blade unloads). This difference in 
pressure ratio accounts for the impeller torque. 

From Figs. 12(b), 12(c), and 12(d) it is interesting to note that 
as the logarithmic-spiral blades become more backward-curved, 
the static-pressure ratio at the impeller tip remains essentially un- 
changed, although of course the work input and, therefore, the 
absolute total pressure decreases. The reason for this small effect 
of blade curvature on the static-pressure ratio at the impeller tip 
is evident from 


solutions. 


! 
1—! —@ (9) 


which shows that, if (RM,)? > Q? at the impeller tip, p/p, is only 
slightly affected by the increase in Q that results when the blades 
are curved backward. 

The absolute kinetic energy of the fluid at the discharge from 
the impeller is proportional to the difference between the absolute 
total pressure and the static pressure. Therefore this kinetic 
energy decreases and becomes a smaller per cent of the total en- 
ergy input as the blades become more backward-curved (be- 
cause, if M,? >> Q?, the static pressure ratio remains essentially 
constant whereas the absolute total pressure decreases). If im- 
pellers are more efficient than diffusers, as is generally the case, 
compressors with backward-curved impeller blades are more ef- 
ficient than compressors with straight impeller blades, not so 
much because the impeller is more efficient (as it might be, be- 
cause of the lower blade loading), but rather because the kinetic 
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(a) Standard Solution: Straight blades (4, 0); flow coefficient ¢ 
0.5; impeller-tip Mach number Mr, 1.5; constant flow area; angular 
blade-spacing 7, 12 deg; compressible flow (7, 1.4) 
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energy that must be converted to static pressure in the diffuser is 
a smaller per cent of the total energy input. In a similar manner 
it can be concluded that compressors with forward-curved im- 
peller blades are less efficient (than compressors with straight 
impeller blades) because the absolute kinetic energy at the im- 
peller discharge is a greater per cent of the total energy input. 
Velocity Distribution Along Blade Surfaces. The relative velocity 
distribution along the driving and trailing faces of the blades, 
Q, and Q,, are of special interest because of boundary-layer con- 
siderations. These velocities are plotted in Fig. 13 for the eight 
blade-to-blade solutions as a function of the radius R. 
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For the simple geometric blade shapes investigated (straight 
and logarithmic spiral) the velocity decelerates rapidly in all eight 
solutions along the trailing face of the blade near the impeller tip. 


the presence of a relative eddy. 
effect of ¢, Mr, o, and 8, on Q, and Q, will be given in Part 2. 

A measure of the tendency for boundary-layer separation (or 
its equivalent in a rotating channel) from the blade surfaces is 
given by the term 


where 5 is the boundary-layer thickness in units of the tip radius _ 
rr, and S is distance along the blade surface, likewise in units of 7 
the tip radius. For a given value of 6 the more negative the _ 
value of 
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the more likely is separation of the boundary layer. In Fig. 14 


is shown as a function of R at the critical region along the trailing 
face of the blade near the impeller tip for the two backward- 
curved, logarithmic-spiral blades (solutions 6 and 7, Table 1) and 
for the corresponding straight blade (solution 4). It is evident 
that for the same impeller-tip speed, etc., adverse velocity 
gradients at the critical region along the trailing face of the blade 
near the tip are less for backward-curved, logarithmic-spiral 
blades than for straight blades. This same situation was found to 
exist when Mr was adjusted so that the work input was the same 
for the three impellers considered in Fig. 14. 

From the standpoint of velocity gradients along blade surfaces, 
the mixed-flow centrifugal impeller possesses some distinct ad- 
vantages over the radial-flow type. Any solution obtained for 
flow between blades in a two-dimensional radial-flow impeller also 
applies (8) to certain equivalent mixed-flow impellers with a 
smaller number of geometrically similar passages lying on a conic 
flow surface. Such an equivalent mixed-flow impeller has the 
same velocity distribution as a function of the radius ratio R along 
the blade surfaces. However, the velocity gradient in terms of the 
distance S along the blade surface becomes 


_dQdk aQ 


dS dRdS dR" 


where (dQ)/(dR) is the same for equivalent radial and mixed-flow 
impellers. Thus the velocity gradient in mixed-flow impellers 
with conic flow surfaces is less than the velocity gradient in radial- 
flow impellers by a ratio equal to sin a. The same conclusion is 
expected to apply qualitatively to any mixed-flow impeller with 
arbitrary profile in the meridional plane, provided the passages 
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between blades are geometrically similar for both the radial and 
mixed- flow impellers. Furthermore, if the number of blades in 
the mixed-flow impeller is increased to the same number in the 
radial-flow impeller, a further reduction in the velocity gradients 
should result from the decrease in o (in Fig. 13, compare solution 4 
with the standard solution). Therefore, in general, mixed-flow 
centrifugal compressors should be more efficient than the radial- 
flow type. 

Slip Factor. The impeller slip factor yu is defined as the ratio 
of the average absolute tangential velocity at the impeller tip to the 
tip speed of the impeller. The slip factors have been computed 
for each of the eight blade-to-blade solutions and are given in 
Tabie 2. 


TABLE 2 IMPELLER SLIP FACTORS 
tan 


= 

g 
E 
s 


* Also, « = 18 deg. 


It appears that o and §, are the only variables investigated that 
affect the computed slip factor. In particular, it will be noted 
that the slip factor is approximately the same for compressible and 
incompressible flow (compare solutions 4 and 5) although the 
streamline configurations for the two examples are very different 
(compare Figs. 9e and 9f). The angular blade-spacing ¢ affects 
the slip factor because, as the blades are spaced farther apart they 
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(Flow coefficient ¢, 0.5; impeller-tip Mach number Mr, 1.5; constant flow 
area; angular ngular blade-spacing o, 18 deg; eompressible flow, +, 1.4.) 


exert less influence on the average flow direction at the impeller 
tip so that the slip factor decreases. For an infinite number 
(o = 0) of straight blades the fluid is perfectly guided in the radial 
direction at the impeller tip and the slip factor yu is unity. 

Based on the numerical results of the six relaxation solutions 
for 8, = 0 the following expression has been derived (9) for the 
slip factor of impellers with straight blades 


p= 


Stodola’s expression for the slip factor of impellers with straight 
blades is 
1—0.500¢ 
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Thos both equations agree that for straight blades the slip factor 
depends only on the angle ¢. Stodola's equation, however, indi- 
cates a somewhat smaller slip factor than was obtained by the re- 
laxation solutions. 

As would be expected, the slip factor is less for backward-curved 
blades than for straight blades (in Table 2 compare solutions 6 and 
7 with 4) because for backward-curved blades the tangential com- 
ponent of the relative velocity is opposed to the direction of rota- 
tion, thus reducing the absolute tangential velocity. If the slip 
factor is corrected by adding this tangential component of the 
relative flow, assuming the fluid is perfectly guided by the blades, 
the corrected slip factors become 


Solution Be 
4 tan (0) 
6 tan ~'( 


7 tan ~'( 


Meorrected 
0 
0 901 
0. 904 


0.5) 
1.0) 


These corrected values of wu are approximately equal and it is 
concluded, therefore, that the slip velocity (which is defined as the 
actual average absolute tangential velocity of the fluid at the im- 
peller tip minus the ideal absolute tangential velocity, assuming 
perfect guiding of the fluid by the blades) is the same for the 
range of negative blade angle 8, investigated. This conclusion is 
not in agreement with the well-known Stodola correction which 
assumes the slip velocity varies directly with cos 8,.4 

Compressibility Effects. The large effect of compressibility 
upon the streamline configuration (and, therefore, upon the other 
flow conditions) is shown by a comparison of Figs. %e¢) and 9(f). 
The large eddy that exists for compressible flow completely dis- 
appears for incompressible flow. Fig. 11 shows large compressi- 
bility effects upon the magnitude of the velocities, but the dis- 
tribution of velocity is similar in some respects. It is concluded 
that if the fluid in high-speed, rotating, radial and mixed-flow 
compressors is compressible, incompressible solutions give poor 
quantitative results (exception, the slip factor) and, in some re- 
spects, poor qualitative results. 


Summary or Resuits 1 


1 Two-dimensional, relaxation solutions for compressible and 
incompressible fluids in impellers of centrifugal compressors are 
presented for flow with axial symmetry (two solutions) and 
for flow between blades on flow surfaces of revolution (eight 
solutions). The effect of variations in the following design and 
operating conditions of the impeller were investigated: (a) 
compressor flow rate, (b) impeller-tip speed, (¢) number of blades, 
and (d) blade curvature on the flow surface of revolution. The 
numerical results are presented in plots of the streamlines, con- 
stant relative velocity (or Mach-number) lines, and constant 
static-pressure lines. 

2 For incompressible flow, streamlines in the meridional plane 
(axial-symmetry solution) are the same with or without thin, 
straight blades that lie on meridional planes. (The streamlines 
are almost the same with or without thin blades that are curved 
about the axis of the impeller.) 

3 Just ahead of the inducer the velocity accelerates along the 
shroud and decelerates along the hub. 

4 For incompressible, axial-symmetry solutions based on the 
mean blade surface, the influence of the curved inducer vanes on 
the velocity distribution does not extend far into the impeller. 

5 The rapid deceleration of the flow along the shroud in the 
compressible, axial-svmmetry solution results from the com- 
pressibility of the fluid and is probably one reason that centrifugal 
pumps (incompressible fluids) are generally more efficient than 
centrifugal compressors (compressible fluids). 


* Reference (1), p. 1259. 
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6 A relative eddy, the instability of which may be an exciting 
foree for surge, appears on the driving face of impeller blades at 
low flow rates, high impeller-tip speeds, and large angular spacing 
of the blades, The eddy is reduced by using incompressible fluids — 
or by curving the blades forward or backward on the flow surfaces 
of revolution. The eddy rotates relative to the impeller with an 
angular velocity equal and opposite to the impeller. Along the 
driving face of the blade in the region of the eddy, the velocity is 
directed inward (negative). For the solution with an impeller-tip — 
Mach number of 2.0, the eddy occupies more than 50 per cent of 
the flow area at a radius of 0.90. For zero flow rate the eddy 
occupies the entire passage at all radii for all impeller-tip speeds 
(except zero), 

7 For the numerical examples presented (straight and loga- 
rithmie-spiral blades) the maximum relative Mach number occurs 
on the trailing face of the blade at a radius well within the im- 
peller, and thesflow decelerates along the face of the blade from — 
this point to the blade tip. This deceleration, which becomes 
rapid near the blade tip, is conducive to boundary-layer separation, — 
which lowers the compressor efficiency. 

8 For nonviscous fluids, flow conditions in the vaneless por- 
tion of the diffuser immediately following the impeller become 
essentially uniform at a ratio of (In R)/o approximately equal to 
0.45. This rapid adjustment of the flow indicates that, provided 
the absolute velocity is subsonic, and provided the boundary 
layer can be neglected or mixes rapidly in the vaneless part of the 
diffuser, vaned diffusers can be located quite close (In R = 0.450) 
to the impeller tip without appreciable losses resulting from poor 
(unsteady) velocity distribution relative to the stationary dif- | 
fuser vanes. 
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9 For high impeller-tip Mach numbers (and if the boundary 
layer is neglected) the average relative Mach number at the im-_ 


peller tip is law (even for the large values of flow rate and for the — 


range of backward-curved blades investigated ) 

10 At a given radius the velocity is lower on the driving face 
of the blade than on the trailing face, except at the impeller tip A 
where both velocities are equal. Therefore the static presssure is — 
higher on the driving face of the blade than on the trailing face, 
except at the impeller tip where both pressures are equal. 
difference in pressure accounts for the impeller torque. 

ll If the impeller-tip speed is large compared to the average 
relative velocity at the impeller tip, the static pressure at the im- 


peller tip is essentially the same for impellers with straight blades — 


and for impellers with backward or forward-curved blades, al- 
though the work input and, therefore, the absolute total pressure, 
is less for backward-curved blades and greater for forward-curved 
blades, 

12 If impellers are more efficient than diffusers, and if the im- _ 
peller-tip speed is large compared to the average relative velocity 


at the impeller tip, compressors with backward-curved impeller | 


blades are, in general, more efficient than compressors with — 


efficient (as it might be, because of the lower blade loading) but | 
rather because less kinetic energy (in per cent of the total energy — 
input) must be converted to static pressure in the diffuser—a 
process which is relatively inefficient. : 
13 For the same impeller-tip speed, compressor flow rate, and 


This 


straight impeller blades, not so much because the impeller is more 


so forth, adverse velocity gradients at the critical region along the _ i 


trailing face of the blade near the tip are less for backward-_ 
curved, logarithmic-spiral blades than for straight blades. 
14. Mixed-flow impellers should be more efficient than radial-_ 


flow impellers, because, for the same number of similarly shaped 7 


blades, the velocity gradients are considerably less in mixed-flow 
impellers. 


15 The computed impeller slip factor is independent of the | 


| 
IN 
| 


impeller-tip speed, the compressor flow rate, and the compressi- 

vility of the fluid. The slip factor is a function only of the blade 
spacing (number of blades) and the blade curvature on flow sur- 
faces of revolution. 

16 The slip factor is less for backward-curved blades than for 
straight blades but, if the slip factor is corrected for the average 
relative tangential velocity at the impeller tip, assuming perfect 
guiding of the fluid by the blades, this “corrected”’ slip factor is a 
function of the blade spacing only (for the range of impeller-blade 
discharge angle investigated ). 

17 Compressibility has a large effect upon the streamline 


PART 2. APPROXIMATE METHODS OF ANALYSIS 
INTRODUCTION 
The relaxation solutions presented in Part 1 of this paper re- 
quired a large amount of computing. Therefore it would be ad- 


- mating the flow conditions within impellers. In Part 2 of this 
paper three approximate methods of analysis are considered for 
blade-to-blade solutions on flow surfaces of revolution. The 
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three methods apply to different regions of the passage between 
impeller blades and to different impeller configurations. 


Correcation Equations ror Srraigur Biapes on Conic 
Fiow Surraces or Revo.ution 

The first, and most accurate, of the three approximate methods 
of analysis is limited to impellers with thin, straight blades on conic 
flow surfaces; that is, the blade angle 8, on a conic flow surface of 
revolution is zero. For this method of analysis correlation equa- 
tions were developed (9) whereby the flow conditions (Qe, Qy, 
and y¥/y,) in any impeller with straight blades on a conic flow sur- 
face can be determined (in the region between blades near the im- 
peller tip) for all operating conditions from the known flow con- 
ditions of the “standard” solution presented in Part 1. These 
known flow conditions of the standard solution are given in 
Tables 3, 4, and 5. The correlation equations were developed in 
terms of (In R)/o@ and (@ sin a)/o (where @ is zero along the driving 
face), that is, the flow conditions at a point {(In R)/o, (@ sin a)/o! 
of a given impeller are obtained from the flow conditions of the 
standard solution at the same value of (In R)/o@ and (@ sin a@)/o. 
The method of analysis is developed in reference (9). Only the 
final equations and their application are considered herein. 

Stream-F unction Ratio The stream-function ratio p/p, 
varies across the impeller passage from 0 along the driving face of 
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one blade to 1.0 along the trailing face of the next blade. Ata 
given point [(In R)/o, (6 sin a)/a) on the conic flow surface of 
revolution, the value of the stream-function ratio for any impeller 
with straight blades and for any operating condition can be esti- 
mated by the following correlation equation (reference 9) 


(Qu ore 


+(R 


[17] 


where the prime indicates estimated value of flow condition 
(stream-function ratio in this case) at a given point [(In R)/e, 
(@ sin a)/o} and the subscript s indicates standard value (from 
standard solution) of flow condition at the same values of (In R)/o 
and (Osin Aleo 


where, from Equation [10], of Part 1 


(RM;)* — 


where the subscript (avg) indicates the average value at the 
radius R corresponding to a given value of (In R)/a. 
Relative Velocities Qy and Q». The meridional velocity Qu can 


be estimated by the following correlation equation (reference 9) 


+ A[Qu — (Qu)avele + A [2 (° = 


(Qo), 
2 


avs 


+(R— .. [18] 

The relative tangential velocity Qe is always zero along the 
blade surfaces (necessary condition for straight blades) and is 
maximum halfway between blades. At a given point {(In R)/o, 
(@ sin a)/o}, Qo can be estimated by the following correlation 
equation (reference 9) 


The estimated values of ~/W,, Qs, and Qe given by Equations 
(17, 18, 19] have been compared in reference (9) with the values 
obtained from the six relaxation solutions presented in Part 1 of 
this paper for 8, = 0. The agreement was excellent in all cases. 
As an example of this agreement, the velocity distributions along 
the driving and trailing faces of the blade obtained from the re- 
laxation solutions are compared in Figs. 15 and 16 with the dis- 
tributions given by the correlation Equation [18]. The design 
and operating parameters of the relaxation solutions are given in 
Table 1, Part 1 of this paper. 

An important application of Equation [18] is the determination 
of velocities along the driving and trailing faces of the blades, 
because these velocities affect the behavior of the boundary layer 
on the blades. The velocities have been computed over a wide 
range of impeller-tip Mach number M,, flow coefficient g, and 
angular blade spacing o, and the computations are presented in 
Figs. 17, 18, and 19. 
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Effect of My on Q, and Q,. The effect of My upon the velocities | 
along the driving and trailing faces of a straight blade is shown in 
Fig. 17. In this figure all design and operating conditions (other 
than M,) were maintained constant at the values used for the 
standard solution in Part 1. 
ties are equal on both faces of the blade. 

M, the relative velocities are higher on the trailing face than on 
the driving face (except at the tip) and as the impeller-tip speed 
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(Correlation Equation [18]; flow ffi + tant flow area; 
angular blade spacing ¢, 12 deg; amt SS flow, y, 1.4.) 


increases the difference in velocities along the two faces increases. 
Except near the tip, this increase in velocity difference results 
primarily from a decrease in velocity along the driving face, and 
for high values of M, this velocity becomes negative, which indi- 
cates the presence of an eddy (see Part 1). The small effect of 
Mr, upon Q, was also evident in Fig. 13 of Part 1, and results from 
a combination of effects. At higher values of M7, the difference 
between Q, and (Qw)avg increases (as evidenced by the fact that 
the difference between Q, and Q, increases), but (Qar),v, itself de- 
creases, because of the increased density, so that the net result is 
only a small change in Q, with changes in My. At the blade tip 
the velocities become equal on both surfaces (Joukowski condi- 


tion), and this velocity decreases with increasing M; because 
_ of the higher gas density. 


Effect of g on Q, and Q,. The effect of flow coefficient g upon 


the velocities along the driving and trailing faces of a straight 
blade is shown in Fig. 18. 


In thts figure all — and operating 


flow coefficient, so that for low flow coefficients Q, becomes nega- 
tive, which indicates the presence of an eddy. 
The continued, rapid increase in Q, and Q, with decreasing R 


This condition was also evident in solution 2 (see Fig. 13 
Part 1). 
At the blade tip, the velocity becomes equal on both surfaces 


and this velocity increases with increasing flow coefficient because 
_ of the increased average meridional velocity (Qu)... 
_ to zero, that is, for zero flow rate through the impeller, the veloci- 
_ ties are equal on both surfaces of the blade (but opposite in sign). 
As a result, from Equation [9] of Part 1 the pressures on both 


For ¢ equal 


blade surfaces are equal, and no work is done by the impeller. 


_ The entire flow within the passage is an eddy. 


Effect of o on Q, and Q,. The effect of the angular blade 


spacing ¢, upon the velocities along the driving and trailing faces 
<a 7 of a straight blade is shown in Fig. 19. In this figure all design and 
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operating conditions (other than 7) were maintained constant at 
the standard values. Increased values of o indicate fewer blades 
(for the saine cone angle a). The minimum value of (In R)/o for 
which standard values of Qy are given in Table 4 is —1.7030, 
which for vaiues of o less than standard (o = 12 deg) corresponds 
to values of R greater than 0.7, as shown in Fig. 19. However, 
for values of R less than those resulting from (In R)/o equal to 
1.7030, the simplified method of analysis (to be presented next) 
may be used to extrapolate the curves to all lesser values of R 
(provided the inlet configuration to the impeller can be ignored 
at these lesser values of R). This simplified method of analysis 
has been used to extrapolate the curves for o less than 12 deg in 
Fig. 19 (dashed lines). 

For o equal to zero, the velocities are the same on both surfaces 
of the blade and are equal to the average velocity (Qa ave (dashed 
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line). This average velocity is the same for all values of o but the 
difference between (Qa), and Q, increases with increasing 
values of o so that for large values of ¢, Q, becomes negative, 
which indicates the presence of an eddy. 


Simeciriep Meruop or ANALYSIS FOR STRAIGHT AND 
BLapes 


The second of the three approximate methods of analysis is 
limited to impellers with thin, straight, or logarithmic-spiral 
blades on a conic flow surface, that is, the blade angle 6, (Mqua- 
tion [16] of Part 1) on the conic flow surface is zero (straight 
blades) or a finite constant (logarithmic-spiral blades). For 
positive values of 8, the blades are forward-curved in the direction 
of impeller rotation; for negative values of 8, the blades are 
For straight blades this simplified method of 
analysis applies to surfaces of revolution generated by curved or 
straight lines in the medional (axial-radial) plane. 


backward-curved, 


The simplified method of analysis is based on the assumption 
that for high solidity blades, such as exist in centrifugal com- 
pressors, the component of the relative velocity normal to the 
blade is zero at all radii within the impeller, that is, the fluid is 
perfectly guided by the blades. This assumption allows an im- 
portant simplification of the equation for absolute irrotational 
motion which can then be integrated to give the velocity distribu- 
As 


will be seen, the method can be used to estimate the flow condi- 


tion across the passage along a normal to the blade surfaces. 


tions within the impeller everywhere except near the tip (and 
inlet). The method of analysis is developed in references (7) and 
(10), Only the final equations and their application are con- 
sidered herein. 

Velocity Distribution Between Blades. Expressed in terms of 
the eylindrieal co-ordinate @, the equation developed in reference 
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(10) for the distribution of velocity Q along a normal between 
logarithmic-spiral blades (Fig. 20), becomes 


Q = Q, exp — tan By sin a} 


sin 


sinh — @,) tan 3, sin al 
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where Q, is determined from continuity considerations (to be dis- 
cussed later), Along a normal between blades, the radius R varies 


with (@ — 6,) according to 
R = R, exp|— (6 


- tan 3, sin @ {21] 


If 8, is zero at the impeller tip then 6, is related to R, by 


tan 
0,= 
sin @ 


At the trailing face of the blade across the passage along the nor- 
mal between blades (Fig. 20) 


sec? B, sin 


Thus, from Equations [20] to [23], Q isa known function of R and 
6. 

For straight blades 8, — 0 so that, from Equations [21] and 


{22|, 0, ~ and R— R, = const. Equation [20! becomes 


Q = Q, + 2RM, sin 20a) 


which agrees with the expression derived in reference (7) (note 
the different definition of @ in reference 7). 

Stream-Function Distribution Between Blades. The distribution 
of the stream function WY (defined by Equation [B-3} (Appendix 
B) along a normal between blades is given by reference (10) 


P HRQ dO 9, 
0 


where H is a known function of R, R is a function of (@ — 64), 
given by Equation [21], Q is a funetion of (0 9,), given by 
Equation [20], and p/p, is a function of Q, given by Equation 
{10} of Part 1. To determine Q, in Equation [20], Equation [24] 
is integrated numerically across the passage along the normal to 


give 
o 
8» sin a) p 
HRQ — 9,)... . (25) 
Po 


where from reference (10) 


sin @ 
= 


cos B, 


sin a@ 


cos 


Equation [25] is satisfied when the proper value of Q, (determined 
by trial and error) is contained in the expression for Q (Equation 
{20]). After the value of Q, is determined, the variation in % with 
(@ — @,) along the normal between blades is determined by the 
numerical solution of Equation [24]. 

If 8, = 0 (straight blades), then HR is independent of @ and 
Equation [24] with Equation [20a| and with Equation [10] of 
Part 1 integrates to give (reference 7) 


H 


(P, — P) 
where the static-pressure ratio P is given by Equation [9] of Part 1 
in which Q is given by Equation [20a]. When the proper value of 
@, has been obtained as indicated previously, Equation [26] de- 
termines the distribution of W across the passage for impellers 
with straight blades. Equations [24] and [26] were used to de- 
termine the distribution of y along the upstream boundary be- 
tween blades for the eight blade-to-blade relaxation solutions in 
Part 1. 

Comparisons With Relaxation Solutions. Some comparisons be- 
tween, results of the simplified method of analysis and the relaxa- 
tion solutions are given in Figs. 21 and 22. In Fig. 21 the velocity 
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Q, is plotted against radius R, for three values of 8,; in Fig. 22, 
the velocity Q, is plotted against R, for the same values of 8,. 
The agreement is considered satisfactory away from the impeller 
tip, and excellent agreement exists for all values of 2 less than the 
values shown on these plots. 

A Particular Set of Solutions. For backward-curved, logarith- 
mic-spiral blades in general, Equation [24] must be integrated by 
numerical methods. If, however, the fluid is incompressible 
(p/p, = 1) and if the flow area normal to the flow surface of revo- 
Jution is constant (HR = 1) Equation [24] integrates to give 
(reference 10) 


exp | — 
sec? B, 
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and, from Equation [20] with 


(0 — 0,) = (0 —0,), = 


sec? 8, sin @ 


Q, tan B, Q. 2k, o tan 8, 
M, = exp [ 8, | iM, sinh ( [28] 


sin 8, sec? B, 
Equations [27] and [28] give the variation in Q,/M, and Q,/M, 
with R, 8,, ¢, and ¢/M,y. For incompressible flow the speed of 
sound contained in the denominators of Q, M;y, and ¢ has no 
physical significance and may have any arbitrary value since 
these quantities appear as ratios in Equations [27] and [28]. 
Q/Mr is the ratio of the relative velocity to the tip speed of the 
impeller and g/M, is proportional to the ratio of the flow rate 
through the impeller to the tip speed of the impeller. 

In order to obtain a qualitative idea of the effect of 8, upon the 
values of Q, and Q,, the variation in Q,/M, and Q,/M, with 8, 
for various values of R is plotted in Fig. 23, for o equal to 0.31416 
and ¢g/M, equal to 0.25. The minimum value of Q,/M, occurs 

in the immediate neighborhood of 8, equal to 0. Relative eddy 
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flows on the driving face of the blade are characterized by nega- 
tive velocities along the blade surface. Thus, for the same im- 
peller-tip speed, ete., forward-curved blades (3,> 0) and back- 
ward-curved blades (8, < 0) have less tendency than straight 
blades (8, = 0) for the formation of undesirable relative eddy 
flows on the driving face. In Fig. 13 of Part | the variation (with 
8,) in the relative velocities Q, and Q, on the driving and trailing 
faces of the blade at a radius ratio of 0.75 (for example) agrees 
with the trend shown in Fig. 23. In particular, the value of Q, is 
somewhat lower in both figures for 8, equals tan ~'(—-0.5) than 
1.0). 
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impellers with arbitrary blade shapes (with varying thickness and 
blade angle) on arbitrary, curved flow surfaces of revolution, The 
approximate circulation method is based upon the condition of 
zero absolute circulation about any closed path in the flow field 
which does not enclose part of a blade. In addition, the fluid is 
assumed to be perfectly guided by the blades except near the 
blade tip (and possibly the blade inlet) where a correction is 
added to account for the blade unloading. The method of analy- 
sis can be used to determine the velocities everywhere along the 
blade surfaces, but no information concerning the variation in 
velocity across the passage between blades is given. The method 
is developed in Appendix C. The final equations and their appli- 
cation are considered here. 

From Equations [C-1] and [C-6] (Appendix C) 

cos 8, cos B, 2Qavs 
cos B, + cos By cos By + BM, (un en 

JS 


d ‘ 
+ sin @ aR [xm + Qave sin Bavg) 


= WQave — Q. 


Que = 


Bevel RE 
Pp. 


where 


1 


and where, for R S R, (R, is the largest radius at which the fluid is 
considered to be perfectly guided by the blades) 


or, for R, © R < 1.0 
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plotted against R where Quve is obtained from Equation [C-7] and ay on 
Therefore Q, 


Bavg is obtained from Equation [C-2a} or [C-2b}. 
and Q, can be determined by Equations [29] and [30]. 

This approximate circulation method of analysis has been ap- 
plied to the same design and operating conditions of the 4th and 
7th relaxation solutions (Table 1) and the results are compared in 
Figs. 24 and 25 with the relaxation solutions. The agreement is 
good considering the approximate nature of the analysis. 


This method of analysis also applies in the region of the blade in- 


let if the relative velocity approaches approximately tangent to the 
blade. (In some cases it may be necessary to apply a correction to 
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Bave similar to that developed for the blade tip, Appendix C, al- 
though if the blade inlet is designed for gradual loading this 
correction may not be required.) For large angles of attack at the 
inducer inlet, however, a stagnation point exists well up on the 
blade surface from the leading edge, and the flow reverses itself 
upstream from this point. Under these extreme conditions the 
approximate circulation method will not apply in the vicinity of 
the blade inlet. 


Discussion 


Several points related to the results presented in Parts 1 and 2 
of this paper are now considered. 

Viscous Effects. The solutions presented in Parts 1 and 2 of this 
paper assume that the fluid viscosity is zero. If the viscosity is 
not zero, a boundary layer develops on the flow surfaces, and if 
the velocity gradients are sufficiently negative, this boundary 
layer may separate, which alters the shape of the flow field and 
thus changes the velocity distribution, and so forth. If the 
boundary layer is thick or has separated, then the solutions pre- 
sented in this paper must be corrected for the boundary-layer 
thickness, which can be considered to change the effective shape 
and flow arca of the impeller passage. Outside of the boundary 
layer the fluid can be considered nonviscous. The solutions, as 
presented in this paper, can be used to estimate (approximately) 
if, and where, boundary-layer separation might occur as a result 
of the computed velocity gradients, and may also be used to de- 
termine the proper location for boundary-layer suction to prevent 
flow separation. 

Future Design Methods. Losses in centrifugal compressors re- 
sult from the viscosity of the fluid. In the impeller these losses 
are largely contained in the boundary layer. The larger the 
boundary layer the greater the losses and the lower the compressor 
efficiency. The size of the boundary layer is governed by the 
velocity gradients. In particular, if these gradients are negative 
and sufficiently large, the boundary layer may separate, causing 
large losses. For the simple blade shapes analyzed in this paper 
large, negative gradients always occur on the trailing face of the 
blade near the tip (Fig. 13 of Part 1, and Figs. 17, 18, and 19 of 
Part 2). Therefore, boundary-layer separation (or its equivalent 
in a rotating channel) probably occurs in all impellers with these 
simple blade shapes, and the compressor efEciency is thereby re- 
duced. For efficient centrifugal compressors it is important to 
develop impeller-design methods by which blade shapes (includ- 
ing the hub and shroud contours) can be computed for prescribed 


velocities that do not decelerate excessively along the flow sur- 


faces. Impellers designed by such methods will be characterized 
by curved blades of varying thickness with no distinction be- 
tween impeller blades and inducer vanes. For structural rea- 
sons (as well as aerodynamic reasons) the impellers will probably 
be mixed-flow type. 

Diffusers. Although the investigations presented in this paper 
are limited to the impeller of centrifugal compressors, a major 
portion of the losses in centrifugal compressors probably occurs in 
the diffuser. However, a large part of these losses in the diffuser 
have their origin in the thick (or separated) boundary layer at the 


-_ geeur in the diffuser, and the diffuser vanes operate under non- 


ae _ impeller tip. As a result of this boundary layer, mixing losses 


_ steady flow conditions with rapidly varying angle of attack. 


When these adverse conditions, resulting from the large boundary 

layer at the impeller tip, have been eliminated by proper impeller 

_ design, then theoretical and experimental research on diffusers can 

be expected to result in centrifugal compressors with high 
efficiency. 
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Summary or Resuurs—Part 2 


1 In Part 2 of this paper three approximate methods of solu- 
tion are presented which can be used for rapid analysis of com- 
pressible flow between blades on flow surfaces of revolution. 

2 For straight blades and compressible fluids the impeller-tip 
Mach number has only a small effect upon the velocity along the 
wailing face of the blade (except in the immediate vicinity of the 
impeller tip). 

3 For straight blades the difference between velocities on the 
trailing and driving faces of the blades increases with increasing 
tip Mach number and blade spacing, but is independent of the 
compressor flow rate. 

4 A large part of the losses in diffusers have their origin in the 
thick (or separated) boundary layer at the impeller tip of most 
present-day impeller designs. 

5 For efficient centrifugal compressors, it is important to de- 
velop impeller-design methods by which blade shapes (including 
the hub and shroud contours) can be computed for prescribed 
velocities that do not decelerate excessively along the flow sur- 
faces. Impellers designed by such methods probably will be 
characterized by curved blades of varying thickness with no dis- 
tinction between impeller blades and inducer vanes. 
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A ppendix A 
Mernop or ANaAtysis ror Frow Wrrn Axial Symmerry 
in Comrressors anp Tuspines 
ELEMENTS 
The equation of motion in the radial direction, Equation [1 la}, 
with partial derivatives with respect to @ equal to zero for axial 
symmetry and with Fy equal to zero for radial blade elements, be- 
comes 

Op On + Qa? gp, oP 
On + Qz = [A-1] 

or oZ R pe,? OR 
Also, from Equations {9} and {10} with Ap assumed constant 

from streamline to streamline 


op 
= RM,? 
[ — op on | 


Therefore, combining Equations |A-1}, [A-2], and [1], and 
noting that 
Pp. = p, RI 


the following equation is obtained 


OR Qe? 
¢ ¢ A = 0./A-3) 


(Note that an identical equation can be developed from Equations 
{Ile} and [9} and from Equation [13] with Fz equal to zero.) 
From Equation [6] 


We 


tor {A-4 
= tone see? A- 
oR oh 


and for radial blade elements 
so that : 


Therefore, from Equations |A-3], {A-4], [AS], and [6] 


(1 + tante) + 2tante + 2M, tane = 0. [A-6] 


..? = axial symmetry, the continuity equation becomes 


— 7 


It the blade thickness of the impeller being investigated (finite 
number of blades) varies with R and Z, the ratio 6 of passage 
width between blade surfaces to blade spacing in the cireum- 
ferential direction can be introduced into Equation [A-7] to 


ay ory 
an? + + 2 
(1 + tan’) ar? oz? tan 


p 
ov om (se 2tan?e dy 


: = 
az R oR + 26R tane =0 


_[A-10 


In this equation the density ratio p/p, is related to the velocity 
components Qe, and by Equation | 10] and the velocity com- 
ponents are related to the stream function y by Equations 
{A-9| and [6]. This system of Equations [6], [10], [A-9], and 
{A-10] ean be solved for given boundary conditions by relaxation 
methods (references 12 and 13), to give the distribution of W in the 
meridional plane, from which the distribution of Q can be deter- 
mined directly from Equations [A-9] and [6]. In some cases it 
may be advantageous to transform co-ordinates before solving 
the equations. 

If the fluid is incompressible (p/p, = 1), and if the ratio of 
blade thickness to blade spacing is zero (6 = 1), Equation [A-10] 


becomes 


oy  (tan?e — 1) 
an? 
(1 + tan ©) sR + oz? + R oR Ne <: 
+ 2RM, tane =0........{A-11] 


Equation [A-11] was solved by relaxation methods to obts ain the 
solutions presented in Figs. 4, 5, and 6 


Appendix 


Mernov or ANatysts ror Two-Dimenstonat ComprRessiBLe 
Berween Biapes or ARBITRARY SHAPE ON FLow Surraces 
or REVOLUTION 


The center line of a channel between adjacent streamlines that 
were obtained from an axial-symmetry solution in the meridional 
plane (Fig. 4, for example) is shown in Fig. 26, together with the 
co-ordinates, velocities, and the like, at a point on the center line. 
A tangent at this point to the center line in the meridional plane 


Center line of channel 


ba 
.. chm, 


Tangent to 
center line 


(se On) + to (se? =0 


(Although for axial symmetry the blades become infinitely thin, 
the space between blades also becomes infinitely small and the 
ratio 5 of these quantities has a finite value equal to that of the 
impeller with a finite number of blades.) The continuity Equa- 
tion {A-8] is satisfied by a stream function ¥ which is defined by 


Fic, 26 Co-Orprnates, Vetocrtres, THE Like, at a ow 
Center Line or a CHANNEL Between ApJACENT STREAMLINES IN 
Merrptonat Piane; Axtat-SyMMeTrRY SoLvTION 


nations and [A-0! cambine to give Pa 
~~ 
R oR 
: 
bat 
4 
1 
x. 
= 
Oe tane [A-5] ale 
\ \ 
- 
— 
bir 
— 


intersects the axis of the compressor with the angle a@ as indicated. 
If this tangent line is rotated about the axis it generates the sur- 
face of a cone which is tangent to the flow surface of revolution ob- 
tained by rotating the center line (Fig. 26). At the cireum- 
ferential line of tangency a fluid particle on the flow surface of 
revolution is also on the conic flow surface. This fluid particle is 
shown in Fig. 27 on a developed view of the cone surface. 


a 
Fic. 27. Frum Particte on Devetopep Surrace or Cone at 
Pownt Waicn Is Tancent To Surracs or Revo.ution 


Absolute Irrotational Motion. In the absence of shock, viscous 
effects, and so forth, the absolute motion of the fluid on the surface 
of revolution is irrotational so that the absolute circulation I is 


zero and from Fig. 27 
iR 
(RM, + Qe)k un — 2 [% 
oR sin a 


from which 


0 = 2RM, sina + Reina 


where by 0/08 is meant variations with respect to R along the 


surface of revolution. 
Continuity. From continuity considerations for the fluid par- 


ticle in Fig. 27 
ofp H 
HR 
) + ( Qe 


oR \ sina 


here H, the channel-height ratio, is defined by 


) = 0 


h 
H= KR) 


where hy is the channel height at the impeller tip. A stream func- 
tion W satisfies the continuity Equation [B-2] if defined as 


| 
De 
[B-3] 
oR * sin a 


Transformation of Co-Ordinates. For convenience in the relaxa- 
tion solution the following transformation of co-ordinates is intro- 


duced 
and : 
dn = d6.... {B-4b] 


Equation [B-4a] integrates to give £ as a function of R with £ arbi- 
trarily equal to zero when R equals 1, and Equation {B-4b] inte- 
grates to give 7 equal to @. By this transformation, which is con- 
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formal, the curved flow surface of revolution becomes a flat plane 
(£-plane). Lines of constant £ and 9, corresponding to co- 
ordinates of the &-plane, are shown on a flow surface of revolu- 
tion in Fig. 28. The problem is solved in the &)-plane and trana- 
formed back to the curved flow surface of revolution. 


Transformed ¢ 7 45 


Flow-surface- 
of- revolution 


Fic. 28 Lanes or Constant anv 9, 1.£., Co-Onpinates or Trans 
FORMED £9-PLANE, ON A FLow SuRrace or Revotvution 


General Differential Equation for Stream-F unction Distribution. 
In terms of the transformed co-ordinates, Equation [B-1] for 
absolute irrotational motion becomes 


= 2RM, sin a + Qerina + ae 


oy 
Qy HR 


Equations |[B-5] and |B-6] combine to give (note that H and R 
are independent of 7) 


p 
og Ont OEE on (On 


In this equation the density ratio p/p, is related to the velocity 
components Qy and Qs by Equation [10] where Q? = Qy* + Qe’, 
and the velocity components as related to the stream function y 
by Equation [B-6]. This system of Equations [10, B-6, B-7] can 
be solved for given boundary conditions by relaxation methods 
(references 8, 12, and 13) to give the distribution of y for two- 
dimensional flow past arbitrary blade shapes on the flow surface of 
revolution. The velocity components, and, therefore, the pres- 
sure, density, and so forth, can be obtained from the distribution 
of ¥ by means of Equation [B-6]. 

For flow through an axial-flow compressor sin a can be zero so 
that Equation [B-7] becomes 


al 495 
/ ~ [const é 
4 
1 Equation [| B-3) comes 
oHR 


oln oln 


olnH oy p, ow 
o& o& 


For «a plane, two-dimensional cascade H is equal to unity and the 
differential equation reduces to 


p 
p, oy 
on 


oy 
of? 


oy 
on* 


= 0 


oln oln 
p, ow 


o& o€ 


For incompressible flow p/p, is equal to unity, and the equation 
finally reduces to Laplace's equation 


oy 


of 


oy 


of 


oy 


on’? 


ov 
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Appendix C 


Arrroximare CireuLaTion Meruop ror Estimating Ve 
ries Atona Biape Surraces or Impeciers With 
AnpiTrary Suare ON ARBITRARY 
Surraces or Revo.ution 


A fluid strip between blades along a line of constant R on an 
arbitrary curved flow surface of revolution is shown in a developed 
view in Fig. 20. The velocities at the blade surfaces are Q, and 
Q,, as indicated in the figure, and the velocity between blades 
along lines of constant R is assumed constant and equal to Quve, 
where 
Qs + Q 


Qave = 
Also, the flow direction in the passage between blades is as- 
sumed constant and equal to Bag where for R < R, 


and for < R < 1.0 


sin Dave = A + BR + CR? 


where A, B, and C are coefficients to be determined, and where 
R, is the largest radius at which the fluid is considered to be per- 
feetly guided by the blades, that is, the radius at which the 
simplified method of analysis breaks down. From an inspec- 
tion of Fig. [21] the value of R, for o equal to r/10 radians (18 
deg) is about 0.800. For other values of o, the value of R, can be 
estimated from 


In R, In O.8 


2.23 


[C-3] 


(If the blades were designed to unload at the tip, the guiding of 
the fluid by the blades may be effective at a radius somewhat 
greater than the value for R, given by Equation [C-3].) 

In the absence of shock, viscous effects, and the like, the abso- 
lute circulation around the fluid strip in Fig. 29 is zero so that 


dR dR 
Qavs 
(0 sin con 3), ( sin @ cos 3) 


R2x 6 
b 


talib 


[C-4] 


d 
(RM + Qavg Sin Bare) 
dR 


where the subscript “abs’’ indicates component of absolute ve- 
locity along blade surface. But from considerations of zero abso- 
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ra 


Trailing 
surface 


(RM,*Q, sin By) Driving 


surface 


Fic. 20 Devetorep View or Stair Between Biapes 
Ling or Constant R on FLow Surrace or Revoivution 


lute circulation about the triangles at the driving and trailing 
faces in Fig. 29 


dl dR 
(ca. ) = Q, cos By ~ + (RM, + Q,sin 
sin a cos B/, sin @ 


tan 
a 


and 


d R 
) + + Q, sin B,) 
sin a cos B/, x 


dR 
tar ‘ 
sin an B, 


From Equations |C-4} and [C-5] 


Qa 


+ RM,(tan 8, — tan 


= 0 


+ sin a@ aR RM, + Qave sin Bavg) 


if Qave and Bavg are known, Q, and Q, can be determined from— 
Equations [C-1] and [C-6}. 
The following approximate equation results from continuity 
considerations at radius R 
Ww 
= 008 Bove HRS 


from which 


Qave = 
Bove HRS 


where from Equation [10] of Part 1 
1 
Poe — — 2M it ics} 


Thus, if Bare is known, Qavg can be computed from Equations ws 
(C-7] and [C-8] by trial and error. 
To determine Bae for R, < R < 1.0 the constants A,B,andC 
in Equation [C-2b] must be determined from the following three 
conditions: 


1 At R, where 8, and 8, are known from the blade geometry 


+ 


(sin Bave), = cin ( 2 


Direction of rotation 
| 
b 
|_| 
4 
| 
|C-2h 
| 
: 


d d 
2 At R, where Be and 8, are known from the blade 
dR dR 


geometry 


d(sin Bare), Ba + *) d (% + 
dR com ( 2 2 


At R equals 1.0 
sin Bave = (sin Bave)y 


where (sin Bavg)r is determined from the slip factor wu, which is de- 


(Qave sin Bave)r 
M 


Mr(u — 1) 
(Qave)r 


The slip factor yu is assumed to be known, or can be estimated, as a 
result of the work presented in Part 1 of this paper. (If the blades 
were designed to unload at the tip, the guiding of the fluid by the 
blades may be more effective so that the slip factor «7 may be more 
nearly equal to the theoretical value obtained assuming perfect 
guiding of the fluid.) The velocity (Qavg)r in Equation [C-11] 
is obtained from Equation [C-7] if cox Bive is replaced by 


V1 


(sin Bave)r 


- sin? Bave 
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(C-12) 
Pave é 


Equation [C-12] is solved for (Qacg) by trial and error. ae. ee 


From the three conditions given by Equations [C-9], [C-10) 
and [C-11], the constants A, B, and C in Equation !C-2b] become 


A = (sin Bugler — B—C 
sin 
dR 

2R, 
(1 — R,)* 

[ «in — (sin Bove), 


{(sin Bava)r — (sin Bave)], 


(1 — 


Therefore Q, and Q, can be determined as functions of R along 
the blade surfaces from Equations [C-1} and [C-6] in which the 
fourth term of Equation [C-6] is determined by the slope of (RV, 


+ Qave Sin Bavg) plotted against R where Qave and sin 


are determined by Equations [C-7], [C-2], and [C-13}. 
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Stasi Radial Turbines foe 


Substa 


By W. T. VON 


The turbine with radial inward flow, long known and in 
use as a water-power plant (1),’ is rapidly gaining interest 
for gaseous energy carriers. Single-stage versions with 
wheels of shapes well known from aircraft-engine super- 
chargers are now generally accepted in gas and air tur- 
bines when, relatively speaking, low mass flow in conjunc- 
tion with high energy content per weight unit of the work- 
ing substance characterize the available energy supply. 
Combining efficiency of 80 per cent and upward with at- 
tractive simplicity, this turbine type is bound to conquer 
its field. At present, aircraft auxiliary-power units repre- 
sent its predominant application. 


NOMENCLATURE 

_ The following nomenclature is used in the paper: sabes 

= diameter 
ac 


= blade or vane depth 


gas velocity 

nozzle angle 

blade angle 

reaction 

area 

mechanical] equivalent of heat 
gas constant 

density 

ratio of specific heats 

head (ft Ib/Ib) isentropic 
head coefficient 

volume flow per unit of time __ 
weight flow per unit of time 
pressure 

temperature 

g = gravitational acceleration 


meridional 
tangential 
exit 
inlet 
nozzle 
turb = turbine 

' Project Engineer, heading the Gas Turbines Project of AiResearch 
Manufacturing Company, a division of the Garrett Corporation. 

? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Gas Turbine Power Division and presented 
at the Fal] Meeting, Minneapolis, Minn., September 26-28, 1951, of 
Tue American Soctety or Mecuanicat ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, July 
11, 1951. Paper No. 51—F-16. 
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thy, 
INTRODUCTION 

Before presenting a few design considerations for radial air, gas, 
and steam turbines a brief historical background may well be of 
interest. After having demonstrated, in 1936, efficiencies of air- 
craft superchargers not materialized theretofore, the author de- 
cided to study these machines when operated as air turbines, of 
course, with reversal of the direction of both flow and rotation. 
Considering the flow dynamics in these turbines, efficiencies 
equally as high and higher than those observed on compressors 
were anticipated Not only this prospect, however, made the sub- 
ject attractive; the additional significance of simple turbines for 
low specific speeds contributed to forming the opinion that real 
progress, not to say advancement of the art, was to be gained 
from the radial-type turbine for compressible fluids. The com- 
bination of high efficiency, low specific speed, and great simplicity 
was the objective. Being mainly interested in lightweight turbo- 
machinery, early studies* and experiments were greatly restricted 

© single-stage units with 90-deg wheels. Of course, the author 
never considered the radial-type turbine as anything but a good 
unit for low specific speeds, nor has he thought of the 90-deg whee! 
as the only desirable configuration. 

Some compressor results referred to were published (2) in 1937, 
showing better than 75 per cent total efficiency of single-stage 
units with pressure ratios above 2:1. A closer study soon re- 
vealed relatively high losses in the diffusing system and, some- 
what later, the good performance characteristics of the impellers, 
Figs. 1 (a) and (6). With this in mind and knowing that a nozzle 
ring and nozale box for a turbine could hardly have losses as great 
as those experienced in the diffusing members of the compressors, 
there was little, if any, doubt that efficiencies better than 80 per 
cent, possibly up to 90 per cent, were obtainable even in very small 
turbines, provided the specific-speed conditions were observed 
properly. Out of the early tests conducted to check the matter 
experimentally, hardly anything remained in the author's posses- 
sion because of war consequences. Figs. 2 (a) and (6) show a 
Daimler-Benz aircraft supercharger which, when run as a turbine, 
produced performance values shown in Fig. 3. Similarly high, 
and even higher, values were obtained with units designed as tur- 
bines. Before going further it seems in order to explain briefly 
the specific speed and its importance. 


Speciric Speep 


There exist several different definitions of the specific speed; 
yet, these differences are not consequential as long as a uniform 
basis of comparison is maintained for both the radial and the axial 
configuration. The specific speed is a measure of the similarity 


* As Chief Director of the DVL Institute for Turbomachinery and 
Professor for aircraft turbomachinery at Berlin. The doctor dis- 
serations ‘Die Festigkeit hochbeanspruchter rein radial beschaufelter 
Kreiselverdichter-Laufrider" in Jahrbuch der Deutschen Luftfahrt- 
forschung 1944 (The Strength of Highly Stressed Impeilers of the 
Straight Radial Type), by K. J. Mueller and “Untersuchungen an 
Radialturbinen” (Investigations on Radial Turbines), by O. FE. Balje, 
originated from this research work at DVL. 


ao With High Rotative and Low _ 
Specific Speed 


: 
‘ 
4 
P = po 
Subseriy 
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characteristics of turbomachinery and its particular operating rpm 
conditions. TE } R, = wheel reaction ei tc. 

The specific-speed characteristic, probably first introduced for Y = b/D depth diameter ratio 
water turbines by Kamerer several decades ago, is slowly but Q = rDbc,, = volume flow A ric! 
certainly finding its way into being recognized as a valuable, if disc. ul 
not the most valuable, means for identifying the basic capabilities ; } 7 


for the radial wheel there results 


of rotating-blade systems. ‘ 
y = 0.9488 } s V1—R, 
Derivable from the simplified Euler equation Ores laa ; 
gH = qu’, with q being called the head coefficient, and from for Y = 0.03 and a = 5 deg, and with R, = 0.5, one finds 
v/e = const, for geometrically similar conditions (3) is the well- 9.4 = 0,026, whereas Jaa = 0.13 with Y = 0.11; @ = 35°, 
R, = 0.5. A turbine wheel whose specific speed falls within _ 
sta, 


known expression 


NVQ 


(gH)"* 


D = wheel diameter 
b = blade depth at D Gh Ib. d 
a =nozzle angle 


v = tip speed 
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SINGLE-STAGE RADIAL TURBINES FOR GASEOUS SUBSTANCES 


The nozzle throat area A results from 


RT 

‘Ape 
with ¥ as found in the literature (5) and w the contraction co- 
efficient. The pressure ratio (p/p)eo across the nozzle can be 
figured from the head 

Hua so = a 

converted into velocity in the nozzles with R, representing the 
reaction of the wheel. With an ID of the nozzle Dao, a depth 
bao,  nossle angle a, the continuity requires 


Ww RT 
Ago T = — 
with r accounting for finite vane thickness. 
Let all dimensions, see Fig. l(a), be expressed as fractions or 
multiples of the wheel diameter D, (outlet diameter of the whee wheel 
D, and hub diameter D, in the plane of D,) by 


Deo uD, 

bao sD, 

dD, wD, 
wD, = vwD, 


+ + + 


so 
VOLUME FLOW AT OUTLET OF TURBINE-FTYSEC 


Fic. Perrormance or Unir SHown Fic. 2, Operatep 
aS AN Ark TURBINE 


approximately this range between 0.026 and 0.13 is, in general, ad- 
vantageously of the radial type, whereas, for higher &-values, 
an axial wheel is usually preferable. 

Whereas, in the foregoing, the wheel inlet area was introduced 
as the characteristic value, in a previous report (4), the wheel- 
discharge condition was referred to. Arguments can be presented 
for and against either case.‘ The basic facts remain unchanged. 
Radial-type wheels are the correct answer for low specific-speed 
conditions. A chart like the one shown in Fig. 4, based on gener- 
ally accepted characteristics, indicates the range difference of 
specific speed for the two types considered over a wide blade-to- 
jet velocity variation. The advantage to be expected or obtained 
with the most suitable wheel configuration is one of efficiency, 
which is a feature normally ranking high in the comparative 
evaluation of merits. Moreover, for reasons of economy and 
ease of manufacture, the choice in favor of the radial wheel a oath 
advantageous wherever the justifice Fic. 4 Simpurrrep Caart ror Speciric Sreep Versus 

For those engineers who are unfamiliar with the merit of the Vateciry Ratio 
specific speed or even doubtful, the following train of thought, in 
seemingly wholly different, leads to the same conclusions and, 
moreover, is presented here in lieu of design calculations. 

The equation for the turbine output desired @8 29H 


Introducing the exit velocity cex from the impeller as Hi 


W Hoa the simplified Euler equation 
550 


permits the calculation of the weight flow W of gas per time unit 


after having assumed the efficiency 7 and determined with 


P 


in 


* When dealing with incompressible fluids, this difference does not and Soe ors that Qe. = 
exist. Cavitation problems, however, require attention. 
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simple algebraic transformations result in 


Pex IT. — w*)z 
sin Ono = R ( ) 


This equation or any other arrangement thereof tells practically 
the same story as does the specific-speed equation. If, for exam- 
ple, all “arbitrary” values on the right-hand side of the equation 
have been selected, and the numerical! evaluation then results in 
an unacceptable nozzle angle, then, this clearly evidences that 
either the “arbitrary” values assumed have to be changed or 
that an acceptable combination of all numerica! values which, in 
other words, means a desirable wheel configuration cannot be 
found. This result, then, is just another way of saying that the 
problem statement requires a different wheel, that is, a wheel con- 
figuration of a different specific speed like an axial wheel, provided 
it is properly suited for the purpose. 
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Wueer Configurations AND Recatep ProspLems 


A semi-radial turbine wheel also referred to as a diagonal wheel 
in several! publications is shown in Fig. 5 representing an exhaust 
turbosupercharger with a two-stage compressor and a turbine of 
the Birman type. The turbine wheel with fully curved blades has 
a very small ratio of inlet over outlet diameter (approximately 
1.2). As can be seen easily and has been demonstrated elsewhere, 
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this very fact characterizes this wheel as one of moderate rather 
than low specific speed not utilizing the blade loading resulting 
from the greater difference of circumferential tip speed between 
inlet and outlet characteristic for larger diameter ratios. Shaping 
the blades on the practically unshrouded wheel such that all 
elements are located on straight lines through the center of rota- 
tion, a wheel of this type can be built for high tip speeds; it tends, 
however, toward heavy disk or hub portions. Experimental data 
to which access could be obtained do not show efficiencies ap- 
proaching those demonstrated in Figs. 3 and 6 (a) and (b) but 
have given efficien¢y curves very similar in shape and almost 
equidistant, however, some 7 to 12 per cent lower at comparable 
conditions of operation (6). 

A similar wheel configuration with a somewhat greater diameter 
ratio, thus, more like Francis wheels of water turbines, has been 
used by Dr. von Ohain (E. Heinkel Aircraft Company) during his 
turbojet development some 15 years ago. 

As outlined previously, purpose and intent of the author's 
work were mainly toward simpler wheel configuration and lower 
specific speed in turbines, as it had been with compressors for a 
good many vears. 

The three best known configurations for 90-deg wheels with , 
straight blades in the radial portion used during the past 3 or 4 I 
decades for high-speed, lightweight compressors, especially for — 
aircraft superchargers, are shown in Fig. 7 (7). Considerations oe 
similar to those for the compressor are applicable to the use of — 
these wheels in radia! turbines. The unshrouded impeller a _ 
(called “Rateau Star’) is the most simple and oldest configura- 
tion. The main aerodynamical disadvantage of this wheel results _ 
from the fact that an energy exchange, necessarily representing a 
loss, occurs between the two faces of the blades on both sides of — 
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the impeller requiring a finite clearance between the rotating 
blades and the stationary walls of the housing. High tip speeds 
have been obtained with this impeller type. With a steel im- 
peller manufactured in 1932, tests up to tip speeds of 2000 fps 
without destruction or permanent deformation were performed. 
The energy exchange losses on one side of the blades are 
eliminated in the so-called semi-shrouded impeller per b (Fig. 7). 


7 Taree Main Paases or Devecopment or Arrcrart SuPER- 
CHARGER IMPELLERS 


This impeller type, produced by the tens of thousands for aircraft 
purposes, is still simple as far as manufacturing is concerned and 
is, efficiencywise, superior to the Rateau type. Instead of bending 
the axial portion of the blades, a methed used predominantly, a 
separate inducer similar to the ones shown in b and ¢, Fig. 7, can 
be used to provide for suitable blade angles. 

Stationary turbocompressors are normally equipped with 
fully shrouded impellers built up from three parts, namely, the 
back shroud, the blades, the front shroud, the latter one being a 
one-piece design or consisting of a heavy ring forming the inlet eye 
of the impeller with a shroud attached to this ring. Numerous 
variations of this type of impeller are on the market. The 
separate elements are usually connected by riveting, and in some 
instances by welding or brazing. The maximum tip speeds for 
which this design approach has been used successfully are around 
1200 fps, which value does not necessarily represent the maximum 
obtainable. It can, however, be stated that this built-up type is 
probably not the most attractive design for very high tip speeds. 
The explanation for the great interest in fully shrouded impellers 
in spite of the structural problems involved is simply the fact that 
they can offer improved efficiency as well as elimination of critical 
tolerance problems, especially in multistage machines. 

In an attempt to improve the strength of fully shrouded, light- 
weight compressor impellers, 15 years ago the author suggested 
the configuration c, Fig. 7. The advantages of this type have 
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been demonstrated and the production difficulties, originally con- 
sidered to be prohibitive, have been overcome to such an extent 
that a German aircraft manufacturer accepted this wheel for 
production engines (Fig. 28). In an effort to maintain the aero- 
dynamical advantages of the fully shrouded impeller and, at the 
same time, to keep the manufacturing reasonably simple, the 
author also suggested a split of the impeller into two parts along a 
plane perpendicular to the shaft, the location of which within the 
depth of the impeller was determined by a stress analysis of 
the front portion of the impeller consisting of a part of the hub, the 
front shroud with the rim, and a part of the radial blades. Tip 
speeds up to 1400 fps, obtained successfully with this configura- 
tion, were considered satisfactorily high some 12 years ago. The 
all-in-one-piece impeller of this configuration was apparently 
superior and the problem of producing it from preshaped forgings 
or as precision castings using modern techniques can hardly be 
considered impracticable, at least for highly critical machinery. 

The experience gathered with compressors is to quite an extent 
directly applicable to turbines, especially as long as similar 
maximum temperatures are considered as exist in compressors 
with pressure ratios up to 4 and 5 per stage. The event of the 
utilization of radial wheels in high-temperature gas turbines 
called for extended stress study. 

Whereas the stress analysis for impellers of the 6 and ¢ type, 
Fig. 7, is sufficiently difficult, even though thermal! stresses were 
mostly disregarded, their application to gas turbines with high 
temperatures makes it mandatory to take the thermal stresses 
into account, a problem not solved mathematically as yet. In 
the calculation of the stresses in a semi-shrouded compressor im- 
peller two simplifying assumptions are usually made: (a) The 
mass of the blades is distributed evenly over the disk, and (b) the 
nonsymmetry of the disk is neglected. Methods for a more 
accurate stress analysis have been developed by considering 
blades and disk separately and then superimposing forces as 
dictated by the compatibility requirement. The presentation of 
further details of these methods would exceed the limits of this 
paper. Experimenta! checks demonstrated satisfactory coinci- 
dence of calculated and measured deformation (8). The fully 
shrouded all-in-one-piece wheel, ¢ in Fig. 7 presents an even more 
complicated stress problem which, to the best of the author's 
knowledge, has not been solved analytically. The manner, now in 
use, of determining the acceptability of a wheel through whirl 
testing can hardly be considered desirable, and is expensive when 
attempting to approach temperature conditions as they exist 
during the starting, operation, and shutdown of a gas turbine. 
This work suffers, at present, also greatly from the fact that very 
little is known about the true temperature distribution in these 
wheels, 

No attempt to go into any details on this subject can be made 
here. However, a simple consideration, though disputable as to 
its merits, but still indicating limitations, which to overcome 
seems rather unlikely at present, may be of interest. Six simple 
elements, Fig. 8, namely, two disks of uniform strength, a disk 
of constant thickness, two blades of uniform strength and con- 
stant cross section, respectively, and a free rotating ring have 
been compared under the following assumptions: (a) The tem- 
perature of the body, plotted as the abscissa in the chart, is con- 
stant; (b) the maximum stress equals the strength of the material 
assumed. (Below 1000 F the yield strength and about 1000 F the 
thousand-hour rupture strength were selected.) The result of this 
consideration can only be indicative of limits, especially since the 
disks and the blades are treated as separate elements without tak- 
ing into account compatibility requirements, and because the 
temperature gradients which normally exist in a turbine wheel 
have been neglected altogether in spite of the fact that they can 
very easily be a most critical factor. Considering a disk of uni- 
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TEMPERATURE 

Fic. oF Simpcirten Stress CONSIDERATIONS 
form thickness and a blade of uniform strength showing up as the 
same curve in this plot under the assumptions made, a tip speed of 
around 1500 fps appears possible up to 800 or 1000 F metal tem- 
perature. Radial-type gas-turbine wheels with average tempera- 
tures around 1000 F and tip speeds above 1500 fps have actually 
been run over hundreds of hours. In these cases the temperature 
gradient in the wheels was probably rather great owing to con- 
figuration and conditions of operation. It seems possible, even 
though difficult, to so design a turbine that the axial temperature 
gradient, i.e., at a constant radius of the turbine wheel, is kept 
within acceptable limits, and that the radial temperature gradient 
is such that with present-day materials and methods tip speeds in 
excess of 1600 fps and at rather high gas-turbine-cycle tempera- 
tures become acceptable for radial gas turbines. Here, as in 
many other cases, joint efforts of the aerodynamicist (who may 
hardly like the shape of a blade of uniform strength) and the 
stress analyst (who may well prefer just this shape) are absolutely 
necessary to develop radial wheels, permitting higher tip speeds. 
Efficient single-stage radial-type gas turbines with pressure ratios 
between 4 and 6, and cycle temperatures between 1400 and 1800 
F most certainly appear worthy of all efforts. Such units will 
attain recognition, for instance, in the automotive field in general 
or for special applications. 

With increasing emphasis on weight reduction materials are 
stressed closer to their ultimate strengths. Therefore, a thorough 
investigation of the dynamic stresses becomes all the more im- 
portant. Even though the shape of a 90-deg wheel seems, and 
generally is, rather simple the problem of blade vibration occa- 
sionally has caused considerable difficulties. 

During World War II, serious accidents resulting from impeller 
blades breaking from vibration in the supercharger of a German 
aireraft engine have occurred. All records covering the rather 
extensive studies conducted did not survive the war. The best 
known later publications on this subject are probably the ones by 
R. G. Voysey (9). Conditions of a similar nature can exist in a 


answer is likely to be somewhat different from cases where 
simplicity and ease of manufacture are the decisive factors. Asa 
matter of fact, the two extremes mentioned are somewhat repre- 
sentative of the conditions in gas turbines on one and exhaust 
turbosuperchargers on the other side. 

For compressor impeilers the problem of blade number has been 
dealt with quite extensively. Some results were published more 
than 10 years ago (10). At that time compressor impellers with 
blade numbers varying from thirty-two to one were tested in im- 
pellers of approximately 7 in. and 10 in., respectively, with 
diameter ratios of approximately 1.75 and 1.66, respectively. In 
both cases the variation in efficiency as well as in (pressure or) 
head coefficient was relatively small when the blade numbers were 
changed from around 12 to around 20. A remarkable drop in 
both efficiency and pressure coefficient occurred with blade num-— 
bers of 4 or less in the smaller wheel and of 8 or less in the larger 
wheel. These results, of course, are not universally applicable be- Js 
cause of the influence of the special configuration of inlet and : 
diffusing system. It seems, however, that the basic observations 
outlined are largely applicable to the turbine wheel of the 90-deg 
type. A wheel similar to the larger compressor impeller men- | 
tioned, which was tested in one turbine, showed only a small | 
change in efficiency with blade numbers between 19 and 11; and 
even a decrease to 7 blades represented a drop in over-all efficiency 
of only approximately 5 per cent of the maximum value obtained 
at that time. In some of the cases the variation in efficiency 
actually might have been even less had the blade angles of the 
exducer or inducer, respectively, been individually matched to 
each and every new wheel configuration. In the unit presented in 
Figs. 2 (a) and (6) and 3, good turbine efficiencies were obtained 
with a 12-blade wheel, in spite of an objectionable curvature of 
the bent blades. 

It appears that recently promising progress has been made with — 
respect to calculating favorable blade numbers. The results of 
these studies, partly analytical, partly empirical, cannot be 
published as yet. Let it, therefore, suffice to say, that the basis 
for this work originates from a transformation of cascade results, 
combined with a balancing between decreased influence of the 
finite number with increasing blade number and a simultaneous in- 
crease in wetted area, that is, surface friction. 
between diameter ratio, blade number, and blade loading enters | 
these—shall we say—speculations, of course. So far, a surprising a 
verification of the predicted results is, however, notable. 


Nozz.es AND SCROLLS 


The calculation of the flow areas required and the design of the 7 - 


blading system offer no real problem as long as the pressure ratio 
across the turbine is not more than—let us say—the square of the __ 
critical pressure ratio and as long as not more than about 80 per | 
cent temperature-drop efficiency is demanded. For higher pres- _ 
sure ratios the jet deflection (Prandtl-Meyer effect) and other — 
mostly known features of supersonic flow require further careful — 


The relationship 


turbine, and it appears that attention has to be given to this 
matter, The opinion has been expressed that as long as no gear- 
ing is attached to the turbine shaft, the torsional modes of the 
wheel can be neglected. However, even a simple method for pre- 
calculating the three-dimensional bending problem existing in the 
different modes of vibration is not available yet, thus leaving 
this problem pretty much to an experimental evaluation and de- 
velopment. In his paper Voysey offers an approximate solution 
by “‘scale effect.” 

No final or comprehensive statement with respect to the most 
favorable number of blades in the wheels can be offered. In the 
first place, any such statement would require a special definition 
of what is favorable. When maximum efficiencies are more im- 
portant than minimum difficulties and cost of manufacture, the 


consideration. = 
Euler's and Bernoulli’s equations, the continuity compliance, 
equations for isentropic, polytropic, or isothermal change of y 
state, approximative calculations regarding the influence of a) * 
finite blade numbers and heat-transfer problems cover the most — 
important “tools.” 
Detailed discussion of these matters presented in publications = 
(4, 5, 11) will, therefore, be omitted in favor of additional in- 
formation. 
Whereas the nozzle vanes in the DB supercharger, Fig. 2, tested _ 
as a turbine, were of a shape and number quite common for com-— 
pressors and very similar to those used in some radial inward flow roll 
turbines, some manufacturers seem to favor straight nozzle vanes ; 
similar to those shown in Figs. 9 (a) to (d). To pass judgment 
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on the superiority of one or the other approach seems unjustified 
as yet for two main reasons: (a) Insufficient basic work has been 
done to permit a clear comparison, and (b) the difference in 
“efficiency” may not be sufficiently significant, thus leaving the 
decision up to structural considerations and those of manufactur- 
ing. Known recommendations for the design of turbine nozzles 
(5) can be followed rather easily, and relatively low diameter 
ratios of the nozzle ring have been found to be as good as greater 
ones resulting from “long” nozzle channels. Some of the basic de- 
sign considerations concerning nozzles used for flow measure- 
ments should be kept in mind. 

In the case of a radial turbine, the question can be asked 
whether nozzle vanes are essential or not. Compressors and 
pumps with so-called vaneless diffusers and/or volute-type scrolls 
as diffusing means are well known. They offer certain ad- 
vantages such as a flat head-volume curve and less tendency for 
pulsation. A reversal of the flow in this compressor configuration 
represents, of course, a turbine without nozzle vanes. The calcu- 
lation of such a turbine offers no special difficulties. 

For reasons of simplicity, the flowing medium will be considered 
to be a perfect nonviscous gas and the sidewalls of the vaneless 
ring assumed to be parallel with the axial distance or channel 
depth b. The tools at disposal are i 
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(1) = = const (isentrope) 
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2) rc, = const = k (free vortex) 
(3) pAc = const (continuity) iiss 
2 
(4) AHua = A 2. = ¢, AT (constant energy ) 
Following this sequence, and with z and y representing two radii 
of the vaneless ring considered, and with c,, and c, characterizing 
the meridional and the tangential components of the velocity ¢ 
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If two radii from the center of the ring to two points representing 
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which represents the answer to the euitien of how to determine 
® as a function of r or, in other words, the path of an element of 
the flowing substance in the vaneless ring with parallel sidewalls. 
As is known, for nonviseous, noncompressible fluid, the flow of 
constant angular momentum between parallel sidewalls follows a 
logarithmic spiral (sink or source). Considering a sink flow of a 
compressible substance one finds that the fluid leaves the ring at 
an angle smaller than that with which it entered the ring (12). 
Taking friction into account the deviation from a logarithmic 
«piral decreases somewhat. 

The calculation of the geometric conditions for a given weight 
flow W, pressure p, and temperature 7’ can be approached in the 
following manner: The determining throat area 


A = F2rbsina = 


where the density can be calculated on the basis of isentropic 
change of state for the nonviscous flow. It is not unusual to 
assume or calculate the reaction of the wheel (4), thus establishing 
the thermodynamical conditions to be created at the nozzle-ring 
discharge, and then to caleulate the ring backward—so to speak 
When a volute-type scroll precedes the ring it should be laid out 
such that the dimensioning of the scroll results in a flow match at 
the inlet to the nozzle ring. 

Over and above the deliberations essential when dealing with 
incompressible fluids, the limitations resulting from critical pres- 
sure ratios and critical velocity require careful investigations in 
designing turbomachinery for compressible fluids. 

Restricting the discussion again to the single-stage radial in- 
ward-flow-type turbine similar to Fig. 9(c), it is quite evident that 
there are at least three places where, when operating at very high 
pressure ratios, choking resulting from reaching the critical 
velocity can occur. These three areas are at the throat of the 
nozzles, at the inlet of the wheel, and at the discharge of the 
wheel, assuming that the flow path between these areas is so de- 
signed as not to impose a restriction. 

It is not too difficult to determine the proper throat area of the 
nozzles, based upon test results or published recommendations 
However, without sufficient knowledge about the reaction of the 
wheel the dimensioning of the inlet area to the wheel can present 
a problem when the over-all pressure ratio permits the relative 
velocity at the OD of the wheel to approach the critical velocity. 
With respect to a similar difficulty at the discharge of the wheel, 
the knowledge of the energy extraction effected by the wheel is 
In this respect the turbine design suffers equally from 
the lack of sufficient knowledge about the influence of the finite 
number of blades, as does {he compressor. Not being in possession 
of enough test results with very high pressure ratios of, let us say, 
from 5 to 10 per stage, no defiiite statement can be made here, 
except that it is felt that the danger of incorrectly estimating the 
conditions at the discharge of the wheel seems to be somewhat 
less than the one with regard to the inlet area of the wheel. The 
standard approach via the velocity triangles at the points con- 
sidered at the impeller and, thus, establishing a basis for a caleu- 
lation of the thermodynamical state of the flowing substance at 
those points is, for the time being, probably as good as any other 
approach in so far as the designer is concerned. 
permit a detailed presentation of this procedure. 
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Space does not 


Without going into an extensive and partly speculative 
analysis, it is rather difficult to determine as a function of nozzle 
angle the change in wnagnitude of the blade to jet velocity ratio or 
head coefficient at which maximum efficiency will be obtained. 
Experimental data gained from one radial turbine with pivoted 
nozzle vanes indicates that the head coefficient at which maximum 
efficiency oceurs incresses slightly with decreasing nozzle angles 


(compare Fig. 20). However, this observation does not as yet 
justify the quotation of numerical values. It appears to be in 
contradiction with values resulting from a simplified one- 
dimensiona! analysis, the assumptions in which, do, however, not 
exist when one and the same turbine is operated at different nozzle 
angles. 


AND Seat Marrers 


No complete analysis of these two problems can be attempted 
in this paper. Therefore, only a few remarks will be presented on 
the assumption that they indicate some of the difficulties en- 
countered, not necessarily commonly known. 

In the design of extremely smal] high-speed turbomachinery © 
with wheel diameters of, , from 2 to 4 in. and at or 
around speeds of rotation of 100,000 ope, the problems of critical — 
shaft speed and bearing type, arrangement and losses are, some — 
times, difficult ones. During the development of a small exhaust — 
turbosupercharger, mentioned elsewhere in this paper, with 3-in. 
wheels and 70 to 80 X 10° rpm, quite a variety of reasons forced 
the use of journal bearings as well as so-called stiff shaft, thus re- 
sulting in a shaft diameter of approx 0.4in. Using oil taken from 


let us say 


the sump of the reciprocating engine to be supercharged, a loss of — 
about 2 hp was experienced from the two journal bearings with an _ 


i/d ratio of 1, whereas two ball bearings only consumed about 
hp, all at 80,000 rpm. In smal! turbines produced for airplane- 
cabin refrigeration, ball bearings with mist lubrication have been 
proved to offer a good service and reasonably low friction losses, 
In very small gas turbines, however, one frequently faces the 
necessity of using an abundant amount of lubricant for cooling _ 
reasons, that is, for preventing an excessively large flow of heat — 


from the turbine wheel through the shaft. In antifriction bear- he. a, 


ings, large amounts of lubricant generally contribute to increased 
power loss (10). Where weight and space are not at a premium, : 
so-called outboard-bearing arrangements offer the advantage of 
decreased heat flow to the bearing. Brown-Boveri's small exhaust 


turbosupercharger (Fig. 10) has a back-to-back radial-type rotor ; 
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cantilever mounted, thus eliminating the “het” turbine bearing 7 
altogether. 

Of course, wherever possible, operating the rotor above the 

critical speed, or designing for high critical speed of the rotor can 


desired are reduction to elimination of liquid | 
where this approach seems impossible due to — 


features mostly 
lubricants and, 
heat-flow conditions, lubricants and bearings, capable of operating _ 


at considerably higher temperatures than are permissible at a 


diminish both the size and the friction losses of the bearings. For 
very small turbomachinery, one cannot but acknowledge a definite _ 
need for a new approach regarding the bearing problems. The _ 


present, should be developed. Furthermore, because of very > 
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equalization on wheel types dealt with in this paper are of im- y = 

portance, some kind of seal problem also exists. Fig. 1(a) shows reas 
the application of the thin edge portion of example No. 6 to a t -a 
turbine and/or compressor wheel. 
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smal] clearances frequently required between stationary and ro- 
tary elements, correspondingly small clearances or “looseness”’ 
are desired of the bearings. It appears that thoughts of this kind 
can hardly be called utopian. As far as need for thrust bearings is 
concerned it can be said that these normally do not present a 
serious problem, because the impeller or wheel thrust, in general, 
can be kept to a small value by means of properly pressure balanc- 
ing the disk surfaces producing thrust. 

One of the factors usually influencing the efficiency of turbo- 
machinery is sea] leakage. Numerous seal configurations have 
been developed. Some of these can almost be considered more or 
less accepted standards, for instance, in steam turbines. Exam- 
ples 1 and 2 in Fig. 11 show two well-known arrangements. For 
lightweight, high-speed turbomachinery, requirements are some- 
what different from heavy stationary steam turbines, and modified 
configurations have been developed, for instance, for the aireraft 
superchargers, In example No. 3 a seal type also based on the 
labyrinth effect is shown, which was used probably as early as 30 
years ago. Another solution which offers certain advantages in so 
far as mass production and replacement are concerned is shown in 
example No, 4. This configuration has been used successfully and 
is easily adaptable to different conditions regarding pressure dif- 
ference and temperature. Example No. 5 shows an entirely dif- 
ferent approach, namely, the so-called piston-ring seal which 
also has been made to work satisfactorily in mass-produced air- 
craft machinery. The opinions about the merit of this design are 
widely split, mainly with respect to the question of lubrication. 
Presence of oil in the compressed air is totally not permissible, for 
instance, in air-conditioning systems. Example No. 6, which 
the author suggested for the first five-stage, high-altitude super- 
charger of the radial type, shows a combination of double thin 
edge seal combined with a piston-ring seal separated by a venti- 
lated or pressurized chamber. This seal, somewhat space-con- 
suming, operated satisfactorily. When discussing the importance 
of seals, it must be kept in mind that they are not only essential 
for efficiency reasons, because whenever thrust control or thrust 


niques had been learned. 
PerrorMaNnce CHARTS 

During the past two decades it has become commonly accepted 
practice to present the performance characteristics of turbocom- _ 
pressors in dimensionless or semidimensionless ordinates. Be-— 
cause of its known influence the velocity of sound has been intro- _ 
duced as the denominator for dimensionless characteristic values, — 
like the wheel Mach number, defined as the quotient of wheel-tip 
speed and sonic velocity. The volume flow divided by a typical — 
flow area (e.g., the square of the wheel diameter) times sonic 
velocity, or the inlet velocity divided by sonic velocity (called the 
inlet Mach number) are values frequently plotted as abscissa 
with the pressure ratio as ordinate and wheel Mach number and 
efficiency as parameters. 

These characteristic values and others derived therefrom natu- 
rally can also be used for turbines. Somewhat varied expressions, 
dependent upon the intended usage of the performance chart, can 
offer additional advantages. |§ One example is shown in Fig. 12 
which can be considered to be self-explanatory. This chart is 
comparable to the well-known compressor charts of similar ap- 
pearance. Once a turbine has been built and tested and the re- 
sults have been plotted in this manner, the performance to be ex- 
pected under varied operational conditions is known for the tur- 
bine tested zs well as others built geometrically similar, provided 
the “extrapolation” does not reach out too far with respect to 
Mach number and pressure ratio. 

Another rather useful and general chart can be obtained by 
plotting weight flow times the square root of the inlet tempera- 
ture, divided by the product of inlet pressure and nozzle throat 
area versus the pressure ratio applied to the unit. When torque 
considerations are important, a dimensionless torque character- 
istic, defined as the quotient of the turbine torque measured and 
the product of pressure applied, nozzle area and wheel diameter, 
offers advantages and can be plotted versus wheel Mach number 
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with the pressure ratio as parameter. Such a chart is helpful 
where the whole torque characteristics are important, as in auto- 
motive or pneumatic starter applications. Fig. 13 shows such a 
plot for one radial inward-flow turbine exhibiting a shape basically 
known from some automotive-type torque converters which go 
back to the old Foettinger patents with closely coupled radial 
outward-flow pump and radial inward-flow turbine rotors, 

Elsewhere (4) it has been shown how other type charts can be 
precaleulated approximately. Fig. 14 proves that the approach 
referred to can be considered valuable especially as an aid to 
analyze the flow conditions. Line P in Fig. 14 had been precal- 
culated, based on assumptions believed to be reasonable, whereas 
the two full lines were found by experiment. Unfortunately, a 
corresponding and simple method for precalculating efficiency 
curves cannot be offered as yet. 

Additional charts, demonstrating the performance of radial 
turbines with special control provisions, will be given when dis- 
cussing such provisions. 

This paper is not the place to discuss the merits of or justifica- 


wal 


tions for the different definitions of turbine efficiency observed to 
be in use. Whenever efficiencies are mentioned in this paper, the 
energy available is calculated from total conditions at the turbine 
inlet and static pressure at the turbine discharge. Moreover, no 
discharge configurations recovering a portion of the discharge 
velocity have been included. It is felt that a satisfactory basis for 
comparisons is obtained when using this definition. : 


Metuops 

Going back in the literature about water turbines some 50 to 60 
years one finds treatises in books explaining that a very im-— 
portant factor in favor of the radial-type turbine is the simplicity 
of economical load adaptation over wide ranges. The early axial re : 
water turbines were adapted to the varying output requirements 
by throttling or by changing the degree of admission to the wheel, 
and these methods are stil] in use on axial steam turbines. With _ 
the introduction of high-efficiency radial-type turbines for com-_ - 
pressible fluids, the considerable advantage of changing the mass — 
flow of the working substance by varying the nozzle throat areas) 
all around the circumference of the turbine wheel was again — 
recognized. The nozzle parts to be moved are naturally located 
between two parallel plain walls perpendicular to the center line 
of the turbine, thue almost suggesting quite a number of mecha- _ 
nisms changing the nozzle throat area according to almost any de- _ 
sired rate of change. The following basic characteristics can be 
regarded as a measure for the quality of the different contro} — 
methods: 


(a) The less the turbine efficiency changes with varied throat — 
area the better the system is. 7 
(b) The simpler the parts and the mechanism, the more re- 
liable the mechanism, and the simpler the problem of mainte- 

nance is, the better the system. 


mechanism is desirable. be 
(d) The system and its parts should be as little sensitive toim- 
purities in the working medium pcessible. 


With these thoughts in mind, the different control methods, — 
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that is, methods to adapt the turbine output to the load require- 
ment, will be discussed in the following: 

The method of controlling the output by “throttling” is widely 
known and used, so are its features and simplicity; the analysis 
does not present problems. Throttling means losing or wasting 
energy. Therefore, the system efficiency is the lower the more the 
demand and the supply of energy differ. 

Both in the field of water turbines (1) and water pumps, a 
“ring sleeve,”’ as shown in Fig. 15, in the closed position, is well- 
known and was used late in the 19th century by American turbine 
companies in water turbines at Niagara Falls. Swiss and French 
manufacturers have also used this method. The cylindrical sleeve 
between nozzle outlet and turbine wheel can be moved paralle! to 
the axis of the turbine. As has been pointed out in literature, the 
design of the ring should be such that, independent of its position, 
the fluid flow is well guided in order to prevent flow patterns 
detrimental to maintaining good efficiencies over a wide range of 
nozzle-area change. Reasonable freedom regarding the relation- 
ship between axia) location of the sleeve and effective nozzle 
throat area can be secured; for instance, by twisting the nozzle 
vane such that with a linear decrease in actuation a more than 
linear decrease in effective nozzle area can be obtained. The 
sleeve contro] may have a certain disadvantage in common with 
the throttling control] when the operational conditions require 
maximum efficiency at part load (compare in contrast the charac- 
teristics of a variable area nozzle as in Fig. 21). However, per- 
formance charts demonstrating the relationship between part 
load and efficiency have apparently not been published. Aside 
from design problems, the sleeve seems to offer two attractive 
features, namely, a moderate sacrifice in efficiency at part load, 
and the possibility of being used as a shut-off means. 

“Partial admission” is another known way for output control. 
There are quite a number of configurations like subdivided nozzle 
boxes or turbine inlet housings with control valves at each 
housing section, or special mechanisms with blocks that can be 
moved into some or all nozzle throats to vary the degree of ad- 
mission. Efficiency curves covering this system were not at hand 
except those shown in Fig. 16 calculated from published (13) 
and unpublished test results. The value c, used in the dimension- 
less abscissa is somewhat arbitrarily selected and defined as inlet 
volume flow divided by #Db, which represents the meridional inlet 
area of the wheel. A statement as to the general applicability of 
these results cannot be offered at present. The decrease in 
efficiency shown can hardly be called great over a range from 100 
per cent down to 25 per cent admission. Some of the more in- 
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teresting constructions for partial admission in water turbines 
are—in a simplified form—shown in Figs. 17 (a) and (b), because 
they may inspire the designer of radia] turbines for compressible 
fluids. 

The method widely used for varying the throat area in radial- 
type turbines is the one introduced around the turn of the century 
and frequently referred to as the “Fink control system.” A wide 
variation, see Figs. 18 (a), (b), and (c),of vane patterns and mecha- 
nisms have been developed successfully. This method of contro] 
has rightfully been called the superior method and has demon- 
strated its reliability at least in water turbines over long periods. 
Some important design requirements are (a) small leakage losses 
or, in other words, minimum clearance between vanes and side 
walls; (b) low friction forces; (c) favorable flow conditions in all 
vane positions (14); and (d) small forces resulting from the pres- 
sure distribution around each vane. In many cases it is also de- 
sirable to design for total shut-off of the through-flow in the fully 
closed position of the nozzle vanes. It would go too far to de- 
scribe design details here since considerable information is availa- 
ble in the literature. One of the 11,000-hp water turbines of the 
Ontario Power Company at Niagara Falls delivered around the 
turn of the century by the German Machine Works J. M. Voith, 
for instance, is equipped with this system. 

The author has used this method successfully in experimental! 
air turbines before World War II and in a very small exhaust 
turbosupercharger previously mentioned. The air turbines were 
mainly built as stop-gap equipment for special cooling and re- 
frigeration purposes. Construction difficulties experienced with 
these units were actually only of a minor nature. During this de- 
velopment one unit was equipped with flexible nozzle vanes fabri- 
cated from thin spring-leaf steel, so arranged that the variation of 
the throat areas was obtained by deforming the flexible vanes 
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such that good nozzle shapes, the importance of which may have 
been overestimated at that time, were always maintained. 
What few test results survived the oceupation by the Russian 
Army are shown in Figs. 19 and 20. Fig. 19 represents a full per- 
formance chart of an air turbine with head plotted versus inlet- 
volume flow with curves of constant tip speed, of constant 
vane angle, and of constant shaft efficiency as parameters (4). 
The lines of constant nozzle angle and of constant efficiency 
coincide very well and approach quadratic parabolas rather 
closely. At the time of the experiments on this unit it was felt 
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ciency could have been obtained. The load range within the 75 

per cent efficiency plateau, that is, between 5-deg and 35-deg 
nozzle angle, is roughly 1:2. Fig. 20, obtained with a different 
unit, also serves to demonstrate how flat the curve connecting 
points of maximum efficiencies stays with a variation of 30 deg in 
nozzle angle; and in Fig. 21, based upon still another unit (15), : 
two important features are illustrated: (a) The change in 
efficiency as a function of nozzle area, and (6) the influence of 
doubling the specific blade loading of the same unit. The design 
point is so selected that sizable load variations downward and =~ 
upward, accompanied by very gradual efficiency decrease, are y 


that, by certain design changes, a further improvement in 5 
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obtained. This type of machinery is well suited where conditions 
require a wide load variation at constant rpm which covers the 
problem statement, for instance, for a-c generators. 

One of the air turbines referred to has also been tested as a 
compressor (10) in an effort to establish the feasibility of a 
machine that can be used equally well as a compressor and as 
turbine. Water-power plants have been built using turboma- 
chinery of the radia] type serving as turbines during the times of 
high loads and as pumps when an excess of energy available per- 
mits pumping the water into storage reservoirs. 
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When testing the first small exhaust turbosupercharger, Fig. 
22, mentioned previously, the method used originally to vary the 
noazile angle was found not to be as efficient as desired. Satisfac- 
tory results were obtained with a system, the basic features of 
which are shown in Fig. 23. The parts were simple and cheap 
and caused very little difficulty during the endurance testing, 


ARRANGEMENT ror Usrr SHown Nn 
‘16. 22 
(Designed and tested in 1944.) 


Improven Nozzie 


except for lead deposits resulting from operating the reciprocating 
engine on highly leaded aviation fuel. 
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During their development of smal! exhaust turbosuperchargers 
the Swiss Brown-Boveri people also decided to use radial inward- 
flow turbines, Fig. 10, on some models, whereas in others axial- 
type turbines are still preferred. However, the blading, shown in 
Fig. 10, is not of the straight 90-deg type. It is also known that 
Kapitza used radial-type turbines in his early work, probably on 
air liquefaction. Meanwhile, several manufacturers have de- 
cided to use the radial turbine for compressible fluids when the 
problem statement calls for low specific speed; other companies 
are exhibiting an increasing interest. In Flight Magazine early 
this year, the following note, considered to be quite interesting, 
was found: ‘Mr. Theed also spoke of the air-cycle-turbine cold 
air unit, which has recently been modified to employ a radial-flow 
turbine in place of the axial-flow type previously used. By this 
means a considerable advantage in performance, size-for-size, has 
been made possible.” 

The author is convinced that quite a number of turbines includ- 
ing those for steam now built as axial turbines could be produced 
much more favorably as radial turbines. There will, of course, be 
some difficulties and possibly occasional disappointments not now 
foreseen. 

Centripetal turbines have, apparently, established their right of 
existence for so-called auxiliary power units of a great variety. 
Some of the units developed have not yet been cleared for publica- 
tion; illustrations of others were not available at the time of this 
writing. The turbomachinery equipment manufactured by the 
author’s company uses centrifugal compressors, and most of the 
turbines are of the centripetal type with 90-deg wheels, Fig. 24. 
These turbines are being used successfully in five different applica- 
tions: Gas turbines, air-turbine motors, air-turbine starters, gas- 
turbine motors, and refrigeration turbines. In all cases the 
efficiencies are of the magnitude shown in Figs. 6(a)and (6). In the 
gas turbines, high wheel-tip speeds and gas temperatures occur 
simultaneously. Several units have passed hundreds of hours of 
severe running. Small air turbines for aircraft refrigeration sys- 
tems have been built, delivered, and used by the thousands 
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with both the 00-deg wheel and the bucket-type wheel, Fig. 25. 

Because of the well-known requirements regarding modern 
high-speed airplanes, the development of this small turboma- 
chinery had to be done against severe handicaps, such as the 
many unknowns about this turbine type and extraordinarily 
critical weight and space limitations. The success obtained in a 
few years can hardly be denied. Hence, it is not surprising to 
observe the rapidly disappearing skepticism about its merits, 
whereas the interest, let alone enthusiasm, for this simple type 
turbine wheel for gaseous substances was low only a few years 
ago. 

Fig. 24 shows what is called an integrated pneumatic power 
system the greatest portion of which, incidentally, has undergone 
ground and flight testing. Arranged in the upper left corner, the 
gas-turbine unit reveals a typical single-stage 90-deg inward-flow 
radial wheel driving a two-stage centrifugal compressor. This 
gas-turbine unit is unusual in that it does not produce shaft power 
but serves as a source of compressed air. The speed of this unit 
is 40,000 rpm at rated output, and the efficiencies and the rotating 
weights are such that neither the automatic starting, the accelera- 
tion, nor the thermodynamical performance are objectionable 
when comparing this very small unit with its big brothers with 
some 40 to 80 and more times the amount of mass through flow 


The second link in this power plant is an air-turbine starter _ 
(for gas turbines), again of the inward-flow type, working on bleed | 


air out of the gas turbine. 


single-stage turbine. Such an air-turbine starter can, of course, 


also be built with a 90-deg-type wheel. The important feature re- _ *) 
quired from such a pneumatic starter is a torque characteristic, — 


Semi-impulse buckets are used in this 


Fig. 26, well adapted to the requirements of the gas turbine to 


be started. 


The third link is an air-turbine motor serving as a generator or “4 


pump drive, working on either bleed air from the small gas turbine 
or bleed air from the propulsion gas turbines of the airplane. 
two elements most interesting here are a simple 90-deg inward- 


surrounding the wheel in a plane perpendicular to the center line 


of rotation. Bee advantages of this type of control system when © 


tioned before. 


Finally, in the lower right corner, a gas-turbine motor is shown. 


Its 


The difference between this unit and the air-turbine motor results — 


from the addition of a combustion chamber, in this case buried | 


flow turbine wheel again, and a variable-area nozzle-vane system | 
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: he turbine housing, producing a frequently desired increase _ n= 
nergy available from the bleed-air source. The turbine wheel rs 
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again is of the 90-<leg type. Fig. 27 shows two turbine wheels 
which in spite of the difference in size are producing almost equal 
efficiencies under comparable conditions. 

Results from these and similar units seem not to fall in line 
with opinions expressed in literature regarding the Reynolds- 
number influence in turbines. Fig. 28 shows a supercharger of a 
Junkers aircraft engine which is about as compact as such a unit 
can be built. Being of the vaneless type and having demon- 
strated very good efficiency, it is shown here as an example for 
what the author, once closely connected with the development of 
the unit shown, considers interesting also for the line of radial- 
turbine development. 


CoNncLUSION 


This paper cannot claim to be more than an accumulation of 
high lights and side lights. For space and time reasons two sub- 
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jects of great importance could not be dealt with at all: Control 
systems and metallurgical problems. Rather extensive publica- 
tions exist, however, in this field. 

As in any other activity, where the work is done in a serious 
attempt of thoroughness and with an honest willingness to face 
the facts, one can only confirm wholeheartedly what others have 
observed before: The longer and the more intensively one studies 
the problems, the less one knows with certainty. -2 
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Discussion 


Hetnricn Apenstept.’ The intensive heat exchange between 
gas and turbine wheel, the small hub diameters, the high rpm, 
and the tendency not to cool such a wheel in the center must 
produce greater problems for the bearings. Is the suthor in a 
position to give any information on these problems? How are 
overheated bearings avoided? Are insulating and cooling meth- 
ods used or is the bearing moved some distance away from the 
rotor, with the turbines running at speeds above the critical 
frequency of the wheel arrangement? i, 
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as a fixed-nozzle area, it bas flow characteristics different from ides 
axial-flow turbines, which, in some applications, is a disadvantage. = = 
The rotation of air after the nozzles and in the impeller produces a 
centrifugal gradient affecting pressure at the exit from the nozzle. 

\4a result, the critical pressure ratio across the nozzles is reached — 

at over-all pressure ratios much higher than take place in axial- 

flow turbines. 

In our experience with axial-flow turbines, designed for a high 7 
per cent reaction (peak efficiency almost at the same velocity : - 
ratio as in similar size centripetal turbines), we have found that 
actual air flow through the turbine and air flow calculated theoreti- 
cally using over-all pressure ratio as a reference is almost the _ ae 
same, to as low as 1.7:1 over-all pressure ratio (within 3 percent). 
Similar experience with centripetal wheels shows that actual flow — 
is already lower than theoretical (based upon over-all pressure 
ratio as before) at a 3.5:1 pressure ratio, and at a 1.7:1 pres- 
sure ratio the flow is only about 82 per cent of theoretical (and — 

84 per cent that of the axial-flow turbine). In the application of — 
expansion turbines for cooling airplane cabins, the loss of flow = 
at lower pressure ratios is a considerable disadvantage, as at high a - 
altitudes and small pressure ratios across the turbine, smaller 
flows are passed through the turbine to the cabin with the 7) 
centripetal turbine than with the axial-flow turbine, even if both : 
turbines have the same flow at sea level (high pressure ratio). 

Another peculiarity of centripetal turbines, coming from the — 
centrifugal forces acting in opposite direction of the flow, is its’ 
well-known tendency to erode nozzle and impeller blades. 

It can be visualized readily that any heavy particle which 
enters with the air between nozzle and impeller cannot escape _ 
until it is broken into pieces. The pieces have to be smal] enough ra 
so that drag of air flowing toward the smaller diameter will over- 
come centrifugal force, throwing particles back against the nozzle 
trailing edge. The problem of erosion can be solved successfully 
by using proper materials and blade shapes. Nevertheless, it 
diminishes, somehow, the simplicity and low cost of making <i 
tripetal turbines. 

The range of specific speeds at which axial-flow turbines : are 
as efficient or better than centripetal is difficult to establish and 
depends upon many different items, Therefore it is quite natural 
that the author did not put a scale on his Fig. 4, which is the only — 
curve in the paper plotted against the specific speed. 7 

The foregoing comments on centripetal turbines refer to im-_ 
pellers with long blades (compressor running backward type). . 
The centripetal turbines using airfoil profiles are an inte prmediate — 
step between axial and true centripetal design which have a 
own problems, not mentioned in this discussion. 


Hans Scuwarz.’ The writer is interested in radial turbines 
primarily for Diesel-engine superchargers.’ The simplicity 
ease of manufacturing alone justify their consideration. 

Does the author know of any radial inflow turbines being . 
as a supercharger drive for a Diesel engine operating with divided 
manifolds? 

It appears that the radial turbine has an inherently higher we 
value. This would be detrimental to engine acceleration. 

Heat dams have been developed to cut down the heat flow to 
a hot turbine end bearing to a value which is less than the tem- 
perature variations obtained in production bearings. Would 
the author care to comment on the subject of turbine-wheel cool-_ 
ing? 

* Stratos Division—Fairchild Engine & Airplane Corporation, 
Farmingdale, L. I., N. Y 
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N.Y. Jun. ASME 


— 


A 


= 


VON DER NUELL 


Avutnor’s CLosuRE 
"The author wishes to express to the discussers his appreciation 
for the interest they have shown in the paper and for their valua- 
ble contributions. 

Mr. Adenstedt’s questions can easily be answered by saying 
that all of the means he lists have been or are being used to prevent 
bearing overheating. With AiResearch gas turbines, there have 
not been major difficulties with the turbine bearings. 

With regard to Mr. Makowski’s comments the author can only 
state that, provided that he interprets the observations correctly, 
they do not coincide with his own experience. No basic dis- 

crepancy between observed and properly calculated flow char- 


acteristics came to the author's attention. Also, he fails to see 
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why, in this matter, there should be a difference between axial 
and radial turbines of equal reaction. 

Talking about nozzle erosion, Mr. Makowski states very right- 
fully that this problem can be solved successfully. The author, 
however, does not happen to agree with the opinion expressed 
that such solution impairs the simplicity of centripetal turbines. 

To answer Mr. Schwartz: A centripetal turbine is being used 
in the turbocharger of a Diesel engine. Information on the mani- 
folding system is not available. It does not appear necessary for 
the radial turbine to have an inherently higher WR*. The 
author's information about acceleration does not indicate specific 
difficulties. In regard to wheel cooling, the author is not 
exactly enthusiastic about it, at present, and is in favor of avoid- 
ing it as long as economics will permit. 
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= Research i in Exhaust Manifolds 


Over a period of four years, with the aid of the Office of 
Naval Research, the author has investigated the effect of 
the exhaust manifold on engine performance, particularly 
in two-stroke-cycle multicylinder engines. Some aspira- 
tor-type manifolds create suction rather than back pressure 
and result in scavenging-air flows that are greater than ob- 
tainable not only with conventional manifolds but even 
with no manifolds at all. 


LONG the quests to extract more power from every pound of 
A fuel burned in an internal-combustion engine, the important 
role that the exhaust pipe plays in the engine has been 
largely overlooked until recently. This is the more remarkable 


because it has been known that about 40 per cent of the fuel 


energy escapes through the exhaust pipe and that a fair portion 
of this can be harnessed. According to Schweitzer and Tsu (1),? 
the convertible exhaust energy of an ideal nonsupercharged 
Diesel engine is about 9 per cent; of a highly (2 atm) super- 
charged Diesel engine 17 per cent; of a nonsupercharged spark- 
ignition engine 15 per cent; and of a similarly supercharged 
spark-ignitiun engine 24 per cent of the fuel energy. Some of 
this energy is being recovered in exhaust turbines in turbo- 
charged engines. In nonsupercharged and in mechanically 
supercharged engines this energy usually is allowed to go to 
waste. 

The neglect of the exhaust system by engine designers had 
even more disastrous consequences. Pressure fluctuations in a 
conventional exhaust manifold generally impair engine per- 
formance by interfering with the proper scavenging and charging 
of the cylinders. Exhaust energy thus becomes a drag on the en- 
gine and a spoiler of performance. Two-stroke-cycle engines are 
particularly sensitive to exhaust-pressure fluctuations because 
they depend on the pressure gradients rather than on the piston 
motion for scavenging. The pioneering work of Michael Kaden- 
acy (2) helped to draw attention to the part the exhaust-gas 
column plays and can play in scavenging the cylinder. While 
Kadenacy concentrated his attention on the inertia of the gas 
column that leaves the cylinder, we have investigated the effect 
of the exhaust manifold on engine performance, particularly in 
multicylinder engines. 

The investigation, sponsored by the Office of Naval Research, 
has been in progress for almost 4 years, and this paper covers the 
high lights of that phase of the program which was completed by 
the end of 1950. The experiments were performed on an “air 
model” and on a “water model” and their main purpose was to 
study interference between cylinders and develop exhaust mani- 
folds of superior performance characteristics. Before deserbing 
the experimental equipment and the results obtained, it may be 
useful to review briefly the factors that determine the relations be- 
tween exhaust pipe and the engine performance. 

' Professor of Engineering, 
ASME. 

? Numbers in parentheses refer to the Bibliography at the end of the 

aper. 
: Contributed by the Oil and Gas Power and Gas Turbine Power 
Divisions and presented at the Annual Meeting, Atlantic City, N. J., 
November 25-30, 1951, of Tue American Society or MecHANICAL 
ENGINEERS. 

Norte: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, Octo- 
ber 4, 1951. Paper No. 51—A-132. 
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The engine output is limited by its air charge which in turn is a 
product of the total cylinder charge and its purity (3). The ex- 
haust pipe has a pronounced influence on both of these factors 
and, therefore, on the engine output. For instance, if the “tun- 
ing”’ of the exhaust pipe is such that a negative pressure wave hits 
the exhaust opening of the cylinder near the close of the charging 
period, the cylinder will lose charge during this period, and the 
power output will suffer. On the other hand, a positive pressure 
wave may hit the exhaust opening, this pressure wave having 
been originated from the exhaust blowdown of a neighboring 
cylinder. Combustion products carried into the cylinder will 
spoil the purity of the cylinder charge, and power output will again 
suffer. A good exhaust system is one which helps the cylinder to 
trap a big charge of little pollution, and the factors to be reckoned 
with are tuning and interference. 

In single-cylinder two-stroke-cycle engines the tuning of the 
exhaust pipe is of paramount importance. Exhaust-pipe tuning 
has a considerable literature (4, 5, 6), including analytical and 
graphical methods for calculating tuning. Pressure fluctuations 
set up by the exhaust impulses are controlled largely by the 
geometry of the exhaust system. The pressure waves propagate 
along the pipe with sonic velocity and are reflected from points of 
change in cross-sectional area. Pressure waves develop into « 
certain pattern which repeats itself every engine cycle. A 
favorable pattern is one which presents at the exhaust port a low 
or negative pressure during the early part of the charging period 
and a high pressure during the latter part of the charging 
period. A low (or negative) pressure during the early part helps 
to scavenge the cylinder from the residual combustion products 
and also reduces the parasitic blower horsepower. A high pressure 
during the latter part of the scavenging period helps to trap more 
charge in the cylinder. Favorable tuning usually can be ac- 
complished by selecting the proper lengths for the pipes for a given 
engine speed. The most unfavorable tuning is the case of reso- 
nance when the natural frequency of the exhaust pipe happens to 
coincide with the engine rpm. Then a crest of the exhaust pres- 
sure wave closely follows the opening of the exhaust pipe, and the 
closure is likely to fall in the valley. Such tuning results in poor 
performance. The difference in output between well-tuned and 
poorly tuned single-cylinder engines may amount to 30 per cent 

Tuning is much less important in multicylinder engines, but 
another phenomenon enters the situation, the interference. From 
four cylinders on, always more than one cylinder is open to the 
exhaust manifold at any one time, and the exhaust of one cylinder 
interferes with the other. Interference is moré pronounced be- 
tween cylinders that are close or adjacent to each other and are 
also near to each other in firing order. Then the exhaust of the 
cylinder firing later not only will buck the exhaust of the earlier- 
firing cylinder but exhaust gases are likely to enter and con- 
taminate the other cylinder. Reverse flow in exhaust branch 
pipes is a common phenomenon in multicylinder engines and re- 
sults in poor engine performance. 

The situation can be understood better by way of a concrete 
example. An 8-cylinder engine has a firing order of 1-6-5-2-8-3-4-7. 
The duration of the exhaust is 154deg. If each cylinder would ex 
haust through a separate well-tuned exhaust pipe, each would 
evince exhaust and cylinder-pressure fluctuations as shown by 
the light lines in Fig. 1, which are satisfactory. But if the cylinders 

haust into a « manifold, all the cylinders will not behave 
— Consider, for instance, cylinder No. 3. Shortly after its 
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exhaust blowdown (exactly 45 deg crank angle later) the adjacent 
cylinder No. 4 blows down, The pressure wave that is generated 
finds the exhaust and intake ports of cylinder No. 3 largely open 
for the next 154 — 45 = 109 deg. Naturally the pressure will 
propagate right into it. In the exhaust duct the pressure gets a 
sudden kick at A as shown by the heavy line and the cylinder 
pressure follows suit. In consequence, at B the exhaust-duct pres- 
sure will be higher than the cylinder pressure which will force 
exhaust gas into the cylinder, involving reverse flow in the ex- 
haust branch, indicated by the shaded area. The cylinder pressure 
is high during most of the seavenging period, and at C it is even 
higher than the air-box pressure (small shaded area) which results 
in exhaust gases being forced into the intake manifold. When the 
inlet port closes the cylinder pressure (dashed line) is way below 
the scavenge pressure, the cylinder is only partially filled with 


air and that is contaminated by the combustion products swept in 
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by the reverse flow. Because of its poor scavenging and inade- 
quate charge, No. 3 will bea hot cylinder liable to have ring stick- 
ing and cylinder deposits. The shortage of air at full load will ee 
cause poor combustion and smoke. 

While the theory of exhaust tuning is fairly well developed, lit- 
tle is known about exhaust interference theoretically or experi- 
mentally. Since multicylinder engines are of greater practical in- 
terest, the emphasis in the research described in this paper was 

1 upon interferenc ning has been d wil 
th in rference, and tuning has been dealt ith onl only 


The mathematical treatment of exhaust-pipe phenomena ina 


multicylinder engine is complicated, experimental development on 


full-scale engines expensive, but model testing was found to be _ 


both fruitful and relatively inexpensive. 

The air model developed at The Pennsylvania State College is 
shown isometrically in Fig. 2 and photographically in Fig. 3 
Any number of cylinders up to eight can be tested. The cylinders 
have inlet and exhaust ports which are controlled by rotating 
sleeves driven through a horizontal shaft by an electric motor. 


The inlet ports are on the lower part of the cylinder and com- — 


municate with the air box, the volume of which is so large (2000 — 
times cylinder volume) that it eliminates any pressure fluctua- | 
tions in the scavenge air. The exhaust ports are in the upper part — 
of the cylinders and communicate through branch pipes to the 
model manifold to be tested. No combustion takes place in the | 
cylinders but it is simulated by introducing high-pressure air into 
it after inlet closure and before exhaust opening. This is ac- 
complished by cam-actuated poppet valves. The exhaust mani- 
fold is open to the atmosphere but the exhaust back pressure can 
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be varied by the number and size of the orifices at the end of the 
exhaust stack 

The rotating sleeves are coupled to each other by pins in 
coupling disks with a sufficient number of holes to allow any com- 
bination of cylinders and “firing order’’ to be tested. 

Flow Tests. A significant test is the flow test. Keeping the 
scavenge pressure, boost (exhaust release) pressure, and rpm con- 
stant, the seavenge-air flow into the air box is measured by an 
orifice meter for various exhaust manifolds. The greater the flow 
the better the manifold, generally speaking. 

Fig. 4 shows the results of a series of flow tests with various 
shapes of manifolds, The seavenge (air-box) pressure was 3 psig 
and the boost pressure to produce exhaust blowdown 50 psig. In 
Fig. 5 flow values have been converted into scavenge factors 
which have the nature of a flow coefficient (3) and are nondimen- 
sional. The manifolds referred to by letters are shown in Fig. 6. 

Suction Tests. The difference between various types of mani- 
folds is more accentuated in the suction tests. In these tests the 
air feed to the air box is closed, while the cylinders continue to re- 
While 
the sleeves rotate, a pressure equilibrium is created in the air box, 
which is measured by a water manometer. The lower the air 
box pressure the better the manifold, generally speaking. 

The suction test is leas sensitive to the size of the manifold and, 
therefore, is particularly suitable to evaluate the merit of certain 
shapes or design arrangements. According to its response to the 
suction test, any manifold can be classified in one of three cate- 
gories. If a manifold produces positive pressure in the air box it is 
termed a buck-pressure manifold. If the air-box pressure remains 
substantially atmospheric, it is a neutral manifold. If the air-box 
pressure is below atmospheric, we have an aspirator-type mani- 
fold. The air-box pressure produced by a given exhaust manifold 
usually decreases with engine speed, and at high speed most mani- — 
folds produce suction. At moderate speed, however, a conven-— 


ceive boost air through the poppet valves for blowdown. 
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ciples for exhaust manifolds. Flow teats 
help to establish the proper dimensions. 
A manifold which shows up well in both 
the suction test and the flow test is 


probably a good manifold. However, to 
be certain, it is well to subject the model 
to another series of testa, i.e., check it for 
reverse flow. 

In an ideal exhaust manifold the gases 


flow always in one direction toward the 
stack. In a real manifold the gases fre- 
quently flow in the reverse direction 
either in the main header or in the ex- 
haust branches. Reverse flow is caused 


either by interference between cylinders 
or by reflected pressure waves. Some- 
times only one cylinder is hurt because 
of its particular location in conjunction 
with its firing order, yet the engine may 


suffer seriously from the misbehavior of 
one or two cylinders, 
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? tional manifold like manifold B is likely to turn out to be a back- 
_ pressure manifold, a manifold like manifold C an aspirator mani- 

fold, and no manifold is, of course, a neutral manifold. 
Fig. 7 shows a series of suction tests with the same four mani- 


folds, B, C, D, E, and with no manifold at all. It will be noted 


- that no manifold was unable to produce suction at any speed, (In 
explanation it should be mentioned that because of the horizontal 
rotating cylinder arrangement the ‘Kadenacy effect’’ was in- 


- significant.) The conventional manifold B showed back pressure 


up to 835 rpm and moderate suction above this speed. The as- 
_ pirator-type manifold C produced suction above 665 rpm, and at 
- 1400 rpm the suction attained —27 in. of water. The curves ob- 
tained by suction tests on various shapes of manifolds are charac- 
teristic to their shapes and a change in size changes the curves 
very little. 

Reverse Flow. The suction test serves to establish design prin- 
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In the air model tests two methods were used to detect re- 
verse flow. By taking indicator diagrams with the low-pres- 
sure indicator, reverse flow can be spotted. It also can be de- 
tected by the deflection of a taut thread in the gas stream observed 
through stroboscope illumination. Direct flow bends the thread 
upstream, reverse flow downstream. Good manifolds show little 
or no reverse flow. 

Low-Pressure Indicator. The low-pressure indicator as is shown 
schematically in Fig. 8, consists of a rotor R rotating inside of 
stator S. The rotor has a single distributor hole H while the stator 
has 36 equally spaced passages P, one at every 10 deg. The rotor 
is driven through spline shaft D from the engine crankshaft at 
1:1 ratio for two-stroke-cycle engines. The connection to the 
exhaust (or other space the pressure of which is to be indicated) 
is through the cover plate C and remains in continuous connec- 
tion with the distributor hole. Each passage P in the stator is 
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connected with a manometer tube, and every 10 deg crank rota- 
tion brings another manometer tube in connection with the ex- 
haust. Since the leakage between the lap-fitted parts is negligi- 
ble, the liquid level in the manometer row is stationary and truly 
represents the pressure fluctuations over the engine cycle. Since 
the length of the manometer connections does not influence the 
readings, the manometer tubes can be mounted conveniently at a 
distance on a board, see Fig. 9, and readings can be recorded by 
photography. By proper phasing, effected stroboscopically 
through built-in brush contacts, top dead-center of the engine is 
brought to the first manometer tube and the second will corre- 
spond to 10, the third to 20 deg of crank rotation, and so forth, 
This indicator is free from calibration errors either of the abscissa 
or of the ordinate. 

The rotor can be driven mechanically but for the sake of greater 
flexibility an electrical amplidyne-selsyn drive was employed con- 
sisting of two synchronous motors, master and slave, locking the 
two together with an electronically controlled cireuit. Thus 
phase synchronism with +1 deg was insured. 

Fig. 10 shows three indicator diagrams of the same cylinder 
with three different exhaust manifolds. The dashed lines repre- 
sent indicator diagrams taken from the cylinder, and full lines 
those taken from the exhaust branches close to the exhaust ports. 
The port timing is shown on the bottom. 

Exhaust reverse flow is indicated by the shaded areas where the 
exhaust pressure is higher than the cylinder pressure. It is great- 
est with manifold FE and smallest with manifold F. Reverse flow 
through the inlet port is detectable on the diagram with manifold 
I), where the eylinder pressure slightly exceeds the scavenge pres- 
sure right after the inlet opens. Manifold F shows good scaveng- 
ing by displaying a valley in the exhaust-pressure line in the region 
where the exhaust port is fully open. 
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Tests With Restricted Outlet. Exhaust manifolds often operate 
under restricted conditions either because clogging up with soot, 
or because having an undersize muffler or too long a tail pipe, 
or because other circumstances restrict the free discharge of the 
exhaust gas to the atmosphere. Some manifolds suffer more under 
such conditions than others. 

In Figs. 11 and 12 two manifolds are compared as to the 
effect. of throttling on their performance. Scavenging air flow, 
scavenge factor, and exhaust back pressure, as measured by a 
manometer next upstream to the restricted outlet, were plotted 
against manifold opening, expressed both as per cent full cross 
section and in square inches. Al] measurements were taken for 
two speeds, 300 and 1000 rpm, using a scavenge pressure of 4.5 — 
psig and a boost pressure of 70 psig. : 

It will be noted that although both are good manifolds, under 
throttled conditions manifold F proved to be far superior. A 10 
per cent drop in air flow was occasioned by a 50 per cent restriction 
of the manifold E-3, while with manifold F the same drop was 
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Water 


reached only after 80 per cent of the manifold outlet was covered. Pennsylvania State College, which is shown schematically in Fig. 

The back pressures were roughly 3 times higher with the E-3 mani- 13 and photographically in Fig. 14. TH 

fold than with F. With manifold F operation appears to be The mathematical theory of the water model has been derived __ 

feasible when the manifold outlet is reduced to 15 per cent of its previously (5, 7). Gas pressures in pipes are represented with 

original area, while with manifold E-3 and similar manifolds this water heights in triangular channels by the following relation = i 

seems to be out of the question. p a\s =i 


Water Move. Po > 


Based on an analogy between gas flow in « pipe and water flow where p is the gas pressure in psia, pp = 14.7 psia, h is the in- 
in an open channel, a water model has been constructed at The — stantaneous water height, and h» the equilibrium water height 
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(chosen 5in.). The relation of speed between the water model and 


air model (or engine) is expressed by the following 
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Voir gho 


V2 


where Nair and Nwater are the rpm of the air model and water 
model, respectively, Vwater and Vair are the respective cylinder 
volumes, Acir is the sound velocity in the undisturbed air stream, 
and +/gho/2 the propagation velocity of waves in the water, 
corresponding to equilibrium water height. 

The channels were made triangular, rather than rectangular, 
because the hydraulic analogy (7) demands the following relation 
to exist between the isentropic exponent of the gas k and the 
equation of the channel profile 


With k = 1.4 n should be equal 1.5, giving a channel profile 
shown in Fig. 15 with light lines. For convenience, a straight- 
walled triangular profile was chosen (heavy line) which would 
correspond strictly to a cylinder gas with an isentropic exponent 
of k = 1.5, while a rectangular channel would correspond to 
k = 2, « far less realistic assumption. For this reason triangular 
cylinders and exhaust branch pipes were used, but the inlet and 
exhaust channels were made rectangular for simplicity. 


Fig. 15 Deve torment or Prorice 


The water admission into and discharge from the “cylinders” 
were controlled by oscillating gate valves, actuated by cams 
through steel cables. Combustion was lated by admitting 
an extra amount of water into the cylinder while the gates were 
closed, to bring the water level up to that corresponding to cylin- 
der release pressure. 

The cams of the water model were so designed as to give identi- 
cal port timing with that of the air model. Because for dynamic 
similitude the speed of the water model must be 1: 1345 times the 
air-mode] speed, the observations can be made leisurely and, by 
the use of dyes or powder, reverse flow visually observed. Never- 
theless, for the sake of the record several hundred “indicator dia- 
grams” were taken by recording the water heights over the cycle 
in, and immediately outside of, the cylinder. 

The tests were made with a semiautomatic recording device 
visible in Fig. 14. The styluses were set manually with the dial 
gages in steps of 0.025 in. to various water heights. At the point 


of the cycle when the water level reached the stylus, a spark made 
a mark on the rotating eloctro-sensitive paper. The spark con- 
tinued as long as the platinum-pointed stylus was submerged. 
Thus complete records of water height versus cam angle were 
obtained. 

A typical water-model record is presented in Fig. 16. The inch 
readings of water height have been converted to pressure readings 
psi, and the 970 rpm rotative speed also is the converted speed. 
The actual speed of the water model was 970/1345 = 0.720 rpm 

The record is characteristic of a fairly well-designed exhaust 
system with-the typical blowdown, scavenge, and supercharge 
period, resulting in filling the cylinder to 3.3 psig, only slightly 
less than the 4-psig inlet pressure. Due to the large exhaust- 
channel size there was very little interference from the cylinder 
firing 45 deg later. Nevertheless, traces of backflow from ex- 
haust pipe into the cylinder and from the cylinder into the inlet 
tank can be noted in the diagram. 

Fig. 17 shows the effect of the exhaust-pipe size. 
the exhaust channel was reduced from 9 in. to 2.25 in. Two 
cylinders were tested phased 45 deg from each other, correspond- 
ing to an 8-cylinder engine. Cylinder No. 1 was the leading 
cylinder in firing order. 

Comparing the right- and left-hand diagrams, the pronounced 
effect of the back pressure of the small exhaust will be noted. The 
cylinder pressure is most of the time above the inlet pressure, so 
very little scavenging takes place, backflow is considerable both 
into the cylinder and into the inlet manifold. The relative charge 
is high but it would be a very polluted charge in the engine. 

Comparing the top and bottom-row diagrams, it will be noted 
that cylinder No. 1 suffers more from interference than cylinder 
No. 2 even with a %in. exhaust channel which corresponds to a 
large exhaust manifold; cylinder No. 1 shows considerable exhaust 
backflow and a certain amount of inlet backflow. Cylinder No. 2 
shows a negligible amount of exhaust backflow and no inlet back- 
flow except a little at the opening of the inlet port which is normal 
with well-designed two-stroke-cycle engines. 


Resvuvts AND CONCLUSIONS 


The results and conclusions are based upon a great number of 
tests, only a few of which have been reproduced in this paper. 

The exhaust system of an internal-combustion engine, par- 
ticularly of the two-stroke-cycle type, has an important influence 
on its performance. 

Exhaust interference between cylinders results in poor scaveng- 
ing and overheating with loxs of power, efficiency, and engine life. 

The most important factor in exhaust-manifold design is its 
geometric configuration. Size and tuning, controlled by the 
length of tailpipe, have some influence on multicylinder per- 
formance and predominant effect on single-cylinder performance. 

Exhaust manifolds generally can be classified into three groups, 
namely, (a) back-pressure manifolds, (6) aspirator manifolds, and 
(c) neutral manifolds. Back-pressure manifolds create a back 
pressure in the branch pipes which tends to propagate through the 
cylinder into the air box, opposing blower delivery and scaveng- 
ing. Subjected to the ‘‘suction test” on the air model, with closed 
scavenge-air admission but the cylinder being charged with high- — 
pressure air between scavenging periods, the back-pressure mani- 
fold shows positive pressure in the air box. 


Aspirator manifolds create a vacuum in the branch pipes, which ee 


tends to propagate through the cylinder into the air box, reducing 
counter pressure on the blower and aiding scavenge flow. Sub- 
jected to suction test the apirator manifold shows vacuum in the 
air box. 

Neutral manifolds create neither back pressure nor vacuum. 


Subjected to suction tests the air box shows substantially atmos- ic 
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The classification of a manifold is mostly determined by its 
geometric shape and the rotative speed. Its size, scavenge pres- 
sure, exhaust release pressure, firing order, and other operating 
conditions have little or no influence on it. A back-pressure mani- 
fold at low speed can turn into an aspirator manifold at high 
speed, especially at favorable firing order. Typical aspirator 
shapes continue to aspirate (or stay practically neutral) down to 
very low speeds and are little affected by the firing order. 

A typical back-pressure manifold is the conventional manifold, 
manifold B in Fig. 6, although above 835 rpm air-model speed it 
showed moderate aspirator effect. Both positive and negative 
pressures were of greater magnitude with smaller cross-sectional 
area of the manifold. The Z-shape characteristic with projecting 
shoulders shown in Fig. 7 for manifold B is typical for this type 
of manifold, The air flow increases and interference decreases 
with increased cross-sectional area. 

A typical aspirator manifold is manifold C in Fig. 6. It in- 
cludes quarter-round branch pipes, Venturi throats between 
cylinders, and separator vanes that keep the exhaust of two cylin- 
ders, with close firing order separated to prevent direct interference. 
The vacuum produced by manifold C is quite pronounced above 
700 rpm, but the positive pressures at low speed insignificant. 
This manifold is not very sensitive to tuning and to the firing order, 
hut the placement of the separator vanes should be determined 


Typicat Diagram From Water 
Inlet back flow shown by shaded areas IB, and [B:; 
and ER,.) 


by the firing order. 
interference definitely less. 


size and again decreases above that size. Under favorable con-— 


ditions manifold C produced an air flow that not only was greater _ 


than that of conventional manifolds, or divided manifolds, but | 

greater than obtained with no manifold at all! 7 
Manifold D is also an aspirator manifold with similar character-_ 

istics as manifold C only with considerably less air flow. That 
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The air flow is often greater than that of the _ 
conventional manifold of similar cross-sectional area, and the _ 
The performance does not improve 
indefinitely with increased size but reaches a limit at the optimum __ 


exhaust back flow by dark areas EB;, EB:, EBs, | . 


probably is due to the restrictions in many cross-sectional areas. 


Manifold E is a conventional manifold with quarter-round — 5 


branch pipes. It acts as an apirator manifold above 900 rpm but — 
not nearly as pronounced as manifold C. In air flow capacity — 


manifold E is excellent, in reverse flow caused by interference — 


tolerable. 


Manifold E, is identical with manifold E except for some 


separator vanes added. The vanes seem to be helpful with cer- 
tain firing orders but their general merit has not yet been estab- 
lished. 

The greatest aspirating effect was observed with manifold F 
which is a central outlet manifold of slightly tapered rectangul:r 
cross section. It also showed up favorably in air-flow capacity 
and in discouraging reverse flow. The most spectacular feature 
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of manifold F, however, is its performance under throttled outlet 


- conditions. It maintained its performance fairly well even when 


a _ the outlet was reduced to 15 per cent of the original size. 


Of the aspirator manifolds, the C manifold works best at high 


= speed, the E manifold works best at low speed, while the F mani- 


fold performs equally well at all speeds tested (300 to 1500 rpm). 
Manifold H, named by its inventors (8) the “‘Helixhaust”’ mani- 
fold, is a typical neutral manifold. In performance it is similar to 
_a divided manifold or individual exhaust pipes attached to each 
Interference is absent and so is the aspirating effect. 
Since most manifolds in practical use are back-pressure mani- 
folds, the Helixhaust manifold represents an improvement. Of 
course, a conventional manifold like manifold B made with a suf- 
ficiently large cross section would also be a neutral manifold, but 


7 . its weight and its space requirement would make such a manifold 


unattractive. Manifold H also must be made with sufficiently 


an = large cross-sectional areas to prevent excessive throttling and re- 
4 duction of air-flow capacity. 


The extreme in neutral manifolds is represented by no manifold. 

_ Again, interference is absent, and flow capacity is also high. No 
manifold can be approximated with a large exhaust pit connecting 
to short branch pipes, but such installations are no ionger popular 
because of the excessive space requirements. It seemed im- 
probable that any manifold can exceed the flow capacity of no 
manifold but manifold C was found to accomplish that under 
certain circumstances. Other aspirator manifolds probably can 


re eS be made to equal that record. 


How the aspirating or jet effect can increase the air flow through 
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the cylinders was demonstrated spectacularly by bleeding some 
air from the air box to the closed end of an E manifold. By 
diverting 4.5 per cent of the air flow from the cylinders, the flow 
through the cylinders was increased by more than 4.5 per cent. 
This means that the same amount of blower air by-passing the 
cylinders did more for charging the cylinders than if it had gone 
through them. 

Most of the test work was conducted on multicylinder arrange- 
ments, but numerous tests were made with only one cylinder 
operating and the rest removed from the air box. The most im- 
portant results from the single-cylinder tests are the following: 

The flow of air through the cylinder can be calculated by the 
mean inlet-port area and a scavenge factor, the latter being a con- 
stant with respect to speed and scavenge pressure and was equal 
to 0.62 for the air-model cylinder with no pipe. 

The frequency of pressure fluctuations in a straight cylindrical 
exbiaust pipe is the same as that in a pipe of double length and 
both ends closed; it corresponds to the calculated sonic velocity. 

An outwardly tapered pipe causes the frequency to increase and 
the amplitudes to decrease, 

A tapered pipe with 4 deg or more included angle usually helps 
scavenging and is less affected by engine speed than a straight 
pipe which must be tuned for optimum performance. 

Water-model tests brought out the importance of the proper 
size for an exhaust manifold. Nothing was gained by widening 
the exhaust channel from 9 to 46 in., but the performance suf- 
fered severely by decreasing it below 4.5 in. 

A promising way to take advantage of the aspiratory effect in a 
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moving vehicle is to utilize the ram effect of the air stream for 
sucking out the exhaust gas. 

The exhaust manifolding of four-stroke-cycle engines is also 
open for improvement, especially if considerable overlap is used 
in the valve timing. With conventional exhaust manifolds, auto- 
mobile engines suffer severely from exhaust interference when 
coasting downhill with almost closed .: rottle. Power penalty 
then is of no consequence, but fouling «. spark plugs and valves 
results from the backflow of the exhat. « gases into the cylinder. 
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Reheat Boilers 


By P. R. LOUGHIN! anv H. H. POOR,* NEW YORK, N. Y. 


quick start- -up, normal operation, and shutdown under 


: normal or emergency conditions. 


in the United States, outdistancing the less rapidly 
rising first cost of capital equipment. During the 1930's 
straight-condensing regenerative cycle was found to be more 


[ irae World War II the price of fuel increased markedly 


Reheat has been applied to a number of different designs. One 
type of dry-ash-removal unit is illustrated in Fig. 1 which shows 
the first boiler at the new Tanners Creek Plant of Indiana and 
Michigan Electric Company. It is designed to deliver 930,000 
lb per hr of high-pressure steam at 2080 psi and 1050 F, and 
840,000 Ib per hr of reheat steam at 390 psi and 1000 F. Con- 
stant high-pressure and reheat-steam temperatures are obtained 
over a considerable range in load by raising the steam tempera- 

; ture at low load by means of flue-gas recirculation or lowering the 

steam temperature at high load by spray attemperation. 
_ Another design of dry-ash-removal unit is illustrated in Fig. 2 
_ which shows a boiler for the Salem Harbor Station of the New 
_ England Power Company. It will deliver 625,000 Ib per hr of 
24 high-pressure steam at 1500 psi and 1000 F, and 548,000 lb per 
hr of reheat steam at 410 psi and 1000 F. Steam tesaperature 
may be regulated at low loads by selection of burner elevation and 

at high load by spray attemperation. 

Fig. 3 shows the largest boiler we have yet designed, a slag-tap 
unit for the new Muskingum River Plant of the Ohio Power Com- 
_ pany now under construction. It is 56 ft wide center line to cen- 


000 Btu per hr, obtained from the combustion of 89 tons of coal 

_ perhr. Maximum continuous rating is 1,335,000 Ib per hr of high- 

pressure steam at 2075 psi and 1050 F, and 1,226,000 Ib per hr of 

reheat steam at 470 psi and 1050 F. Under these conditions the 

generators will deliver 217 gross megawatts. Steam-temperature 

control is by flue-gas recirculation at low load and by spray 
attemperation at high load. 

Another type of slag-tap reheat boiler is shown in Fig. 4. This 
is the fourth unit at the Oswego Steam Station of the Niagara 
Mohawk Power Company. It will deliver 656,000 Ib per hr of 

“s high-pressure steam at 1492 psi and 1000 F, and 599,000 lb per 
i Steam temperature 


: A. hief Staff Engineer, The Babcock & Wilcox Company. Mem. 


. The Babcock & Wilcox Company. Mem. 

Contributed by the Power Division and presented at the Annual 

_ Meeting, Atlantic City, N. J., November 25-30, 1951, of Tae Amenri- 
_ CAN Society or ENGINEERS. 

_ Nore: Statements and opinions advanced in papers are to be 

understood as individual expressions of their authors and not those 

of the Society. Manuscript received at ASME Headquarters, 
September 5, 1951. Paper No. 51—A-80. 
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A cyclone-furnace-fired reheat boiler is illustrated in Fig. 5. It 
will deliver 830,000 Ib per hr of bigh-pressure steam at 1850 psi 
and 1010 F, and 733,000 Ib per hr of reheat steam at 538 psi and 
1010 F. Steam temperature will be controlled by using flue- 
gas recirculation at low load or spray attemperation at high load. 


Norma Start-Up From 


There is little difference between the operation of a reheat 
boiler and a nonreheat boiler during normal start-up from cold. 
Actually, a reheater is merely an additional superheater which 
must be drained or boiled out, and protected from overheating, 
during the pressure-raising period when there is no steam flow 
through the tubes. 

Before the fire is lighted the reheater should be drained as com- 
pletely as its design will permit. Reheater drains which dis- 
charge to the condenser should be left open until a load equivalent 
to 5 to 10 per cent of full rated steam flow has been put on the 


This paper illustrates typical designs of reheat boilers orn Pa 
and discusses ratin, lures for normal start-up, 
economical than the reheat-regenerative-cycle, but the wartime 
change in price structure made the more efficient reheat cycle 
economically attractive for many postwar power plants. i) 
} » wd = ] 
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boiler. Reheater drains which discharge to the atmosphere 
should be left open until it is time to start the hogging jets of the 
condenser, at which time they should be closed so that air will not 
be drawn into the condensate system. If the reheater is non- 
drainable any water which may remain in the tubes must be 
boiled out during the starting-up firing period. 

During the pressure-raising period, before there is steam flow 
through the reheater, the firing rate must be controlled so that 
gas temperature entering the reheater will not exceed 900 F 
before steam flow through the reheater has been established. In 
most cases the similar restrictions on firing rate necessary to pro- 
tect the superheater will provide adequate protection for the re- 
heater. 

Fig. 6 shows test data obtained during a routine start-up of the 
Tanners Creek boiler, Fig. 1, which serves a cross-compound re- 
heat turbine. Pertinent operating data are given in Table 1. 


TABLE 1 


TEST DATA TAKEN DURING START-UP OF TANNERS 
CREEK BOILER 


:05 pm -- High-pressure and tow-pressure turbines put on turning gear. 
:20 pm—-Induced-draft and forced-draft fans started. 
:45 pm--First lighters put in service (various lighters were put in and 
taken out of service during the starting-up period). 
D pulverizer put in service 
-D pulverizer taken out of service 
Steam admitted to turbines to bring them up to speed. 
~D pulverizer put in service. 
(Generator synchronized and put on line. 
B pulverizer put in service. Electrical load 20 megawatts. 


2:25 am 


During the pressure-raising period the bottom of the drum is 
heated by contact with the water and, after the air has been 
driven out of the drum by the steam, the top of the drum is heated 
by condensing steam, which is an extremely effective medium of 
heat transfer. The top and bottom of the drum therefore tend to 
maintain equal temperatures. Temporary thermocouples moni- 
tored the temperature of gas to the secondary superheater so that 
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a temperature of 920 F was not exceeded until after steam flow had 
been established through the superheater. , Since the reheater is 
situated beyond the secondary superheater it was safe from over- 
heating. 


Quick Srartinc From Hor Banx 


In several papers presented before this Society,*** J. C. 
Falkner and his associates have shown how system load require- 
ments for The Consolidated Edison Company make it necessary to 
take large high-pressure boilers off the line late in the evening and 
bring them up to full load quickly the following morning. A 
high-pressure high-temperature turbine drops about 150 F in 
temperature during a 6-hr shutdown, To minimize temperature 
differentials during start-up it is desirable to deliver steam at a 
temperature close to that of the turbine while the turbine is being 
brought up to speed, synchronized, and loaded. Since it is not 
possible to deliver high temperature, high-pressure, and reheat 
steam at the boiler output (30,000--50,000 1b of steam per hr )required 
to roll the turbine at no load, it is necessary to apply a temporary 


*“Quick Starting of High-Pressure Steam-Turbine Units,” by 
J.C. Falkner, R. 8. Williams, and R. H. Hare, Trans. ASME, vol. 
70, 1948, pp. 201-209. 

‘Latest Technique for Quick Starts on Large Turbines and 
Boilers,” by J. C. Falkner, D. W. Napier, and C. W. Kellstedt, 
Trans. ASME, vol. 72, 1950, pp. 1111-1122. 

* “Supplement” (to preceding paper), Trans. ASME, vol. 72, 1950, 
pp. 1123-1136. 
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‘16. 4 Stac-Tap Reseat at Osweco Stream Station, 
NiaGara Monawk Power Company 


tion with the Consolidated Edison Company for applying the arti- 


ficial load in the case of an 1850-psi, 1000 F high-pressure steam, 


1000 F reheat-steam, cross-compound turbine is shown in Fig 7. 
During normal operation steam from the boiler drum passes 


through the primary superheater, interstage spray attemperator, 


and secondary superheater to the high-pressure turbine stop and 
control valves, through the turbine, through the reheater to the 


intercept valve of the intermediate-pressure turbine, and then 


bines to the condenser. 


~ 
> 


through this turbine and the two double-flow low-pressure tur- 
A by-pass line around the turbine, 
_ serving the same purpose as those developed by the Consolidated 
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Edison Company,’ is provided so that an artificial load can be 
applied to the boiler during starting up. 

During normal operation shutoff, valves Nos. 1 and 4 are 
closed; they are opened only during quick start-up. No steam 
will flow from the superheater during the pressure-raising period. 
When the pressure reaches 1850 psi the pressure-actuated auto- 
matic pressure-reducing valve No. 3 will start to open and an arti- 
ficial load will be placed on the boiler. Steam flowing through the 
by-pass line under the control of valve No. 3 will pass through 
pressure-reducing orifices and a spray attemperator regulated by 
the temperature of the steam leaving the reheater. After leaving 
the reheater, by-pass steam passes through another automatic 
pressure-reducing valve No. 5, which begins to open at 500 psi, 
and then passes through a spray attemperator and additional 
pressure-reducing orifices to the condenser. Spray water is 


“and. 

| ° Fie. 5 Cycvone-Furnace Reneat Borter 

‘ 
fe _ artificial load during the 15-min period between putting 
boiler on the line and the loading of the turbine. 7 
4 as One arrangement of equipment developed by the Steam Turt 4 
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turned onto the condenser inlet attemperator by pressure- 
actuated control valve No. 6 when the reheater-outlet steam pres- __ 
sure reaches 495 psi. As firing on the boiler is increased the 
pressure-actuated valves on the by-pass line continue to open unti! 
an artificial load of 300,000 Ib per hr has been imposed on the boiler. 
At this time the steam pressure leaving the superheater will be 
somewhat in excess of 1850 psi and the steam temperature will 
be 900 F; the steam pressure leaving the reheater will be somewhat 
in excess of 500 psi and the reheat-steam temperature will also be 
900 F. 

When this point is reached the steam may be sent to the 
turbines, and the high-pressure turbine control valve and the 
turbine intercept valve will be opened to pass steam through all 
the turbines to bring them up to speed and permit synchroni- 
zation, As soon as the generators are synchronized a load of 
approximately 40,000 kw will be picked up; the reduction in pres- 
sure will close the by-pass control valves automatically. The mo- 
tor-operated shutoff valves Nos. 1 and 4 in the by-pass line will 
then be closed manually. 

The automatic operation of the system seems simple, and it is ex- 
pected that only about 15 min will be required from initial steam 
admission to the turbines until the load of 40,000 kw is reached. 
During this period about 75,000 Ib of steam will be by-passed to 
the condenser. The by-pass line should come off the steam 
piping as near the boiler as possible; connections may be taken 
directly from the superheater-outlet header. The by-pass line 
from the reheater outlet may be placed near the turbine intercept 


valve. 
NORMAL OPERATION 

During pe sheds of normal operation when steam is flowing 
through the reheater it will be protected against overheating pro- 
vided the reheater-outlet steam temperature does not exceed de- 
sign values. At low loads it usually will be found economical to 
operate a reheat boiler with high excess air in order to elevate 
superheated and reheat-steam temperatures, the decreased 
efficiency of the steam-generating unit being more than compen- 
sated by the increased turbine efficiency so that the over-all cycle 
efficiency is improved. As in all high-efficiency boilers, it is nee- 
essary to take steps to protect the air heater from plugging and 
corrosion at low loads. Methods for doing so have been treated 
extensively by P. H. Koch. 


“Tubular Air Heater Performance and Corrosion Problems,” 
- P.H. Koch. Babcock & Wilcox Bulletin No. 3-509, 1951. 
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SreaM-TeMPERATURE REGULATION 


Reheat boilers are associated with high steam temperatures. At 
the present time superheated and reheat-steam temperatures 
lie in the range 1000 to 1050 F. The large-size superheaters and 
reheaters required for these temperatures are considerably more 
sensitive to changes in operating conditions than those designed 
for lower temperature. Fig. 8 shows the schematic arrangement 
of two hypothetical counterflow convection superheaters A and B 
which may be used to illustrate this point. Assume that the 
design conditions are as follows: 


. A B 
- 1,000,000 1,000,000 
1,400 2,000 
900 1,050 
400 


Superheater 

Steam flow, lb per hr .. 

Steam pressure leaving superheater, psi 
Steam temperature leaving superheater, deg F . . 
Feedwater temperature, deg F . . 400 
Gas weight over superheater, lb per hr fa . 1,148,000 1,222,000 
Gas temperature entering superheater, deg F... . 2,000 2,000 


A drop in gas temperature entering the superheater from 2000 
to 1900 F with no change in gas weight will reduce the outlet- 
steam temperature 22 F in the case of intermediate-tempera- 
ture superheater A and 30 F or 136 per cent as muc *h, in the 


ENTERS AMD SUPERMERTER O80 
TEMPERATURE ENTERS AND SUPERNESTER O86 
STEAM FLOWS THROUGH SUPERME ATER 


AND TEMPERATURE SUPERHEATERS 


‘OMPARISON OF HigH-TEMPERATURE AND Meoium-Tem- 
PERATURE SUPERHEATERS 


case of high-temperature superheater B. Similarly, if the en- 
tering-gas temperature is held constant at 2000 F, an 8 per cent 
change in gas weight, causing a heat-absorption change of 5 per 
cent, would change the outlet-steam temperature of superheater A 
by 20 F and of superheater B by 30 F. Uncompensated 
variations in those operating variables which affect steam tempera- 
ture, such as feedwater temperature, excess air, firing rate, and 
furnace cleanliness, produce wider steam-temperature fluctua- 
tions in modern high-temperature boilers than in earlier inter- 
mediate-temperature designs. Reheat-steam temperature is 
even more sensitive to operating changes than is superheate: 
steam temperature, since reheater heat absorption is affected in 
the same way as superheater heat absorption, and in addition the 
superheater outlet temperature changes are passed along with only 
partial diminution through the high-pressure turbine to the re- 
heater inlet. 

These effects, as well as the wide range of steam-temperature 
control required in many instances, present challenging problems 
to the boiler designer and the control manufacturer. Further- 
more, the American Boiler Manufacturers Association and 
Affiliated Industries’ standard performance form calls for a 
guarantee of steam temperature within plus or minus 10 F of 
specified temperature. The increasing accuracy of steam-tem- 
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perature control required to meet this tolerance as steam tempera- 
ture increases is illustrated in the following table: 


900 
1400 


1050 
2000 


Stearn temperature leaving superheater, deg F 750 
Steam pressure leaving superheater, psi 650 
Permissible variation in superheater heat —_- 


tion, per cent od 3.32 38 17 


Superheat and reheat-steam temperatures may be controlled by 
axing one or more of the following means: spray attemperator, 
flue-gas recirculation, gas proportioning dampers, or burner- 
«levation effects. A boiler with a reheater naturally requires 
more elaborate instrumentation and control equipment than a 
nonrehest unit because of the need for controlling two separate 
steam temperatures. Many of these instruments and controls 
must be duplicated in wide boilers with double-inlet and outlet 
-superheaters and reheaters. 


ScHEDULED SuutTpowN For OUTAGE 


‘The shutdown of a reheat boiler is the same as that of a nonre- 
heat boiler except for the additional set of drains, which should be 
opened after the turbine is taken out of service. As in any other 
high-pressure boiler, rate of cooling is limited by consideration of 
thermal stresses in the drum. During pressure reduction the 
bottom of the drum is cooled by contact with the water, whereas 
the tep of the drum is cooled by heat loss through the insulation, 
cenductien of heat circumferentially around the drum plate, and 
combined radiation and conduction to the stagnant and slightly 
superheated steam in the upper part of the drum. Since these 
modes of heat transfer are relatively ineffective, the temperature 
of the tep of the drum lags behind saturation temperature during 
pressure reduction, and the rate of pressure reduction is limited by 
temperature differentials between top and bottom of the drum. 
In many instances it is desired to enter the boiler setting for in- 
‘spection or repair work as s00n as possible after the boiler is taken 
eff the dine. The permissible rate of pressure reduction may be 
increased by raising the water level to the top of the drum after all 
steam flow from the boiler has been stopped and holding it there 
se that beth top and bottom of the drum will be cooled at nearly 
the same rate by contact with water. 

Fig. 9 shows test data obtained during a routine shutdown of 

i Pertinent operating data are 


During the load reduction the excess air was raised to quite 
high values. Superheat and reheat temperatures therefore re- 
mained high. Temperature of the top and bottom of the drum 
came together when the water level was raised to the top of the 


drum. 
ScHEeDULED SuutTpown To Hot-Bank ConpITION 


When it is desired to remove the unit from service temporarily, 
‘but to resume load at a later time with minimum delay, the availa- 
‘ble means of steam-temperature control may be used to regu- 
jate high-pressure steam and reheat-steam temperatures so as 
‘to minimize temperature shock to the turbines when they are re- 
turned to service. While the boiler is off the line it may be fired 
periodically for short periods, if desired, at such a rate that gas 
temperature entering the superheater or the reheater does not ex- 
ceed 900 F, to maintain boiler pressure and to prevent the 
accumulation of condensate in the superheater and reheater. 
The reheater drains should be open during the periods of outage. 


Emercency BorLer SHUTDOWN 


If an essential boiler auxiliary is lost or for some other reason 
‘the boiler must be taken out of service immediately, the fires 
should be extinguished and the flow of steam from the boiler 
stopped as quickly as possible. 


OF MODERN REHEAT BOILERS 


TABLE 2 TEST DATA TAKEN DURING SHUTDOWN OF TAN- 
NERS BOILER 


REEK 


7:30 pm Bae | put pls hand control and pressure reduction started, thereby 
ucing load 
:28 pm-—-E pulveriser taken out of service, water level put on hand control. 
:00 pm --A pulverizer taken out of service 
:38 pm—B pulveriser taken out of service. 
-D pulverizer taken out oe 
Steam flow to turbine 
Opened superheater and 
Water level at top of gage glass. 


55 pm 


TEMPERATURE F 


o8 8888838 8 


- -4/27H 
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Emercency Loss or Evecraicar Loap 


Some operating companies wish to shut down the boiler com- 
pletely on emergency loss of electrical load. Other operating 
companies wish to keep the boiler on the line, firing at a reduced 
rating, until it can be decided whether it is possible to regain load 
immediately or whether a complete shutdown is unavoidable. 
Automatic control equipment may be provided which will cut 
back the firing rate to a predetermined minimum load (approxi- 
mately 20 to 25 per cent of full load) and permit continued firing, 
exhausting the steam generated through the boiler and super- 
heater safety valves to the atmosphere. Reduction of firing rate 
for pulverized coal units will involve the tripping out of some of 
the pulverizers and operation of the remainder at a minimum 
load. This will reduce the gas temperature entering the reheater 
to below 1000 F (this temperature is permissible for the short 
time and rare occurrence of this emergency condition) before the 
carbon-steel tubes in the reheater have reached this temperature. 
The superheater will be protected from overheating by the 
flow of steam through the superheater and out the superheater 
safety valves. Operation under these unusual conditions must 
be of short duration in view of the loss of condensate through 
the safety valves at the rate of 20 to 25 per cent full-load steam 
flow. ; 

If valves and piping as shown in Fig. 7 have been furnished for 
quick-starting the turbine they also may be used to protect both 
reheater and superheater from overheating when electrical 
load is suddenly lost and it is desired to continue firing the boiler 
at reduced rating. Steam flowing through the superheater would 
not be lost to the atmosphere, but would go to the condenser. 
However, the high cost of valves and piping makes this method of 
control economically unattractive if quick-starting is not con- 
templated and the equipment is considered solely for use during 
infrequent emergency trip-outs. 
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J.C. Favxner.’ It is of interest to learn that more attention 
is being given to shortening the time of starting both boilers and 
turbogenerators. We have been doing this for the past 4'/; 
years, and it is gratifying to know that others now find this 
advantageous. The writer agrees with the authors that the 
operation of starting modern reheat boilers in this manner does 
not cause any more trouble than with the conventional boilers, 
particularly if the boiler manufacturers provide means of increas- 
ing and controlling the temperature of the steam during the start- 
up period. The Consolidated Edison Company uses a by-pass 
line around the turbine so that any desired temperature of steam 
can be obtained before starting the unit. 

The belief is held by some operators that the temperature of the 
steam should be reduced to as low a point as possible while the 
unit is being unloaded before a shutdown, so that in case of a 
start-up the steam from the boiler would be the same as the temp- 
erature of the turbine in order not to cause a thermal shock to the 
turbine itself. It is the writer’s opinion that where the steam tem- 
perature can be controlled and held at a high degree during the 
starting-up period, it would be better to keep the tempera- 
ture of the steam up until a point is reached where, owing to 
low loads on the boiler, the superheat will begin to fall off. At 
this point the load should be dropped completely and the unit shut 
down, so that the temperature of the spindle casing will remain the 
same. When the load is decreased on a turbine, the spindle 
will cool off more rapidly than the casing, thereby reducing the 
clearance between the stationary and revolving parts of the unit. 
Too sudden a decrease might cause a rub. In starting the unit that 
has been left at the normal operating temperature, it will be much * 
easier and more economical to control the steam temperature to a 
point 50 to 100 deg above that of the high-pressure casing and | Pat ge 
bring the machine up to speed in 15 to 30 min. ee =i. 

The Consolidated Edison Company has had 5650 quick starts” 
of from 15 to 20 min duration without one instance of trouble 
developing during the starting cycle. Furthermore, we have in- 
creased the outage time between opening of the turbine from 2 to 
6 years, and when opened the machine showed no bad effects from 
quick starting. 


RATE OF COOLING-*F PER HR 


REDUCTION IN TEMPERATURE OF 
HIGH PRESSURE TURBINE PARTS 


8 


TOTAL REOUCTION IN METAL TEMPERATURE -*F 


R.L. Reynoups.* This discussion will center primarily on the 
provisions for quick starting, described in the paper and outlined 
diagrammatically in Fig. 7. Such an arrangement can be justi- 
fied only in those rare cases where it is planned to shut the unit 
down for short periods at frequent intervals and, in addition, 
there is no outlet for the steam other than to by-pass it to the con- 
denser through pressure and temperature-reducing equipment. 

It is to be expected that few reheat turbines will be subjected to 
overnight shutdowns for several years. These units being the 
most efficient on the system should be kept in almost continuous 
service, particularly during this period of heavy load demands, 

During a normal shutdown on a 1050 F turbine, the tempera- 
ture of the high-temperature parts of the turbine will have cooled 
off to about 900 F during the load-reducing and coasting-down 
periods + During an overnight shutdown of, say, 6 hr the high- 
temperature turbine parts will cool off another 130 F which 
will reduce the temperature of these turbine parts to about 770 F. 

As pointed out in the paper, it is advantageous after such a short 
shutdown to have steam temperatures of at least 800 to 850 F 
available for rolling the turbine during the starting cycle. This 
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RECOMMENDED MINIMUM TIME FOR BRINGING 
UNIT TO SPEED FOLLOWING & 6-HOUR SHUTOOWN 
USING SOO'F STEAM FOR STARTING 


RECOMMENDED MINIMUM TIME FOR BRINGING UNIT TO SPEEO~ MINUTES 


Manager, Electric Production Department, Consolidated Edison 
Company of New York, Inc., New York, N. Y. #00 #00 

* Turbine Engineering, Central Station Section, So. Philadelphia TEMPERATURE OF TURBINE AT SHUTDOWN - 
Works, Westinghouse Electric Corporation, Lester, Pa. Mem. . 
ASME. Fie. 11 
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can be done only by increasing the steam flow artificially 
through the boiler in a manner similar to that described in the 
paper. 

However, if no increased circulation is provided and the turbine 
is shut down in its normal manner, the steam available for starting 
will be at a temperature of about 500 F. With this steam, the ree- 
ommended starting time will be increased to 75 min, or an ex- 
tension of about 1 hr in the starting cyele over that required for a 
controlled quick start under ideal conditions. 

While such an extension in starting time is undesirable, such 
overnight shutdowns will be rather infrequent except on those 
systems where the night load is only a fraction of the day load. 

Starting time, without artificial circulation, can be reduced if 
means are provided to cool the turbine to a lower temperature at 
the time the unit is taken out of service. If, for example, the 
turbine parts can be cooled to 700 F at the time of taking the unit 
out of service, the rolling time can be reduced to 45 min with the 
use of 500 F steam for starting. This reduces the additional 
starting time to only 30 min. 

For a week-end shutdown of, say, 
cool off about 450 F during the shutdown period, 


36 hr the turbine parts will 
If, then, 


these turbine parts are at 900 F at the time of shutdown, they will 
cool off to about 450 F when the turbine is started. Under this 
condition, 500 F steam, which is available with normal circu- 
lation, is ideal for quick starting. 

For longer shutdowns the turbine will cool off even more, so 
the use of starting steam at temperatures above 500 F will 


lengthen rather then shorten the starting cycle and prove un- 
desirable from the standpoint of thermal stresses in the high-tem- 
perature turbine parts. 

The main advantage of a quick start is the saving of fuel during 
the starting cycle. However, in the arrangement described in the 
paper, part of this saving is offset by the heat required to generate 
the circulated steam, which heat is then rejected to the condenser 
circulating water, Also, additional pumping power is required by 
the boiler and condenser auxiliaries and by the boiler feed pump. 

Therefore we feel that the additional cost of the artificial 
circulation arrangement, with its limited application because of 
the high thermal! efficiency of the reheat unit, and with its rather 
small return from the standpoint of fuel saving, can be justified 
economically in only a very small number of cases. 


CLosURE 


Both Messrs. Falkner and Reynolds have supplied additional 
information on the subject of quick-starting hot turbines. Mr. 
Falkner emphasizes the ease with which this can be done, and 
cites an impressive record of completely successful experience. 
Mr. Reynolds points out that it is unusual for an electrical power 
system to have such a wide range in daily load that it is necessary 
to take high-efficiency turbines out of service for short periods 
each night. Both these points are well taken—the situation 
arises infrequently, but when it does arise, it can be satisfactorily 
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of Reheat Boilers 


By H. H. HEMENWAY,' NEW YORK, N. Y. 


Reheat boilers aiteaee to — with low furnace exit- 
gas temperatures and at the same time to provide control 
of superheater and reheater-outlet steam temperatures 
over a wide load range are illustrated and described. Vari- 
ous means for controlling primary and reheat-steam tem- 
peratures are discussed as are design provisions for some 
of the operating and maintenance problems peculiar to re- 
heat units. Some advantages and disadvantages of in- 
direct reheating are given. 


INTRODUCTION 


ITH increase in steam-pressure and temperature con- 

ditions and the addition of reheat to improve cycle 

efficiency the percentage of heat transferred to steam for 
superheat and reheat increases. Table 1 gives the heat absorption 
per pound of primary steam for two nonreheat and two reheat 
cycles selected by Frisch. The heat-absorpton rates represent 
conditions when the superheater and reheater absorb only the heat 
necessary for superheating and reheating. 


Steam-Temperature Chart 


Fie. 1 


In a steam generator designed with no superheat and reheat- 
temperature control range the heat duties given in Table 1 would 
obtain, Since a modern plant must be designed for efficient opera- 
tion at loads below full load it is essential that full steam tempera- 


iC hief Engineer, Steam Division, Foster Wheeler Corporation. 
Jun. ASME. 

*“Steam-Generating Equipment for Resuperheating Cycles,”’ by 
Martin Frisch, Trans. ASME, vol. 71, 1949, pp. 707-717. 

Contributed by the Power Division and presented at the Annual 
Meeting, Atlantic City, N. J.. November 25-30, 1951, of Tue 
American Socrety or MecuanicaL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, Novem- 
ber 19, 1951. Paper No. 51—A-142. 
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ture be provided at partial load. A convection superheater has a 
temperature characteristic which rises with load and hence with 
convection superheater and reheater surface the heat absorbed at. 

full load will be greater than indicated in the table, the difference 
increasing with an increase in the range of temperature control. 

To absorb this additional heat requires more heating surface than 

is necessary to produce the control temperature, Increasing sur- 

face alone may be insufficient because of the limited heat content 


TABLE 1 HEAT wn Bie IN SUPERHEATER AND RE- 


TER FOR FOUR CYCLES 


Primary steam temp, des Banco 

steam press 

Reheater steam temp. "ies F 

Feedwater temp, deg 

[Total heat absorbed per Ib} primary ‘steam, Btu/ib 


Heat absorbed in superbeater per Ib primary 
steam, Btu 

Heat reheater per Ib primary steam, 

eat absorbed in superheater and reheater per lb 

steam, Btu/lb 

Heat absorbed in eammeevet and reheater, per 
cent of total. . 


39.3 43.6. 
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Steam-and-Air-Flow Chart 


of the products of combustion in which case it becomes necessary 
to increase the furnace exit-gas temperature. The increase in 
boiler maintenance resulting from slagging at high furnace-exit 
temperatures and the probability of even greater maintenance 
in the future as the quality of available coal becomes worse is well 
known. 

In the control range the excess heat to the superheater and re- 
heater must be subject to control. This is done by the use of 
heat-exchange devices for removing heat from the steam, by 
spraying water into the steam, by causing some of the gas to by- 
pass heating surface, by differential firing, and so forth. With 
differential firing the furnace exit-gas temperature at full load 
may be reduced somewhat below that required for normal firing, 


| 
) 2050 1500 2050 ; 
ee 1000 «1000 
» 450 450 450 
1076 1207 1221 
) 387 330 387 
‘ ‘5 
387 47 32 
60 


TRANSACTIONS OF THE 


With the trend toward more superheat and reheat, including 
the possibility of several stages of reheat, it would appear that the 
furnace exit-gas temperatures must be increased in future de- 
signs. This would be true were it not for the radiant superheater. 
A radiant superheater absorbs part of the furnace radiation for 
raising steam temperature. Therefore, in a steam generator 
having a radiant superheater it is possible to provide generous 
furnace heat-absorbing surfaces to reduce furnace exit tempera- 
ture and improve furnace cleanliness, 

At the normal steam velocities and flow rates found in super- 
heaters the cooling effect on the tubes is less than is obtained in a 
waterwall tube where water is being boiled. For this reason a 
radiant superheater must be designed so that under all conditions 
of operation the superheater metal temperatures are within safe 
limits, That this can and is being done is indicated by the many 
years of operation of hundreds of radiant superheaters and is par- 
ticularly well described in a paper by Drewry.* 


SreaM-TeMPERATURE CONTROL 

A control system must be designed to hold steam temperature 
reasonably constant during operation in the control range. This 
may be accomplished with a condenser in the superheater inlet 
header. A condenser contro] is one in which the uncontrolled 
final steam temperature is reduced to the contro] point by con- 
densing some of the steam in the superheater-inlet header. Con- 
trol of the flow of feedwater through coils in the header deter- 
mines the rate of condensation and hence the final steam tem- 
perature, Remarkably good results may be obtained with a 
condenser coupled with a properly designed control system as is 
shown on the operating charts in Fig. 1. Note how the steam 
temperature levels off at the control temperature in spite of the 
rather rapid increase in load, Also note that during periods of 
load fluctuation, the variation in steam temperature is small. 
The charts are taken from a unit having a convection super- 
heater only and which was on automatic steam-temperature con- 
trol at all times during the period shown. The quality of control 
would be substantially the same for a radiant or a combination 
radiant-convection superheater. 

Another method of controlling temperature is by differential 
firing. One means of accomplishing this is to provide two or more 
rows of burners at different elevation which are fired at different 
rates, By shifting the relative proportions of fuel among the 
various rows of burners the exit-gas temperature may be varied 
by as much as 100 F or more. 

Differential firing may also be employed in multiple furnace 
units, Fig. 2 illustrates a nonreheat twin-furnace unit having two 
furnaces in parallel, One is a completely water-cooled furnace 
with a boiler bank in series, The second has three water-cooled 
sides and a fourth that is steam cooled. In series with this fur- 
nace is a convection superheater. This unit provides much more 
flexibility than is normally found with any type of firing since 
practically any temperature from saturation to maximum tem- 
perature can be obtained by the control of the relative fuel fired to 
the two furnaces, Such a unit may be started up more quickly 
than a normal unit because the firing rate to the superheater fur- 
nace may be small until sufficient steam flow is produced by 
firing the waterwall furnace Several modifications of this de- 
sign are available which include reheat with reheat temperature 
control, 

By-pass control of steam temperature is well known, The de- 
gree of maintenance required depends on a number of factors in- 
eluding the temperature of the gases to which the dampers are 
exposed, Fig. 3 shows a reheat steam generator with a division 
wall in the furnace, a combination radiant-convection super- 


**Reheat Experiences at Port Washington,” by M. K. Drewry, 
published in this issue of the Transactions, pp. 551-556. 
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Fie. 2) Twin-Furnace Borer, Steam TeMPERATURE CONTROLLED 
BY Firine 


heater and a convection reheater. Reheat-steam temperature is 
controlled by dampers below the economizer where the maximum 
gas temperature is 780 F. 

The radiant section of the superheater is in the front wall. 
Steam passes through alternate tubes of the radiant wall down to 
the radiant intermediate header in the hopper, then up the re- 
maining tubes across the roof, down behind the screen to the con- 


vection inlet header. From there it flows countercurrently to the — 
gas except for the last pass to the superheater outlet. The radiant-_ 


superheater tubes are maintained at low metal temperatures by 
the cooler inlet steam moving at high velocities. The high-veloc- 


ity steam flow also insures proper steam distribution to the tubes. — 
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Reseat Botter RapIANT-CoNVECTION SUPERHEATER AND CoNnvecTION REHEATER 
(700,000 Ib per hr, 1700 psi, 1005 F, 1005 F reheat.) 


Positioning the radiant section in the front wall protects it from 
flume impingement. 

Earlier in this paper it was stated that an increase in control 
range increases superheater duty at full load. An exception to 
this statement is the combination radiant-convection super- 
heater. The contro] range of a combination superheater may be 
from 30 per cent or less to 100 per cent of full load. Fig. 4 shows 
a typical steam-temperature characteristic curve with load. Note 
that at 30 per cent load, steam temperature is at the control point. 
The temperavure rises to a maximum at about 55 per cent and 
then drops to the control point at 100 per cent load. With a con- 
vection superheater, steam temperature would continue to rise. 
As a matter of fact, it would be virtually impossible to design a unit 
having 4 convection superheater and reheater for the 30 per cent to 
full-load superheat-contro] range particularly with a furnace exit- 
gas temperature of about 2000 F or less which is common to re- 
heat boilers having combination superheaters. 

Steam temperature is controlled by the condenser type of con- 
trol described previously. Condenser duty is maximum at an 
intermediate load and is zero at 30 and 100 per cent of load, o tf he OF 

An interesting design feature in connection with a combination PERCENT FULL LOAD 
superheater is that the reheater may be designed with a wide con- 4 Comstnation Raptant-Convection 
trol range in spite of the fact that the furnace exit-gas tempera- SuPeRHEATER 7 
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ture is held at a relatively low level. This is possible because the 
heat removed from the gas in the convection superheater of a 
combination is only a portion of the total heat required for super- 
heating. In addition, the excess heat absorbed in the control 
range is low and decreases to zero at full load. 

Both superheater and reheater shown in Fig. 3 are com- 
pletely drainable. This fact is an advantage particularly during 
a start-up when water stored in superheater tubes must be 
blown out or evaporated before steam may be caused to flow. 

A design of reheater having radiant surface only is shown in 
Fig. 5. This is the design referred to by Drewry?* in which reheat 
will be maintained essentially constant by differential firing. 
The reheater is split into two equal parts, each part occupying all 
of one side wall. Cold reheat steam will flow downward from 
the inlet header at the burner arch to the intermediate header at 
the hopper, then longitudinally along the header and up the outlet 
tubes lining the main portion of the furnace to the outlet header. 
Platen waterwalls, having the same area as the first pass of the re- 
heater, divide this section of the furnace. By firing more heavily 
in the center furnaces at high loads and less at the low loads, con- 
siant steam temperature will be maintained. To provide reasona- 
bly low metal temperatures in the reheater the inlet is in the 
hottest portion of the furnace and the outlet is at the furnace exit. 

The principle of dual circulation has been adequately described 
in the literature by Frisch and Lorenzini,** and others. Briefly, it 
is based on providing two circulating systems in a steam generator. 
The primary system comprising al] the highly heated waterwall 
tubes is kept at a relatively low boiler-water concentration. The 
secondary system comprising boiler surface receiving heat at a 
low rate has boiler water at the higher concentration normal to a 
boiler with a single circulating system. Steam from the secondary 
system is condensed or washed and generally only steam from the 
primary system, in which the boiler water is purer, is taken from 
the drum. Steam from a dual-circulation unit is of a higher 
purity than from a standard boiler, particularly at high pressures 
where the silica carried over as a vapor is a function of boiler-water 
concentration. 

To design «a dual circulation boiler an essential requisite is a 
low-heat-duty boiler section of sufficient size. With an all- 
convection superheater and reheater it normally is not possible to 
provide a boiler section of adequate duty because of the low gas 
temperature leaving the superheater and reheater. Fig. 6 shows a 
dual-circulation reheat boiler having a combination superheater 
with condenser control of steam temperature and a convection re- 
heater with by-pass control. The extended-surface boiler section 
is located below the reheater in a zone of relatively low gas tem- 
perature 

SrartinGc PRocepURESs 

Starting up of a reheat boiler is very much like that of a non- 
reheat unit. Where the reheater is a convection type as shown in 
Figs. 3 and 6, there is no steam flow through the reheater during 
start-up. The reheater which is under vacuum is drained to the 
condenser hot well. The reheater by-pass is kept open. The gas 
temperature to the reheater with no steam flow must be no greater 
than that allowed at atmospheric pressure for the materials se- 
lected. With a proper boiler design and with the reheater located 
behind all the superheater surface the gas temperature even during 
a relatively quick start-up will not reach a dangerous level before 
the reheater elements are steam cooled. 


*“The Problem of Generating Pure Steam at High Pressures,” by 
Martin Frisch and R. A. Lorenzini, Proceedings of the Tenth Annual 
Water Conference of the Engineers Society of Western Pennsylvania, 
1949, pp. 17-33. 

*“The Dual Circulation Boiler, Its Design and Operation,” by 
R. A. Lorensini, Proceedings of the Midwest Power Conference, vol. 
12, 1950, pp. 23-33. 


Radiant-superheater surface is cooled by radiation to the water- 
wall surfaces of the furnace until steam is generated and steam 
flow protects the tubes. A study of the effect of quick start-ups on 
superheater meta! temperatures indicates that the unit shown in 
Fig. 6 may be started up from cold in 3'/, hours and less with the 
radiant-superheater tubes at safe temperatures. 

Radiant-reheater surface likewise is cooled by radiation to the 
other furnace surfaces. This is borne out by Drewry’s’ ex- 
perience on norma! start-ups with radiant rehesters. 

It is interesting to note that on a quick start-up after an over- 
night shutdown, with a radiant or a combination superheater the 
high temperature necessary to protect the turbine is available. 
With a convection superheater this is not the case. Examination 
of Fig. 4 shows the steam-temperature characteristic at steady- 
state conditions. Under starting-up and accelerating eeu 
these temperatures will be exceeded. 


ConTROLS © 


The control system of a reheat steam generator is only a little 
more complicated than that for a standard unit. The control of 
reheat temperature of a convection reheater with by-pass control 
is relatively simple since damper position affects only slightly the 
other components of the control system. For air-flow indication 
the draft loss across any of the components of the reheater, boiler, 
or economizer having a by-pass section in parallel should not be 
used in an index because of variation in draft loss with damper 
position. Where a rere reheater is used as in a Fig 5, reheat 


furnaces and the center furnaces. 
PROTECTION 


Safety valves having 100 per cent of reheater capacity should 
be installed between the reheater and the turbine. An average 
installation would have valves for 75 to 80 per cent of capacity 
before the reheater and 20 to 25 per cent of capacity after the 
reheater. 

Means should be provided for protecting the reheater during a 
sudden loss of load, when it is located in a zone of high gas tem- 
peratures. Placing the reheater after the superheater, as shown 
in Figs. 3 and 6, reduces the possibility of damage under such 
conditions, and adequate protection is provided by the combus- 
tion control which reduces the firing rate and hence reduces the 
gas temperature to the reheater to a safe value. Steam by-pass 
lines for providing steam flow through the reheater under emer- 
gency conditions will offer protection for some time, the period 
of time varying inversely with the gas temperatures and heat- 
transfer rates to which the reheater surface is exposed. 

More care must be taken in a reheat installation in the layout 
of the plant because of the added complication caused by the 
introduction of a reheat system. With a proper design, however, 
there is no reason why a reheat unit should be less safe to operate 
than a nonreheat unit. 


Previminary Procepures 


Most of the problems associated with reheat are relatively 
minor. For instance, consider the setting of reheater safety 
valves. Among the various means for accomplishing this are (a) 
the provision of steam from another source; (b) by-pass steam ~ 
from the drum to the reheater; (c) the raising of reheater pres- 
sure during operation by pinching on the interceptor valves 
where these are provided. 

Blowing out of reheat lines requires large steam-flow rates. 
Normally these flow rates cannot be attained without rather siza- 
ble auxiliary steam connections. When these are not available 
perhaps the best solution is to exercise particular care in keeping 
parts clean and free of sand during construction. 
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Reneat Borter Wita ComBINnaTION Rapiant-Convection SUPERHEATER AND Convection ReHeaTer 
(1,450,000 Ib per hr, 2075 psi, 1000 F, 1000 F reheat.) 


Where acid-cleaning of a reheater is contemplated the 
necessary fill, drain, and vent connections should be provided. 
With a completely drainable reheater the problem is greatly 
simplified, 

Hydrostatic testing of a reheater after the initial test is readily 
possible where isolating valves are installed. Where these are 
not provided and the breaking of connections for blanking off is 
awkward, other means such as that proposed by one operator of 
using compressed air through the turbine, utilizing Freon or other 


gas which may be detected at leaking joints, will be effective. 


InprREcT REHEATERS 

Reheaters for heating secondary fluids, which in turn reheat 
steam between stages at the turbine, may be of approximately the 

same design as the reheaters previously described. The advan- oan 

tages of indirect reheaters are impressive: - 

pensive piping between the turbine and boiler is eliminated and 
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(1) The largeandex- 


‘al 
| 
TINE 
@ | 


relatively short piping between the turbine and secondary re- 

heater substituted. The additional piping for carrying the 

secondary fluid will be much smaller and less costly. (2) Reheat 

pressure drop is reduced, thus increasing cycle efficiency. (3) 

More reheat stages may be provided because of the short connec- 

tions. (4) The secondary-fluid system may be designed for low 

pressure, i.e., the pressure necessary for pumping the fluid. (5) 

Reheat temperature may be controlled over wider limits by 
varying the flow rate of the secondary fluid. 

The disadvantages at present are great: (1) Development of 

means for safe handling of the secondary-fluid which may be a 

molten salt or liquid metal has not yet reached the commercial 

stage. (2) Two sets of heating surfaces must be used to replace 

one. (3) The mean temperature difference is reduced between 
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¥ 
the products of combustion and reheater thus increasing surface, ee : 


except for a radiant unit. ran 
CONCLUSIONS 


With increased primary-steam pressures and temperatures and 
reheat temperatures the furnace exit-gas temperatures must be 
increased with increase in slagging difficulties unless radiant super- 
heater surface is used. With combination radiant and convec- 
tion superheater surface the steam-temperature-control range 
may be increased to extend from 30 to 100 per cent. — Ee 

Starting up, control, and protection of reheat boilers offer no ie 
particular problems. From the design standpoint there are no hy 
deterrents to the construction and operation of steam generators a 
for more efficient reheat installations. y.* 


By W. J. VOGEL! ano E 


<s A complete symposium on the reheat cycle was presented 
to the Society at the Annual Meeting in 1948. At that time, 
representatives of the various manufacturers of boilers 
and turbines reviewed the history of reheat and described 
in some detail the designs then being offered. A considera- 
ble number of these units have been placed in operation 
since then. The object of this paper is to diseuss the per- 
formance of several of these new units and to describe some 
of the special features of operation. 


F the eighty-seven reheat units of postwar design by the 
() authors’ company, thirteen either have been placed in 

commercial operation or are expected to be shortly. The 
design capacities, steam conditions, and approximate starting 
dates are given in Table 1. All of these units were put in service 
without any abnormal difficulties, indicating that the addition of 
reheat equipment has not complicated the design or operation or 
reduced the reliability of the steam-generating unit. 


TABLE 1 


No. 


Name Station unit 

Boston Edison Company Edgar 4 
Niagara Mohawk Power Com- 

pany... Dunkirk 
Niagara Mohawk Power Com- 

pany Dunkirk 
Rochester Gas & Electric Com- 

pany Russell 
Power & Light Com- 
Hutchings 
Hutehings 
itus 
Titus 

we 


Power & Light Company 
Metropolitan Edison Company 
Metropolitan Edison Company. 
Duke Power Company 
Duke Power Company. . 
— York State Gas & Electric 

Goudey 


Publi Service Electric & Gas 


Sewaren 
( ‘entral Hudson Gas & Electric 
Co. Danskam- 
mer 


Estimated 


PrincreLes or Desian 

All but one of these units have been designed from certain basic 
principles and, therefore, are very nearly standardized. Funda- 
mentally the reheat steam temperature is controlled by vertical 
adjustment of the burners which are arranged for tangential fir- 
ing. Since the primary superheater does not have the same tem- 
perature characteristic as the reheater it is necessary to provide 
supplementary control which usually has taken the form of a 
spray-type desuperheater to limit the temperature of the high- 
pressure steam at reduced loads. 


Combustion Engineering—Superheater, Inc. 


‘Chief Engineer, 
Mem, ASME. 

* Assistant Chief Lngineer. 
heater, Inc. Mem. ASME. 

Contributed by the Power Division and presented at the Annual 
Meeting, Atlantic City, N. J., November 25-30, 1951, of Tae 
American Society or Mecnanicat ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
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November 8, 1951. Paper No. 51—A-114. 
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REHEAT UNITS PLACED “Se RATION SINCE AUGUST, 1949, BY AUTHORS’ 


Throttle 
pressure, 


M. POWELL,* NEW YORK, N. Y. 


This control system was chosen instead of regulating the high- 
pressure steam with the burners to avoid the necessity of adding 
spray water to the reheat steam. Water added at that point 
would reduce the steam flow through the high-pressure turbine 
and sacrifice some over-all cycle efficiency. 

In order to appreciate more fully the significance of these prin- — 
ciples it may be necessary to review briefly the heat-transfer re-_ 
quirements of each of the superheaters involved. Saturated 
steam is supplied to the superheater at all loads. To maintain a 
constant steam temperature at the turbine throttle the heat 
added per pound of steam flow through the superheater must be 
held constant. As the load on the turbine varies the feedwater 
temperature also will vary, thereby changing the ratio of heat in- 
put to the unit and gas flow over the superheater per pound of 
steam generated. Therefore, to regulate the steam-temperature 
rise in the superheater it is necessary to vary the entering-gas 
temperature correspondingly. That temperature characteristic 
is indicated as curve A in Fig. 1. 


MPANY 


Primary Reheat 
tempera- tempera- 
ture, 
deg F 
1000 


Maximum 
capability, 

pei kw 

1450 81250 


100000 


Dec. 1951" 


July 1951 


Dee. 1951° 


BY SUPERHEATER 


PRESS. OFSUP. 
+ } 


LOW PRESS 


eo 
PER CENT OF LOAD 


Fic. 1 Temperature Curves 

The problem in the reheater is quite different in that the tem- 
perature and pressure of the steam leaving the high-pressure tur- 
bine decrease with a reduction of load which increases the heat 
per pound of steam to be added in the reheater. The gas 


»” com 1000 1000 100 Nov. 1950 
* 1450 1000-1000 62500 Nov. 1950 
1450 1000 1000 62500 Apr. 1951 
1450 1000 1000 75000 Feb. 1951 
% 1450 1000 1000 75000 May 1951 
ion 1250 950 950 100000 June 195 
REQUIRED LOAD Ramee FOR ' 
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temperature leaving the furnace which will be required to 
satisfy the needs of the reheater is indicated as curve B. 
Obviously, no single furnace temperature characteristic can 
satisfy the needs of both superheaters. In order to minimize 
the quantity of water to be used for desuperheating 
and to obtain the maximum cycle efficiency over the 
widest possible load range the heating surfaces have been propor- 
tioned to require the same furnace temperature at full load. At 
reduced load the burners are regulated to follow curve B. Obvi- 
ously, this will exceed the needs of the superheater, requiring the 
midition of spray water to limit the steam temperature. The 
quantity of water to be added for this example is shown as curve 
C and reaches a maximum at the design point (70 per cent full 
load) equivalent to 1.7 per cent of the primary steam flow. How 
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Sream-Generatine Unrrs Nos. 1 ann 2, Steam 
STATION 


(Maximum conunuous capacity 670,000 |b per hr at gat and 
1000 F initial steam temperature, reheat to 1000 F steam 
temperature.) 


hia, 2 
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this theory actually works in practice will be shown later in the 
paper. 


INSTALLATION at DUNKIRK STEAM STATION 


One of our first postwar reheat units was placed in service in 
October, 1950, at the Dunkirk Steam Station of Niagara Mohawk 
Power Company. This unit serves an 80,000-kw turbine having 
a maximum capability of 100,000 kw and supplies steam to the | 
throttle at 1450 psi and 1000 F reheated to 1000 F. The boiler — 
unit is illustrated in Fig. 2. Constant primary and reheat steam 
temperatures were guaranteed from full load to 70 per cent load. 

Two series of tests were conducted on this unit in January, — 
1951. The first series was run primarily to determine the per- 
formance characteristics of the turbine over a wide range of 
ratings. However, since each of these tests was to be of 6 to 8 hr 
duration with constant steam conditions we welcomed the oppor- 
tunity it presented to run the numerous gas-temperature trav- 
erses required to study the detailed performance of each in- 
dividual section of the superheater and reheater. The furnace 
was cleaned by normal operation of the soot blowers prior to most 
of the tests, particularly at high loads. The desuperheater valves 
were set in such a manucr as to avoid the necessity for changing 
their position for the duration. In this way furnace temperatures 
and steam temperatures were held constant by adjusting the 
burners alone, permitting us to collect sufficient data to study all 
of the component parts of the unit with constant operating con- | 
ditions. Pertinent data are summarized in Fig. 3. ’ 

The furnace outlet was traversed with thermocouples to obtain 
representative average gas temperatures leaving the furnace 
These are plotted as curve A, and show the gas temperature re- 
quired leaving the furnace to maintain constant primary and re- 
heat steam temperatures. The steam-temperature control range 
was considerably greater than guaranteed with full temperature of Ks 
primary and reheat steam being maintained from full load to 36 ; 
per cent load. It will be noted that the gas temperature required — 
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VOGEL, POWELL 
cP to accomplish this is relatively constant over the entire range, 
dropping off somewhat at the minimum load because of a slight 
srease in excess air permitted by the automatic combustion 
control 
During the second phase of this test program, furnace tem- 
peratures were measured while the burners were positioned at 
various degrees of tilt. Curve B has been plotted from these 
date to show the norma] furnace temperature characteristic with 
stationary burners tilted downward 30 deg. This performance 
represents average conditions over a 4-hr test period following 
wal] blowing and illustrates the degree of control available on this 
unit for steam-temperature regulation. 
Curves C and D show the quantity of water delivered to the 
 /- and low-pressure desuperheaters during the first series of 
tests plotted on curve A. It will be noted that there was an in- 
significant amount at full load indicating a perfect balance of 
_ heating surface between the primary superheater and reheater for 
_ the excess air corresponding to these tests. During normal! opera- 
tion a small percentage of desuperheating water may be used at 
times, depending on the frequency with which the furnace is 
cleaned and the degree of cleanliness. 
The burner tilt at the start of each test is plotted on curve E. 
As the test progressed the burners were lowered to compensate 


eg va for the ash accumulation on the walls. Four coal nozzles are pro- 


a ided in each corner of the furnace. The number and location of 


those in service during each test are indicated. Following the 
normal operating practice of taking the lower burners out of 
service as the load was reduced, was of some assistance in main- 
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taining high steam temperatures with a minimum change in excess 
air as indicated. 

Steam-temperature and flowmeter charts représenting a 
typical daily load at this plant are shown in Fig. 4. The minimum 
load carried during this period was approximately 65 per cent of 


maximum. he. 
Phe 


Reneat at Russevt Station 


Unit No, 2 at Russell Station of th» Rochester Gas and Electric 
Corporation was placed in operation during November, 1950. 
This unit has a rated capability of 62,500 kw with the same steam 
conditions as Dunkirk. The arrangement of the steam-generating 
equipment is shown in Fig. 5 and is also similar to Dunkirk except 
for size and the location of the air heater and fans. A set of 
charts showing steam flow and temperatures is presented in Fig. 
6. It will be noted that a load of 475,000 Ib of steam per br was 
carried for a substantiz] portion of the day which corresponds to 
69,000 kw or about 10 per cent above the rated capability of the 
turbine. 

During the early morning hours the load was reduced to 9000 
kw and at that time the steam temperatures were somewhat low 
(970 F primary and 825 F reheat). As the load was increased 
these temperatures rose and reached the design conditions at 
27,000 kw or 39 per cent of full load at 6:30 a.m. Other load 
changes throughout the day were accomplished without any ab- 
normal variations of primary-steam or reheat temperature. 


Fie. 4 Sream-Temperature anp Frowmerer Caarts Taken at Station 
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Pia. 5) Reneat Stream Generator at Station 


(Maximum continuous capacity 430,000 lb per br at 1500 psi and 
1000 F initial steam temperature, reheat to 1000 F steam tem- 


perature ) 


Dayton Power & Licut Company Apopts Renzat 


Two reheat units have been installed at the Hutchings Station 


of Dayton Power & Light Company which are substantially a 


duplicates of Russell. The first of these was placed in operation 
in December, 1950. In February, after 3 months of operation, 


performance data were collected continuously at half-hour inter- _ 
vals for a 2-day period to show thegaction of the burners and de- — 


superheaters as affected by changes in load and furnace cleanli- 
ness. These data are shown in Fig. 7. This unit carried full 
load about 16 hr per day. During that time the primary-steam 
temperature was controlled by admitting from 1 to 3 per cent de- 
superheating water. The reheat-steam temperature was con- 
trolled by burner tilt supplemented occasionally by desuperheat- 
ing up to a maximum equivalent to 1 per cent of the primary- 
steam flow depending on the load carried and furnace cleanliness. 
Wall blowers were operated twice a day, once in the afternoon 
and again in the evening, at which time the burners would move 
upward and the low-pressure spray valves would close. 


The load was reduced to 45 and 38 per cent for about 3 hr during — 


the two nights reported. The design temperature of the primary 


steam was maintained through both of these periods while the | 


temperature of the reheat steam was reduced only 35 and 45 deg, 
respectively. 
Postwar TRENDS 
During the postwar period there has been a notable tendency 


toward greater conservatism in furnace sizing and the complete 
elimination of exposed refractory. This, coupled with the use of 


burner regulation for the control of gas temperature has changed 


completely the nature of ash accumulations on the furnace walls as 


they were known in the past. This has permitted the develop- 
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Fie.7 Perrormance Data or Reseat Unit at HetcHines Station 


Fie.8 Typrcat Operatine Data at Trrvus Station 


ment of wall blowers as a supplementary steam-temperature con- 
trol device rather than slag-removal equipment. 
A number of plants have established the practice of operating 
one or two blowers at a time spaced at intervals as required to 
regulate steam temperature. The particular blowers to be 
operated at any one time are, of course, determined by observa- 
tion of the furnace depending on the area of ash accumulation. 
Such practice not only lessens the burden of the control equip- 
ment but increases the equivalent capacity of the compressor and 
air-storage tanks with an air system. Although it would appear 
that this results in frequent blowing, actually it may correspond 
to less than one complete cycle per shift. 
An example of this type of operation is shown in Fig. 8. These 
are instrument charts taken from one day’s operation of boiler No. 
1 at the Titus Station of the Metropolitan Edison Company. 
The center chart shows that one or two wall blowers at a time 
were — at intervals to keep the burners between slightly 


below horizontal and tilted 15 deg upward, while the boiler oper- 
ated at maximum continuous capacity throughout the entire 24- 
hr day. 


Errect or Suppen Loss or Evectrricar Loap 


During the development of the modern reheat boiler, many en- 
gineers expressed concern with possible complications to operating 
procedures resulting from the addition of reheat. One of the more 
important considerations was the protection of the reheater heat- 
ing surface in the eveut of the sudden loss of electrical load, at 
which time the steam flow to the reheater might be interrupted. 
In order to study this problem and establish standard operating 
procedures, the Niagara Mohawk Power Company arranged to 
conduct a series of tests on unit No. 1 at Dunkirk. This program 
involved tripping the electrical load with the exception of station 
auxiliaries at three different loads from 25 to 100 megawatts. 
This unit is equipped with automatic relays to trip the firing 
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equipment 3 sec after the turbine control valve reached a closed 
position. It was decided to follow norma! plant procedures exist- 
ing at that time for relighting the fires. 

This unit is equipped with smal! pilot torches which are re- 
ferred to as side igniters adjacent to each coal nozzle and lighting- 
off torch. These igniters have a ity of approximately 5 gal 
of light oil per hr. The practice was to light the side igniters and 
from them the lighting torch and coal streams as successive mills 
were placed in service. 

Data pertaining to boiler performance for one of these tests are 
shown in Fig. 9. The load prior to trip-out was 100 megawatts 
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which was dropped to approximately 3 megawatts and, following 
a short predetermined time delay, restored to the original load. 
It will be noted that there was very little change in steam tem- 
perature until steam was taken from the boiler during the restora- 
tion of load. The maximum temperature change during this test 


was approximately 60 deg. Thermocouples were installed on the 
reheater elements in the gas stream. During the period when no 
steam was flowing through the reheater, the temperature of these 
elements increased 40 or 50 deg to a maximum of 790 F which was 
well within the limits of safe operation. The drop in water level 
in the boiler drum coincidental with the loss of fire in the furnace 
was only 7 in. This was restored to normal by automatic control 
equipment as the load on the boiler was restored with no abnormal 
fluctuations. The sequence in which the various burners were 
placed in service is indicated. 

Operating experience gained since that time with the stability 
of the side igniters indicates that it may not have been necessary 
to use the main oi] torches when relighting the coal fires. How- 
ever, without that experience there was no reason to complicate 
this testing program with further experiments, 


PLANNING Future Operation aT DUNKIRK 


At the present time all of the modern reheat units operate at a 
high load factor. As more obsolete equipment is replaced, how- 
ever, and more efficient units develop, there will come a time 
when these present units must operate at much lower loads for 
considerable periods of time. Anticipating this, Niagara Mohawk 
specified that the units at Dunkirk be designed to be capable of 
operation for sustained periods at an evaporation rate of 50,000 Ib 
of steam per hr. This was to be done with a minimum use of oil 
for stabilizing pulverized-coal burners. The side igniters de- 
scribed were installed on this unit for that purpose. Tests have 
been run at the low load specified to demonstrate the stability of 
that equipment. The tests were conducted with one mill in serv- 
ice with its corresponding set of side igniters. Coal feed to the 
pulverizers was interrup_ed to simulate stoppages in the coal- 
supply system and the fire was reignited from the igniters. The 
load also was transferred from one mill to another in the same 
manner with no undue disturbance in the furnace. Furnace-wall 
blowers were operated to demonstrate their effect on flame sta- 
bility. These experiments were repeated many times with com- 
plete success covering an extended period of continuous low-load 
operation of approximately 24 hr. 


CONCLUSION 


The combined operating experience from the many units al- 
ready in operation covering numerous start-ups, trip-outs, and a 
variety of operating conditions has justified fully the faith so many 
engineers placed in the manufacturers’ ability to design reheat 
units which would be at least as reliable as the standard straight- 
through unit. The substantial increase in cycle efficiency has 
been obtained with no sacrifice in the availability of the equip- 
ment. There is little doubt that we can anticipate an almost 
complete shift to reheat in utility stations located in high-fuel-cost 
areas in the future 
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; “4 heating rates characterize normal startings. 

A Turbine-metal temperature, related to outage duration, in- 


‘The following are treated: (a) Starting schedules after 
shutdowns of various durations, (b) reheat economics 
based on experiences, (c) conversion to centralized control 


turbine overspeed control as affected by reheat, ‘ond 
(f) reliability data. That reheat has been desirable in all 
"respects is indicated. 
"Liana 7001 starting after shutdowns of less than 30 


STaRTING PROCEDURES 


hr, and 7'/, to 15 hr to rated load when starting from cold, 


have been used successfully since 1940. Uniform m« rderate 


directly determines starting and loading times. Axial expansion 


a the turbine cylinder is used as the primary guide in turbine 


loading, all advance sharply. 


starting rate. Table 1 shows how 0.060 in. per hr axial expansion 


ts is maintained, uniformly, when heating normally; 0.120 in. per hr 


is permissible when infrequently desirable. 

Upon synchronizing after starting from cold, the axial-expan- 
sion rate becomes very high unless load is limited to unusually low 
outputs, as shown in Table 1, last column, wherein 1, 2, and 5 mw 

_ are recorded at the start of each hour after synchronizing. Before 
synchronizing, the flow, temperature, and pressure of steam are 
all too low to accomplish much heating. Upon synchronizing and 


By relating heating to axial ex- 


aa pansion, not to load, thermal stresses of turbine components 
apparently are controlled better. 


That axial-expansion rate is not a perfect index of thermal 
_ stresses is well realized, but extensive experience proves quite 


well that the method affords a practical control. 


Carrying a load of 1000 kw for the first hour after synchronizing 


following a long shutdown probably will raise questions about 


high exhaust temperature. Pressure in the exhaust must be low, 

especially for units with high blade-tip speeds, in order that an 

adequate pressure drop occurs past the last stage to limit heating. 
A Port Washington unit (No. 2) was operated initially for elec- 
trical tests at approximately 1000 kw, for 24 hr without superheat 
in the exhaust. Never has exhaust temperature become excessive 
when following the starting procedure of Table 1. 

Full vacuum has been obtained on turbines 3, 4, and 5on many 
occasions while at a turning-gear speed of 25 rpm, because steam 
seals are effective, independent of speed. The ability to confirm 
at low speed that full vacuum can be obtained is valuable in 

_ limiting exhaust temperature when synchronizing. Condenser 
troubles can be corrected before they result in excessive turbine- 


exhaust temperatures. 


The turbine cylinders have not become permanently distorted 
- to oval shape when using the starting procedure of Table 1, nor 
_ have there been any difficult horizontal-joint tightness problems. 
_ Joint faces have remained parallel, unlike those of other smaller 
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units that are heated more rapidly, and they have remained 
steam-tight for at least 4-year periods between dismantlings, 
though stopping and starting are infrequent. Turbine efficiency 
has been maintained closely, as proved both by weighed-water- 
rate tests and by monthly heat rates of each unit continuing 
closely the same year after year. 

These reheat turbines are now started essentially like straight- 
condensing ones. There are no by-passes for pipe-warming pur- 
poses. Piping and turbine are warmed together. Operating 
simplicity and overspeed safety are aided appreciably. Reheat 
piping, under vacuum, is drained to the condenser hot well (not to 
atmosphere, requiring throttling the downstream intercept valve). 
The norma) starting rate indicated in Table 1 does not heat 
radiant reheater surfaces above 600 F before they are well steam- 
cooled, which suggests why the contingency rate, twice as high, 
can be used safely. 


Economics or ReHeat 


That 5.22 per cent? theoretical reheat thermal gains have 
actually been realized is suggested by Table 2, which summarizes 
all of Port Washington heat-rate experience. Further summariz- 
ing based on Table 2 follows in Table 3. 

Boilerefficiency of later units hasimproved during the 1935-1950 
installation period, and other refinements have aided reduction of 
the heat rate although the basic design continued unchanged. 

No comparable experience without reheat has been obtained, 
but the foregoing, actual, long-time, heat-rate data represent close 
attainment of theoretical reheat rates, 5.22 per cent below non- 
reheat rates. 

Reheater maintenance has been negligible. Including 6 per 
cent replacement of boiler No. 1 radiant reheater 18-8 tube surface 
in 1946, the first appreciable repair, when 10 years old, the annual 
reheater maintenance cost for units 1 to 4 during 1946 to 1950, 
inclusive, has averaged $553 per unit per year, or only '/, per cent 
of the annua! coal saving creditable to reheat. 

Considering the amount of heat absorbed and the added elec- 
trical output creditable to the reheater, this $553 per year per 
boiler-unit maintenance cost undoubtedly is at a lesser rate than 
for the remainder of the boiler unit. All other parts of the re- 
heating process have been of similarly low maintenance, justifying 
the conclusion that the reheat cycle has certainly not added to 
maintenance costs. 

Judgment indicates that if credit is taken for the lesser coal 
burned, and therefore less maintenance of all coal-handling and 
burning equipment, less ash handling, and less other boiler-room 
costs proportional to lesser coal burned, reheat maintenance costs 
have proved substantially less than without reheat. Apparatus 
for reheating has required less maintenance than other boiler-plant 
equipment, thus causing reheat to decrease total maintenance 
costs. 

Because the author's company has employed reheat con- 
sistently in every electric generating station since 1926, compara- 
tive maintenance experience without reheat is unavailable. The 
1950 experience given in Table 4 shows that total maintenance is 
only 4.3 per cent of fuel cost. 

The fairest maintenance cost difference seeming)y is derived by 
multiplyi ing the 0.010 cent per kwhr boiler-room maintenance by 


°C. w. Bloedorn's complete cycle calculations for Port Washington 
conditions. 
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PORT WASHINGTON UNITS NOS. 1 AND 2 NORMAL STARTING 

Based upon following uniform heating 
Boiler a: and 
Turbine: 


Remarks 
Start burners 


Put on turn geare 
Start heating 


Rate: Wdeg F 
Rate; 25 deg F per 


per hr? 
Sy 


Total expansion 


* Keep turbine shaft 0.001 in. true for starting, by turning gear. 
* To limit superheat and reheat temperature. 


© Start vacuum and accelerating in any case before exhaust temperature exceeds 180 F. 
Take about 45 min to increase uniformly to 1200 rpm; 


(about 800 rpm) in ebout 5 min. 
exhaust temperature below 210 F 
“if desirabl 
Nore 


Axial expansion 
0.100 in. 
0.200 in. 
0.300 in. 

0 400 in, 
0. 500 in. 


Short starting time when warm or hot assists in keeping No. 2 gland clearances within limit set by manufacturer 
High steam temperature is desirable after short shutdowns. 


prevent high exhaust temperature. 


Period I, inclusive 
(since starting) 
Heat rate 
Period II 
(recent year) 
Heat rate. . 


1 2 
1935*-1950 1943%-1950 


10862 10609 
1950 1950 


11024 10651 


100 deg F per 4 = lA noted after 3rd hour) 
axial expansion per hr 


Start accelerating: 


2 br heating on turning gear; 
1 hr heating on turning gear; 
‘/, hr heating on turning gear; 35 min to synchronize if vacuum is adequate (25 i in.) 
1/4 hr heating on turning gear; 30 min to synchronize if vacuum is adequate (25 in.) 
O br heating on turning gear; 


TABLE 2 HEAT RATES, BTU 


ASME 


SCHEDULES 


inlet, 


-———-Turbine— — 

Exhaust 
ome, 
deg F 


Vacuum, 
in. psig Mw 
Hg (approx.) (approx.) 

wit 
wer 
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50 
75 
100 


83 5822. 


200 


cs 4, 


For turbines Nos. 1 and 2 increase rpm to water-gland-sealing » 
then 10 min to 1800 when vacuum is high enough (25 in.) to 


of 
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le, for unusual circumstances, the 15-hr period can be halved to 7s br, by using 0.120 in. per hr axial expansion rate. 
When starting with turbine warm (turbine shortens upon “heating” when half warm, or warmer) 


45 min to synchronize if vacuum is adequate (25 in.) 
40 min to synebronize if vacuum is adequate in.) 
30 min to synchronize if vacuum is adequate (25 in.) 


However, vacuum must be adequate to 
PER NET KWHR 


3 4 5 Plant 
1948*-1950 19497-1950 1950-1951 1935-1950 


10074 10007 118186 10656 
1950 1950 19516 1950 


10057 10027 9615 10407 


* Starting dates, units Nos. 1-5, respectively, Nov. 22, Oct. 27, Oct. 5, Aug. 25, and Dee. 15 of the year 


indie 
Jan. ‘May, i inclusive 


TABLE 3 TYPICAL ANNUAL HEAT RATES 


(To nearest 100 Btu per kwhr) 


Unite land2 3and4 5 Plant 
Throttle and reheat maximum 
temperatures, deg F 
Throttle pressure, ps 
Approximate annual ay rate, 
Bt itu per net kwhr 


850-850 900-900 
1230 1255 


10700 


950 950 
1480 


10100 9600 10200 
the lesser amount of fuel burned with reheat (5.22 per cent), or 
0.0005 cent per kwhr. 

Table 5 attempts to derive the net gain due to reheat, by 
correcting the fuel saving for this 0.0005 cent per kwhr lesser main- 
tenance, and for an estimated $1.30 per kw greater net invest- 
ment cost. 

The $1.30 per kw greater investment cost was derived by add- 
ing all extra net costs due to reheating (reheater, piping, turbine 
changes, and so forth) and subtracting lesser coal and ash- 
handling, boiler-plant apparatus and condensing system costs, 
and the like, occasioned by the 5.22 per cent less fuel burned. 
Operating labor was assumed the same, due to compensating in- 
fluences. 

Reliability has not been impaired by reheat, as availability 
data presented later will indicate. The lesser maintenance costs 
derived in the foregoing suppc rt this conclusion. The net gain 
due to reheat in per cent of fuel cost is given in Table 5. 

Thus net dollar savings due to reheating have proved to be 
4.05 per cent of annual coal cost. The minor extra investment for 


TABLE 4 MAINTENANCE VERSUS COAL COSTS 
Percentage of 
Maintenance: cost Fuel 
Boiler room 
Turbine room. . 
Total. . 
Other costs: 


¢ Per kwhr Total 
43 
uel.... 100 
All others. 
Total generating cost 


TABLE 5 NET GAIN DUE TO REHEAT 
Per cent of 
Lesser fuel... 
Lesser maintenance (0 0005¢ per kwh 
Greater 30 per kw, at per cent. FC, 60 


per cent L 
Net saving 


reheat ($1.30 per kw) is repaid by reduced operating costs, at 60 
per cent load factor, in 15/, years. 

The five Port Washington reheat units are currently netting an 
annual over-all saving (in operating expenses minus fixed charges) 
of $360,000. This quite well indicates the high economic value of 
reheat. 


CENTRALIZED CONTROL OF AUXILIARIES 


Each of the five Port Washington units has in the past em- 
ployed a boiler feed pump operator, a condenser-auxiliaries opera- 
tor, and a mill operator (see Table 6). By current installation of 
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7 _ centralized controls at the boiler feed pump position, one operator 


will function for all three positions of each unit. 


For employment 


- at 40 br per week (4.2 men per position), this will release 42 


outlet. 


operators, Retention of one per shift for lubrication and inspec- 


vision of all units, will cause a net reduction of 34 men, while 
manpower shortage is acute. 
Reheat has permitted this change readily, because its operating 
requirements are low. The boilers and turbines always have been 
centrally controlled, at least enough to preclude any manpower 
releases in their cases without impairing reliability in emergencies. 
Plant organization before and after centralized auxiliaries con- 
trols is listed in Table 6. With these centralized controls, total on- 
the-site year-round personnel averages 0.57 employee per 1000 
kw of rated capacity. Newer stations (PW1 was designed in 
- 1930) probably have fewer, but in no way is Port Washington's 
requirement increased because of reheat. 


TABLE 6 OPERATING ORGANIZATION 


Before 


Mill operato: 
F 
Belper and asbman 
Turbine operator... 
Turbine auxiliaries 
Training, relief, vacati 
Leading fine boiler and toad operator 


Totals... 


~ 
~ 
mh 


valent 40-br employees) 
Electrical ance (equals 

Total on plant payro rolls. 

Total employees per 1000 kw raved capacity 


8 
4 
7 
43 
26 
262 
0 63 


TeMPeRATURE-CONTROL PRoBLEMS 


Radiant superheating and reheating have a profound effect on 
steam-temperature contro]. All Port Washington units employ 
the following: Combination radiant-convection superheaters; 

} all-radiant reheaters. 
Essentially constant superheated-steam temperature through- 
out the load range is assured by the combination superheater. 
Reheater temperature rise at low loads needs be substantially 
higher than at high loads because modern high-temperature tur- 
. bines with multivalve regulation and relatively “flat’’ heat-rate 
curves cause approximately 200 F drop in reheater-inlet tem- 
perature from full load to quarter load. Convection reheaters 
3 have similar drops, thus adding to the 200 F turbine drop. 
_ _ Radiant reheaters are at least partly compensatory, decreasing 
the 200 F reheater-inlet drop to about 150 F at the reheater 
Fig. 1 shows typical Port Washington unit No. 4 
practice in this regard, indicating that multivalves ant higher 


heater te ashen’ rise at low loads. 
Flat superheat and reheat steam-temperature curves are 
reasonably expected at a new station in which Port Washington's 
_ reheater and radiant superheater positions will be exchanged in 
order that differential firing (less heat transfer to water-tubes and 


loads into the reheater and Jess into the waterwalls. Port Wash- 
ington experience and that of the manufacturers agree in the con- 


- clusion that both stages of steam temperatures will be maintained 


STEAM TEMPERATURE 


200° 


Fic. 1 Stream Temperatures Versus 
(Ae load decreases from 100 to 22 per cent, the high-pressure turbine-outlet 
drops 200 F, in spite of ep constant superheat 
The radiant thie . thus 


heads 


40 50 60 70 86 90 
LOAD tw. 


limiting the decrease in 


P to 150 F. 


essentially constant, regardless of load and without any desuper- 
heating, in this newer installation. 

High reliability of the radiant-convection superheater plan is 
indicated by the following relatively jow average annua) main- 
tenance costs per superheater section for the past 5 years: radi- 
ant, $222; convection, $460. Port Washington experience indi- 
cates that employment of radiant superheating dnd reheating 
surfaces to regulate steam temperatures contributes to station re- 
liability. 


Tursine Overspeep IN EMERGENCIES 


The 750 Ib of steam in the reheater and piping of each unit, 
upon sudden loss of full load, will accelerate units Nos. 1 and 2 by 
33 per cent, and units, Nos. 3, 4, and 5 by 22 per cent if intercept 
or dump valves do not intervene. Larger exhaust-blade wheels of 
the later three units are principally creditable with the safer un- 
controlled speed. 

Reheat valving practice varies as follows: 

Turbine no.. 


Intercept valves 
Dump valves 


* On hand, for installation this year. 


Whether a single intercept valve, or more in parallel, are ade- 
quately safe for reheat units of relatively low inertia seems to de- 
serve careful study. 

When failure of contro] valves to operate causes dangerous 
overspeed, a “second line of defense” seems desirable because ex- 
perience indicates that no valve is of adequately high reliability 
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in spite of careful design. Valve-stem-packing friction can be 
practically eliminated by labyrinth design, and strainers can be 
provided to prevent fouling of moving parts in the steam and oil 
spaces, and the several other possible causes of unreliability can 
be attended carefully, but fabrication, erection, or operating 
variables tend to make for nonoperation in some cases. Some 
possible causes of unreliability are: Materials in steam; failure 
of internal and external valve parts, including loosening; corro- 
sion or binding of oil power-piston parts; destruction of steam 
screen by a foreign object and then fouling of valve; inadequate 
clearances in stem bushings; oxide formation on stems; and 
interferences due to thermal expansions. 

The diversity between time of trouble in two valves, and es- 
pecially between the nature of trouble as afforded by valves of 
widely different design and function, is important when serious 
overspeeding is involved. For these reasons dual reheat valving, 
as previously noted, has been employed. More detailed reasons 
are cited in an earlier discussion.* 

There have been no experiences at Port Washington of exces- 
sive overspeed due to reheat steam, but the possibility has 
prompted careful attention to the subject. Downstream intercept 
valves are partially closed manually each shift to insure freedom of 
packings, stem bushings, and power pistons. Dismantling has 
been necessary on occasions to reduce friction. Dump valves for 
turbines Nos. 1 and 2 are now on hand for installation as soon as 
practical. The upstream intercept valves on these two initial 
units were installed to stop leakage of steam through the reheat 
labyrinth, which can cause overspeed, though not in the second 
or two when the downstream intercept valve fails to close. A 
dump valve is protective for both the labyrinth leakage and fail- 
ure of the downstream intercept valve. It passes 75 to 80 per 
cent of the reheat steam directly to the condenser. 

Upon dump-valve operation, condenser vacuum decreases for a 
second or two, thus causing a substantia] braking effect by the 
longer blading through which there is little pressure drop. Ex- 
perience with dump valves has not been unfavorable in any re- 
gard 


AV ULABILITY 


Experience amounting to 25.7 unit years with the Port Wash- 
ington apparatus shows quite weli that reheat does not impair 
availability. In fact, the maintenance experiences described pre- 
viously suggest that it has helped availability. 

Reheat at Port Washington undoubtedly assisted in escaping 
graphitization troubles, for the two stages of moderate steam tem- 
peratures permitted good econoray without employment of the 
then-current high temperatures. This virtue was circumstantial 
and purely fortuitous, and may apply in the future only if non- 
reheat plants use advanced steam temperatures. Reheat prob- 


* Discussion, “Reheat Symposium,’ Trans. ASME, vol. 71, 1949, p. 
TABLE 7 
“1941 
3.4 


1942 
7.5 


1940 
10.6 


19356-1939 
Total outages: 


Unit no, 1. 12.3 


All units (25.7 unit years)........... 
forced outages. 

Unit no. 

Unit no, 3 

Unit no. 3 

Unit no 

All units (25.7 unit years) 1.4 0 0 
* No main steam nor feedwater interconnections. Demand time was 
® Nov. 22, Oct. 27, Oct. 5, Aug. 25, and Dec. 15 startings, respecti 


1943 


ticall 
y, Units Nos. 


lems appear less destructive to high reliability than do high- 
temperature metallurgical problems. 

Only one experience wherein reheat impaired availability and 
reliability seriously can be recalled. A 2-month forced outage re- 
sulted when 8 rows of blading required replacement due to uneven 
heating when starting. Sticking of the intercept-valve relay 
valve kept the intercept valve closed until about 1200 rpm, pre- 
venting the normal distribution of steam flow through the reheat 
system and introduced nonuniform heating. Upon release of the 


relay valve, sudden norma! flow through the blading downstream | 


of reheat caused further distortion and resulted in heavy rubbing. 


Thus the extra apparatus required with reheat (the intercept 
valve and its relay) impaired reliability. 
During the 25.7 unit-years treated in Table 7, availabilities 


were as follows: Boilers, 95.2 per cent; turbines, 93.8 per cent; _ e5 


boiler-turbine units, 92.3 percent. During the 4 yearsof 1947-1950 
availability of the boiler-turbine units has averaged 94.6 per cent, 
and their forced outages have been 0.7 per cent. This recent ex- 
perience reflects better the effect of reheat, for it omits earlier 
boiler-tube corrosion, turbine-blade, and generator trouble, all 
unrelated to reheat. 
per cent of Lakeside and Port Washington forced-outage time. 
These data quite well prove that reheat is not antagonistic to re- 
liability. 
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Discussion 


bE. H. Kriec.* It is well to recall how the outstanding plants, 
turbines, and boilers discussed in the current series of papers, 
_ have evolved. We have them because of meetings of this So- 


ciety, those of the Prime Movers Committee of the Edison Elec- 
tric Institute and other committees, together with our technical 
Boa journals, al] of which provide a forum where manufacturers and 


users alike literally vie with each other as to how they can best tell 


enterprise system; a distinct contrast to the stifling of stimula- 

tion to human achievement that occurs when governmental 

agencies take over, as in the USSR. Let no American retreat 
from the invigorating freedom that is now ours. 

The present paper is a really valuable addition to a series that 
makes Port Washington one of the best, if not the best, docu- 

mented plants. 

The primary purpose of a power plant is to produce electrical 
energy as economically as possible, and to do this, the combi- 
nation of investment, fuel, labor, and maintenance costs should be 
a minimum and availability amaximum, Port Washington meets 
these criteria to an unusual degree, and so we are grateful both 
to the author and the Wisconsin Electric Power Company for pre- 
senting their costs and operating experiences so frankly. 

Seldom is there an opportunity to install a prototype unit and 
then follow its basic design with four well-timed extensions in 
which design re‘inements can be introduced to meet conditions 
that developed in actual operation. This makes for optimum 
economy both in investment and operating cost, and one wonders 
why the advantages of such a program are not more generally 

xploited. 

Starting Procedures. Although axial expansion of 0.060 in. 
per hr of the turbine cylinder is used as the primary guide in tur- 
= starting rate, the author states that it is not the perfect 
_ index of thermal stresses in turbine components. 


At least it is 


simpler than having numerous thermocouples scattered about. 


However, the General Electric Company developed a differential- 
expansion recorder for Twin Branch Unit 3 in 1941, an instra- 
ment which the writer has often used to indicate relative 


and cylinder. This guide has been most satisfactory for indicat- 
ing the possibility of a rub during starting or operating con- 
ditions. 
It would be of interest to know whether in Table 1 of the paper 
_ the 0.300-in. axial movement between the 22 and 80 mw loads 
_ imposes any limitation on the speed of loading or unloading while 
e turbine is in normal operation, or whether axial expansion is 
- thus limited only during the starting cycle 
If full vacuum can often be obtained while units Nos. 3, 4, or 
5 are on turning gear, might it not be desirable to start rolling the 
turbine at 150 psi or even lower steam pressure instead of 400 
psi? The amount of air leakage experienced, as well as the type 
of shaft seals and air-removal equipment used, would be of real 
interest. 
Attention is called to the omission of intercept valves in Port 
‘Consulting Engineer, Stone & Webster Engineering Corpor- 
ation, Boston, Mass. Fellow ASMP. 
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Washington unit No. 5 reheat line, using dump valves only to 
prevent overspeeding. It is possible that this is the first time such 
design has been used. 

Economics. lt is time to stop using the expression “trend to 
reheat.” That there is little question about reheat being here 
to stay, is expressed by the author in such statements as the fol- 
lowing: 

“That 5.22 per cent theoretical reheat thermal gains have ac- 
tually been realized. 

“The reheat cycle has certainly not added to maintenance costs. 

“Reliability has not been impaired by reheat and this is con- 
firmed by low maintenance. 

“In no way is Port Washington's personnel requirement in- 
creased because of reheat.” 

That reheat need not impair availability appears well substan- 
tiated by the 1.7 per cent of elapsed time in forced outages and 
92.3 per cent of availability in 25.7 unit years. This is an excel- 
lent record. 

The present resurgence of the reheat cycle confirms the judg- 
ment used by the Wisconsin Electric Power Company in employ- 
ing reheat so consistently since 1926, 


C. A. Roperrson. Mr. Drewry's paper on reheat experiences 
at Port Washington is a definite contribution particularly be- 
cause of its factual nature. It covers many aspects of the prob- 
lem of reheat operation extending over a long period of reheat 
turbine experience. The first 825 F reheat steam turbine-gene- 
rator unit was installed in 1935 at the Port Washington 
Station of the Wisconsin Electric Power Company. It is an 
80,000-kw unit, and it now operates with steam conditions of 1230 
psig 850 F, reheat to 850 F, and '/, in. Hg abs exhaust pressure. 
This tandem-compound turbine with reheat between stages in 
the high-pressure cylinder was the first installation to use the now 
almost universally accepted one-boiler per turbine arrangement 
in which the reheater is an integral part of the boiler, simplifying 
reheat Yemperature control, 

This paper is important because it recounts operating experi- 
ences with a succession of five similar 80,000-kw tandem-com- 
pound 1800-rpm reheat turbines and unit boilers, each one being 
an improvement over the preceding one. The period of this care- 
fully recorded operating experience is 1935 to 1951. 

The steam flow in all five Port Washington turbines is basically 
the same; that is, steam flow is unidirectional through the high- 
pressure turbine to the double-flow exhaust turbine. A reheat 
The first two 
units are of the straight reaction type, the others are impulse- 
The last three units are practically identical except 
that the initial steam conditions have been increased successively. 


diaphragm is used in the high-pressure turbine. 
reaction. 


Fundamentally, the reheat operating experiences for the five 
units show a comparable progression of improvement. This 
comparability provides data of particular value. 

The author's discussion of starting procedures is noteworthy. 
The idea presented that starting is related to turbine expansion, 
In this way the 
turbine itself is used as a self-inclusive, sturdy, and reliable instru- 
ment indicating clearly and directly to the operators a means 


especially starting from cold, is important, 


whereby the thermal stresses may be controlled. 

The author states, “Upon synchronizing after starting from 
cold the axial expansion rate becomes very high unless the load 
is limited to unusually low outputs.”’ This is the critical point in 
the starting cycle during which there is a tendency to apply too 
high a rate of loading. 


Here is where the correlation between 


* Engineer in Charge, Test and Engineering Calculations Groups, 
Steam Turbine Section, Power Department,  Allis-Chalmers 
Manufacturing Company, Milwaukee, Wis. Mem. ASME. 
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rate of loading and expansion rate becomes valuable. This 
fundamental idea relative to initial application of loading will 
tend to lengthen the time usually considered fufficient for 
loading 

AuTHor's CLOSURE 

Messrs. Krieg’s and Robertson's discussions are valued addi- 
tions to the paper. 

Concerning Mr. Krieg's question whether the 0.300-in. expan- 
sion between 22 and 80 Mw of a previously cold unit imposes any 
limitation on the speed of loading or unloading while the turbine 
is in normal] operation, reporting that the normal change in axial! 
expansion in this load range after equilibrium is 0.180 in., seems 
significant. Normally, 90 minutes are taken to make this load in- 
crease, for system load changes do not require faster change, but 


a’ 
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occasionally the change has been made safely in 45 minutes. 
Expansion lags behind load change, of course. 

Mr. Krieg is right that rolling can be started with low steam 
pressure when steam seals permit full vacuum at low speed. A 
new plant will employ water ejectors in order that approximately 
an hour can be gained by starting the turbine rolling at lower 
steam pressure. Air leakage averaged during 30 unit-years is 3.4 _ 
cfm, Steam-jet air pumps and single-stage starting ejectors are 
used at Port Washington. The shaft seals of Units 1 and 2 are 
water glands, and those of the last three units are steam seals. 

Mr. Robertson rightly emphasizes the need of reasonable heat- 
ing rates when starting from cold, especially during the early 
loading period. With higher pressures and temperatures, in- 
creased attention to careful heating seems increasingly worth- 
while, for higher efficiency and better reliability. — 


rh 
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_ The First Year’s Operation of 
Dunkirk Steam Station 


The Dunkirk Steam Station went into commercial service 
on November 19, 1950, when the first unit was placed in 
regular operation. The second unit went into commercial 
operation on December 28 of the same year. The first 
year’s operation has not been without troubles which are 
likely to occur in breaking in a plant incorporating several 
new and untried developments. Nevertheless, its per- 
formance has been generally satisfactory. Operation of 
the reheat units has introduced no new limitation in flexi- 
bility nor increase in operating personnel over the non- 
reheat units, and the improved economy has more than 
justified its adoption. 


HE Dunkirk Steam Station comprises two single-boiler 
| ateeeti reheat units. The turbines are rated at 
80,000 kw, 0.8 power factor, 100,000 kva at 0.5 psi hydro- 
gen with a capability of 100,000 kw, 120,000 kva at 25 psi hy- 
drogen. Steam conditions are 1450 psi, 1000/1000 F at the tur- 
bine control valves. The turbine generators are tandem-com- 
pound, reverse-flow, double-flow, 3600-rpm manufactured by 
the General Electric Company. The reheat boilers are of the 
bent-tube, radiant-reheat, single-pass type with water-cooled 
furnaces, two-stage superheaters, interstage reheaters, fin-tube 
economizers, and Ljungstrém air heaters, furnished and installed 
by Combustion-Engineering Superheater, Inc. They are fired by 
tilting tangential burners which are positioned automatically to 
maintain reheat temperature of 1000 F from 70 per cent to full 
load of the units. Each boiler generates 670,000 Ib per hr of 
primary steam for the maximum continuous output of 100,000 
kw. 
The two units are controlled from a centra! control room lo- 


TABLE 1 


eee ee ee 


cated between the boilers and the turbines on the operating floor. 
This control room contains all of the controls for the two main 
units with the exception of the turbine supervisory instruments 
and the hydrogen control panels. 


! Chief Mechanical Engineer, 
tion. Mem, ASME. 

Contributed by the Power Division and presented at the Annual 
Meeting, Atlantic City, N. J., November 26-30, 1951, of Tue Amenrt- 
can Society of MecHANIcaL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
November 12,1951. Paper No.51—-A-138. 


Niagara Mohawk Power Corpora- 


A further description of the station and its auxiliaries | has been 
published previously (1).* 


Summary or First Year or OpeRaTION 


Table 1 lists the pertinent data concerning the first year of 
operation. The table starts with the month of January, since 
that is the first complete month that both units were in com- 
mercial service. 

Column 7 indicates the percentage of total time that the units 
actually were in service and carrying load. The outage time in- 
dicated in this column would reflect both forced and scheduled 
outages. The total unscheduled outages for the two units during 
this period amounted to 6, and were divided equally, 3 being 
caused by the boilers and 3 by the turbines. These troubles are 
described elsewhere in this paper. 

Column 8 shows the average gross load carried by the two units 
during their actual in-service hours. These units were oy erated 
mainly in the upper region of their capability curve as can be seen 
from this column. This fact is significant and contributes to the 
favorable heat rates shown in column 9. There is an apparent 
anomaly shown with column 9 and column 10 wherein the station 
heat rate improves with increasing circulating-water temperatures. 
About the only explanation for this is that the heat rate is reflect- 
ing the tune-up of the station and is improving in spite of the 
higher temperatures. If this is so, the heat rate should show 
further improvement as the water becomes cooler. 

Station service, column 3, is running between 4.7 and 4.8 per 
cent of gross generation. This compares with 5.5 to 6.0 per cent 
for comparable nonreheat machines on our system. The oper- 
ation and maintenance expense for the station to date is shown in 
columns 11 and 12. These values are shown in cents per kilowatt 


OPERATION AND PERFORMANCE DATA, YEAR 1951 


Net 
station 
heat 


Operating costs 
exclusive of fuel 


~ 


rate, 
Btu/kwhr 


of rated capacity rather than the coventional units of mils per 
kilowatthour, because both operating and maintenance costs are 
affected more by over-all design, age of the station, and local labor 
conditions than they are to station output. In the instance of 
this station, it can be expected that there will be some further in- 
crease in the maintenance expense as the station takes on its 
normal cycle of inspection and replacements. 


SratTion Personne. 


An organization chart comprising the station personnel for the 
two units is shown herewith. Three control-room operators per 


: Numbers in parentheses refer to the Bibliography at the end of 


: 
gen output, service, 
mw hr mw hr mw period service mw 
1951 Col. 1 Col. 2 Col. 4 Col. 5 Col. 6 Col. 8 
Jan 95686 90911 122.19 1488 1243 155 
Feb. 117921 112334 167.16 1344 1330 178 Ss 7 
Mar. 136348 130048 174.80 1488 1474 185 
Apr 115693 110165 153.22 1438 1299 197 9650 > 
May 118349 112716 151 50 1458 1255 189 
June 114025 108453 150.63 1440 1259 181 ¥530 
July 112450 106918 147.71 1488 1310 175 Y480. 
: Aug 144720 138027 185.52 1488 1488 195 9450 
Sent 197RQ2 14a 1449 12722 
— 
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90 
Station Superintendent 


kesults Supt. Operating Supt.” 


f 
Results Foreman 5 Station Shift Supt’ 


5 Technicians 12 Control Operators 2 Janitors 


2 Plant Clerke 


lelephone Oper. lo Auxillary Operators 


4 Watchmen-Catemen 


§ Relief Operators 
for above. 


shift are stationed in the central control room. These men are 
equally qualified to take over control of either the boilers, tur- 
bines, or electrical switchboard located in this room. There have 
been a number of instances when this arrangement has proved 
very helpful. For example, there have been some instances of a 
run of excessively wet coal which has caused sticking in the hop- 
pers and mill feeders. In these cases the operator assigned to 
the electrical switchboard, or the operator assigned to the other 
boiler immediately would assist to whatever extent necessary and 
still be able to give general attention to his own equipment. 

The mechanical and electrical maintenance department cares 
The major boiler or turbine 
inspections or repairs are handled by bringing in the required 
number of personnel from the Huntley Station located at Buffalo. 


for the routine maintenance only. 


OPERATION AND MAINTENANCE PROBLEMS 


In spite of the circumstances that Dunkirk is the first reheat 
installation on the Niagara Mohawk Power Corporation system 
and that a new type of reheat turbine was being placed in service, 
the prelim.nary operation of this station was quite successful, and 
there have been no more than might be considered the normal 
starting troubles during the first year of service. 

The first forced shutdown occurred on December 17, 1950, when 
unit No. 1 became rough at a load of 2 mw during a routine un- 
loading of the unit prior to taking it off load. was & 
failure of the bucket covers on the I8th-stage wheel of the turbine. 
The buckets were not damaged. No definite cause for this 
failure has been found, and it can only be presumed that a foreign 
object inadvertently must have been left in the machine during 
assembly and subsequently became dislodged in such a manner as 
to cause interference. The manufacturer has examined the design 
of these covers carefully for stresses, resonance, and so forth, and 
can find nothing wrong with the design. The unit was back in 
service on January 3, 1951, and was forced out again the same 
day on account of a furnace explosion in No. 1 boiler. The 
damage in this ease was confined principally to the insulation and 
casing at the top of the boiler. The cause is attributed to 
exceeding the minimum coal-air velocity to the burners, especially 
when bringing in a cold boiler. The unit was out for 3 days on 
account of this trouble. 

Unit No. 2 was forced out for 2 days on January 15, because of 
a leak in a field weld at the economizer-inlet header. 

Unit No. 2 was forced out for two days in May, because of an 
iron-oxide deposit resulting in sticking of the turbine control 
Subsequent to this, all of the control valves for both 


The cause 


valves, 
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units were dismantled, inspected, and cleaned up on prearr .nged 
outages of the units. None of the remaining valves was stuck 
but deposits of from 0.002 to 0.0025 in. were found on the stems 
with a somewhat lesser amount on the bushings. The last of 
these valves was cleaned in June, and there has been no further 
indication of sticking. 


Elect .foreman 


7 Electricians antics 


Unit No. 1 was forced out the latter part of June on account of 


a failure of the liners in the desuperheaters for the boiler reheater. 
These liners, made of stainless steel, failed at the welds. They 
were removed at the time and since have been replaced by a 4 to 
6 per cent chrome material and an improved method of support. 
The intercept valve, unit No. 2, failed to close the final §/, in. 
of its travel on a scheduled shutdown of this unit the first of Sep- 
tember. It was necessary to dismantle this valve to find the 
cause of this sticking, which was found to be iron oxide. Pre- 
viously, it had been the practice to operate this valve once per 
shift to check freedoia of stem movement, but the valve is not 
closed completely during these tests. It is now our practice to re- 
duce load to 40 per cent and completely close this valve once each 
week in addition to exercising it through part of its travel once 
per shift. The manufacturer is furnishing a test device for this 
valve which will permit closing and reopening fast enough so that 
the test can be made with a load reduction to 60 per cent of maxi- 
mum load. The disadvantage of having to reduce load for 15 


== 


i 


A 


min once per week for this purpose is not considered serious in our 


case. 

During the month of October, unit No. 1 was taken off load for 
a prearranged shutdown to install the new liner assemblies in the 
boiler desuperheaters. 
a week, the turbine was inspected partially, and it was found that 
the welds were broken at one end of all seven struts in the upper 
half of the exhaust hood. The failure of these welds is attributed 
to improper workmanship. The design is considered satisfactory 
and no changes are considered necessary. The welds which 
failed are all rather inaccessible and therefore difficult to make, but 


During this shutdown, scheduled for a — 


similarly difficult welds in the lower half of the casing on this 


machine were found to be entirely adequate and sound. 


Tursine AND GENERATOR Trip-Out Tests 


During the month of June, in co-operation with the General 
Electric Company and Combustion-Engineering Superheater, 
Inc., 
to trip out when carrying full load and to study the effects of 
such an operation on pressure of reheat steam, reheat-metal tem- 
perature changes, superheat and reheat steam temperatures 


tests were made to determine the ability of these units — 
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action of the control and intercept valves, safety valves, and 
so forth. Load was first dropped from 25 mw, then 60 mw, 
then three times from 100 mw. In each case the load was 
dumped by hand-tripping of the main generator breaker, leaving 
the auxiliary load of approximately 2 mw on the unit. The 
pulverizers are arranged to trip automatically when the tur- 
bine control valves go closed and remain closed for a period of 3 
sec. With the exception of the first test at 25 mw, automatic 
combustion control was in service at the time of each trip-out. 
Immediately upon tripping of the pulverizers, all major control 
equipment was moved to hand control. ‘No attempt will be made 


ferent rates of load change. For the first three of these tests the 
load was decreased and increased between 100 and 20 mw at rates 
of load change of 1.0, 1.9, and 5.0 mw per min. The maximum 
change of steam temperatures due to boiler characteristics 
amounted to 250 F at the throttle and 320 F at the inter- 
cept valve. These tests served to give information under the 
condition of a load change accompanied by a change in inlet- 
steam temperatures. 

The fourth and fifth tests of this group were made to study the | 
effect on the turbine of an instantaneous load change equal to25 | 
per cent of rating with constant inlet-steam temperatures. The 


to give the details of these tests in this paper, but merely to point 
out a few significant conclusions. 

The controls for both the boiler and the turbine are considered 
adequate and satisfactory in the event of an accidental loss of any 
or all of the load on the unit. The maximum speed reached by 
the turbine was 3840 rpm, or 106.7 per cent. The reheater-inlet 


metal temperature increased approximately 30 F during a 2. 


min period for the 100-mw test and then fell off at a rate of 7 to 8 
F per min. The water in the gage glass fell out of sight almost 
immediately, as was expected, but was restored after 2 min. In 
all probability the time required to determine the cause of an 
accidental tripping of the unit will determine how quickly it 
can be restored to service. However, tests have substantiated 
that for least disturbance toeither the boiler or the turbine it 
is desirable to restore load as quickly as possible. 


SrarTING anv LoapinG Procepure 


At the outset of the design of the reheat units at Dunkirk it was 
believed that boiler pressure could not exceed 50 to 100 psig 
until the turbine had started to take steam in order not to exceed 
the allowable reheater-metal temperature. This belief has 
proved unfounded, and there is no limitation on boiler starting 
pressure from the standpoint of reheat temperature. It has 
been found that pressure can be brought to 1500 psig for safety- 
valve testing with no reheat flow without exceeding 800 F on the 
reheater thermocouples. 

The starting procedure is not appreciably different at Dunkirk 
than for a high-pressure nonreheat condensing unit of the same 
size. There is no difference in starting time for the boiler, the 
limitation being the rate of rise of saturation temperature, which 
has been established as 100 F per hr. The boiler is fired ini- 
tially with oil, the first mill being put in when the unit is syn- 
chronized and put on load. The turbine is rolled at a pressure of 
400 psig, about 4 hr after the start of firing. Approximately 1 hr 
is required to bring the unit to speed. By the time the turbine is 
at speed, the boiler pressure has reached a value of 1250 psig. 
Little or no time is required after the unit is at speed to cool off 
the exhaust hood because the crossover spray water is applied at 
1800 rpm, and this cooling maintains the exhaust hood tem- 
perature lower than 125 F. The turbine is then synchronized, at 
which time the first mill is put in operation and a load of 10 mw is 
applied immediately. The load of 10 mw is held for approxi- 
mately 30 min or until the shaft eccentricity and exhaust tem- 
perature have reached a minimum value. Then load may be ap- 
plied to the turbine at a rate of | mw permin. The total elapsed 


Loap-CHance Tests 


Studies are now in process to determine the maximum rate, 
consistent with safe rate of temperature change. at which load on 
the turbine ean be applied. A total of 21 thermocouples have 
been installed at various locations on the high-pressure, inter- 
mediate-pressure, and low-pressure turbine shells for this purpose. 

Five tests have been made to date, in which the load was changed 
from ene steady-state level to another steady-state level at dif- 


turbine-shell temperatures leveled out, the load was returned 
rapidly to 100 mw. 
20 mw. 
20 see. 

During these tests there was no change in vibration or eccen- 
tricity. The maximum change in differential was only 20 mils 
Shell temperatures showed that no excessive thermal stresses 
were present. 


A similar test was conducted between 40 and 
The time required for these 20 mw changes was about | 


Startine Loavine Tests 


Two of these tests were made, each after the turbine had been 
out of service for about 40 hr. Before the turbine was taken off 
the line it had undergone cooling because of a low load of 20 mw 
which was carried at least 2 hr before the unit was shut down. 
This was not done purposely for the starting tests but was a part 
of the load-change tests. Therefore the week-end shutdowns in 
these tests are really equivalent to a longer period of time. 

For the first test the turbine was rolled, brought to speed, and 
synchronized in 43 min; then it was loaded to 80 mw at an 
average rate of 0.9 mw per min. In a second test the turbine 
was rolled, brought to speed, and synchronized in 31 min; then 
it was loaded to 80 mw at an average rate of 2.4 mw per min. 

It was found during both of these tests.that with the exception 
of the steam chest the turbine shell heated very little during the 
starting period and that the heating began when load was applied 
to the machine. Vibration and eccentricity during these starting 
and loading tests were normal. No excessive thermal stresses 
were indicated by the shell temperatures. The differential ex- 
pansion again was very little, the maximum change being in the 
order of 10 mils. 

No definite conclusions can be reached until this series of tests 
have been completed and the data analyzed, but it is believed that 
load changes can be made at a somewhat faster rate than is our 
present practice. 
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in the regenerative cycle, as manifested 
in boiler and turbine sales data, has been intensified 
greatly in the postwar years. The intent in submitting 
this paper is to contribute to the general historical record 
of reheat development by citing some of the experiences of 
the American Gas and Electric Company during the past 
25 years. Operating features of some of the older units 
on the system are described but the emphasis has been 
placed on the characteristics of the modern units. Start- 
ing and stopping procedures, emergency shutdowns, tem- 
perature control, and performance are some of the topics 
discussed. 


Tue Earuiest Reneat Units 


N the fall of 1924 the first of a long series of reheat units was 

placed in operation at the Philo Plant of The Ohio Power 

Company, a constituent of the American Gas and Electric 
System. This unit consisted of a 40,000-kw bleeder-type 1800- 
rpm turbogenerator, supplied with steam from four chain-grate 
stoker-fired boilers (1).2 Primary-steam conditions were 600 
psi and 710 F. Steam exhausted from the 7th stage of the tur- 
bine at 155 psi under full-load conditions was reheated to 710 F in 
the reheat section of one of the four boilers and readmitted to the 
turbine at the 8th stage. This first reheat unit was followed by 
five additional units of similar characteristics, a second at Philo 
Plant, two at Twin Branch Plant of the Indiana é& Michigan Elec- 
tric Company, and two at the Stanton Plant of the Scranton 
Electric Company. The only departure from the Philo No. 1} 
design was an increase in reheat-steam temperature to 734 F. 

The proving-out of these early reheat units, from the points of 
view of economy, flexibility, and reliability paved the way for fur- 
ther exploitation of the reheat cycle. Accordingly, in 1929, when 

7 further system expansion became necessary, a triple-compound 
a --—- 165,000-kw reheat unit was placed in service at the Philo Plant. 
Se am for this unit was supplied by eight boilers, six of which de- 
= -__ hivered 600 psi 725 F primary steam exclusively. Two boilers in 
: addition to generating primary steam, reheated the exhaust steam 
from the high-pressure turbine to 725 F at 155 psi. It is inter- 
esting to note in passing that two of the standard boilers were 

arranged for unit-system pulverized-coal firing. 
In all the reheat installations described to this point, the ex- 
haust steam was reheated in one or more special units of the 
_ steam-generating battery. These special boilers were designed to 
_ produce primary steam and reheat exhaust steam. Firing rate of 
these reheat boilers was controlled by reheat steam temperature 


1 Head, Mechanical Engineering Division, American Gas and Flec- 


tric Service Corporation. Mem. ASME. 
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The primary-steam output of these units fluctuated according to — 
reheat temperature requirements. 

To protect the reheat sections of the boilers from damage due to 
interruption of steam flow, provision was made to admit cold air 
to the gas side of the reheaters under such circumstances. Large 
motor-operated doors, located in the boiler settings and inter- 
locked with the turbine trip mechani for aut tie opening 
upon loss of load, served this purpose. Previsions also were made 
for manual operation of the doors to assist in the starting cycle. 
By-pass piping was installed around the reheat boilers so that the 
turbines were operable on a nonreheat cycle in the event of outage 
of the reheat boiler(s). 

There has been no difficulty in operating these reheat units 
and they have been treated over the many years as standard 
equipment. Such problems as were first encountered in placing 
the equipment in service were largely due to lack of centralized 
controls and the resultant inefficiency in synchronizing the activ- 
ities of a large group of operators. Because of their excellent per- 
formance, these units became the backbone of energy supply of 
the American Gas and Electric System. The first Philo unit 
gave a net heat rate of 13,800 Btu per kwhr and the 165,000-kw 
triple-compound unit, largely due to size factor, improved this 
performance to a net heat rate of 12,500 Btu per kwhr at full 
load under similar boiler-efficiency and back-pressure conditions. 

During the 25 years of operation of Units 1 and 2 at Philo 
Plant, there were no alterations of the original design. The re- 
heaters on both Units 1 and 2 were replaced about 2 years ago 
because of external gas-side corrosion which was the result of low 
output operation, more frequent shutdowns during postwar years, 
and more extensive consumption of high-sulphur coal. Turbine 
maintenance also has been very low. At the present time, these 
units are operated at full load each day and are taken off the line 
every evening afterpeak. Some work has been done on introducing 
quick starting and now the total time from standstill to full load 
averages 52 min. This is still subject to further improvement 
over the original allowance of 127 min. 


Tue Seconp Puase 


In the years between the installation of Philo 1 and Philo 3, 
progress was reflected principally in size development of both tur- 
bines and boilers. The departure from the multiboiler battery, 
the extension of the pressure and temperature limits, and the un- 
qualified acceptance of the use of pulverized coal came in the 
second phase. 

In 1930 the new Deepwater Plant in New Jersey, which was 
built jointly for the Atlantic City and Philadelphia Electric 
Companies, was placed in service. The two 53,000-kw crow- 
compound reheat units installed at Deepwater not only reflected 
the considerable progress made in the 6 years following the 
original Philo installation, but represented new advancements in 
the application of the reheat eycle (2). The number of boilers 
was reduced to two per unit, one standard type and one reheat 
type, both fired with pulverized fuel and both of the fluid-bot- 


tom type. The control of reheat-steam temperature had become 
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a simpler problem with pulverized-coal-firing. One standard 
boiler, operating at 1200 psi and 725 F, was controlled for steam 
pressure and unit output; the reheat boiler was controlled for re- 
heat-steam temperature of 750 F only. The method of pro- 
tecting the reheater tubing from overheating was the same as that 
adopted on the Philo installations 

By-pass piping was provided so that the low-pressure turbine 
could be operated with primary steam with the reheater boiler and 
high-pressure turbine out of service. 

There were many problems during the initial start-up of the 
Deepwater Plant but none had any direct relation to the reheat 
cycle, It is interesting to note that after the period of shake- 
down, the greatest problem was that of control of ash in its various 
stages of plasticity as it flowed through the generating unit, and 
this was precisely the same problem causing the greatest concern in 
1951. 

The experience, confidence, and satisfactory operation re- 
sulting from this reheat pioneering on the AG&E System led to the 
2300-psi reheat unit at the Twin Branch Plant (3). This 76,500- 
kw single boiler-turbine unit, placed in service in 1941, was a 
natural development of experience gained at Philo, Twin Branch, 
Stanton, and Deepwater. Only the economic illness of the 1930's 
prevented its earlier realization. 


BackxGrounp ror Mopern Reneat Units 


‘The systematic progress made in the 23 years following the in- 
stallation of the first Philo reheat unit, the lessons learned in those 
years, and the confidence gained were directly responsible for the 
large modern units on the AGKE System today. 

In 1924 four boilers were required to supply primary steam at 
600 psi and 710 F to one 40,000-kw unit. Reheat-steam tempera- 
ture was controlled at 710 F by firing-rate adjustment of a spe- 
cial boiler, The relation between kilowatts and number of boilers 
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was roughly 10,000 kw per boiler. In 1929 the 165,000-kw 
triple-compound unit at Philo Plant operated under similar steam 


conditions but each of the eight boilers produced 20,000 kw. In _ 


1930, at Deepwater Plant, progress was represented by an in- 


crease of primary pressure to 1200 psi, complete adoption of 


pulverized fuel, reduction in number of boiler units, and an increase _ 
to roughly 27,000 kw per boiler. In 1940 a single boiler unit was 
designed to develop primary steam at 2300 psi and 940 F, and 
within the same unit, reheat the exhaust steam from the high- 


pressure turbine to 900 F, the process developing a total of 76,500 


kw for the single boiler. When this development work was com- 
pleted, a new phase in the history of reheat units on the AGKE | 
System was entered. 


Tue Mopern Reneat Units 


In 1947 the fundamentals learned in the past, particularly in 
connection with the 2300-psi Twin Branch unit, were used to de- 
sign a single boiler-turbine unit developing a gross generation of 
150,000 kw. Primary-steam conditions were 2000 psi, 1050 F. : 
Reheat was to 1000 F (4). Five such units are now in operation; 
one at Twin Branch Plant, one at the Tanners Creek Plant, of the 
Indiana & Michigan Electric Company located at Lawrenceburg, 
Ind., and three at the Philip Sporn Plant, jointly owned by the 
Appalachian Electric Power Company and The Ohio Power 
Company, and located at Graham Station, West Va. (see Fig. ; 
1). Two additional units are still under construction, one each 
for the last two plants. 

Now, in 1951, four still larger units are under construction 
Two of these are for the Kanawha River Plant of the Appalachian 
Electric Power Company, located near Charleston, W.Va. The 
others are for the Muskingum River Plant of The Ohio Power © 
Company, at Beverly, Ohio (5). Each unit of this group of four 
will be of the single boiler-turbine type and will generate 217,000 
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kw at 2000 psi, 1050 F primary and 1050 F reheat steam temper- 
atures. At full load this will require a heat input to the boiler of 
1.86 X 10° Btu perhr. The net heat rate is expected to be just over 
9000 Btu per net kwhr. At the completion of the present con- 
‘struction program, the tota! net capability of all reheat units on 
the AGKE System will amount to 2,250,000 kw. 

In recent years the technical and economic soundness of power 
production by means of the reheat cycle and the reliability of re- 
heat equipment finally have received wide acceptance. This 
trend over the past 14 years is illustrated in Fig. 2 which shows 
the relationship between the new capacity added by electric 
utilities and that portion of the new capacity which was of the re- 
heat type. In this plot the discontinuity caused by restricted 
construction during the war years has been eliminated. 


YEARS OF REHEAT OPERATING EXPERIENCE 


considerable thought and effort have been directed toward the 
development of faster start-up and shutdown procedures. 

The origina! start-up schedule developed for the Twin Branch 
2300-psi reheat unit required 18 hr, the limits being set prin- 
cipally by manufacturers’ recommendations on rate of pressure 
and temperature changes. By the time the first unit at the 
Philip Sporn Plant was ready for service, a start-up schedule 
allowing 10 hr from a cold furnace to full load had been developed. 
Later, by increasing the steam-drum temperature limits on the 
ends of the drum, a considerable gain in speed of allowable pres- 
sure rise was obtained and the period required to bring the units 
from cold start to full load of 150,000 kw was reduced to 7 '/: hr. 
An abbreviated log for a start-up of this type is shown in Table 1. 
Work is in progress now to reduce the time of 7'/, hr by improve- 
ment in vacuum-producing equipment. 


TABLE | LOG OF FEBRUARY 18-19, 1951, START-UP OF UNIT 1, 


PHILIP SPORN PLANT 


7:30 pm— ba 6 oii lighters in service started coal firing using 
ne pulverizer and two burners. 

8:00 pm Steam blowing from vents. Closed drum and super- 
heater attemperator vents and a. superheater 
header drains. Main inlet drain o 

9:00 pm—Drum pressure 250 psi. Th rottled. m aale inlet drain 

to one turn. 

9:20 pm— Opened turbine stop valve above-seat drain. 

9:25 pm—Started hogging jet for vacuum. Drum pressure 


Feb. 18: 
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as required for starting a standard unit. 


8 


WORLD WAR I! PERIOD EXCLUDED 
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TOTAL CAPACITY ADDED 


1938-39 (93940 (194647 947-48 1948-49 1949-50 1950-5! 
YEAR 


NEW REHEAT CAPACITY 400ED DURING 


2 Re.ationssie Between Reneat Capacrry 
Eacn Year anp Toran Capacity Instattep Eacn Year By Pusiic 
Urticities, 1938-1951 


Load growth of the AG&E System during the past 3 years has 
been so rapid that it has been impossible to devote the effort and 
manpower necessary to develop complete operating character- 
istics of one of the modern large generating units now in service. 

It is hoped that a paper on this subject will be presented within the 


few years. 


InrT1AL Start-Up 


Except for one relatively minor operation, the number of tasks 
to be performed prior to initia] start-up of a reheat unit is the same 
Present AG&E practice 
for starting large reheat units requires thorough blowing out of 
the reheater tubing using compressed air one element at a time. 
The connected reheat piping is cleaned out manually. 

Of the five 150,000-kw reheat units now in operation there has 


_ been only one opportunity to examine the blading of a reheat tur- 


bine. The first-stage buckets were found to be well battered on 


the inlet side owing to small steel chips that must have passed 


through the fine steam strainer at the turbine inlet. Although 
the degree of damage will not affect the performance of that 


wheel, serious consideration is being given to special arrange- 


ments for a thorough steam blowout of reheat tubing and piping 
before future units are placed in service. 
ACCELERATED Start-Up anp SuvutTpown ProcepuRE 


Although peak-period availability of the modern units has been 
satisfactory, it was apparent that reductions in starting and 


_ stopping time requirements would provide a more comfortable 


_ margin for off-peak and holiday maintenance. Consequently 


psi. 
9:35 enter firing to wait for vacuum. Drum pres- 


9:50 pm—Resumed oa firing 
10:00 pm—Started turbines. ~ ‘oa! firing reduced to one burner 
awaiting turbine coming up tos 
11:30 pm- Turbines on governor, Drum pressure 1750 psi. 
11:45 pm—Generators synchronized. Drum pressure 2000 psi. 
3:00 am —U to rains —150,000 kw 
Fotal elapsed time: 7'/s hr. 


Feb. 19: 
Shutdown procedures likewise have .received considerable 
attention. The period of cooling has been reduced from an aver- 
age of l6 hr to6hr. In speeding up the rate of cooling, the same 
analysis was established as in the case of starting up, namely, ob- 
serving the drum temperature differentia] at the mid-point. An 
abbreviated log for a typical shutdown is shown in Table 2. 


TABLE 2 LOG OF FEBRUARY 16-17, 1951 SHUTDOWN OF UNIT 1, 


PHILIP SPORN PLANT 


11:30 pm-—-Unit tripped out after dropping load by decreasing 
yous ure. Pressure at trip-out 900 
11:40 pm-—All superheater drains an 


Feb. 16, 
psi. 
steam main inlet drain 


ope wide. 

11:50 pm—Water level raised to within 5 in. of top of drum. 
(Maintained at that level by feeding water from 
time to time during following 3'/; hr.) 

12:10 am—Forced-draft out. FD fan-inlet vanes 
and air-heater Re dampers wide open, outlet 

dampers closed. tting, none -pit, and secondary- 
air duct doors ope 

Induced-draft heey 5 ae up as much as Possible 

without exceeding 3 in. water gage suction in fur- 


12:30 am 


na 

Gas temperature ee air heaters 350 F. Air 
heaters shut down. doors except lowest three 
in convection pass t_f closed. D fan outlet 
dampers were opened and FD fans started. th 
FD fans run at —— load possible without put- 
ting a positive ure in furnace. (ID fans were 
fully loaded, FD fans loaded at 

stage.) 


3:00 am—Drum pressure 50 psi. Drum vents opened. 
3:30 am-—Drum pressure 0 psi. Feeding of water 
because wide-ra drum-level-column 
couples became 
above water lev 
4:30 am—South ID fan A wory ae and released to Maintenance 
Department. 
(Note: Shutting down fan decreased cooling rate.) 
5:30 am entered convection-pass inlet cavity for 


6:00 am ~All down. Inspectors entered dust collector. 
Total elapsed time: 6'/: hr. 


1:40 am 


thermo- 
tive owing to absence of steam 


Reneat-Temrerature Contrrou 


In the reheat installations of some 20 years ago, reheat tem- 
peratures were maintained by controlling the firing rate of the re- 
heat-type boiler. As first costs mounted over the years, such an 
arrangement became economically unattractive. As « result, 
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considerable effort by the boiler manufacturer and by AG&E was 
directed toward the development of a commercially workable 
steam-generating unit with superheater and reheater surfaces 
arranged to give a simple, direct, and wide range of steam-tempera- 
ture control. The 2300-psi Twin Branch unit was the outcome 
of these efforts. This unit employs a radiant-convection com- 
bination reheater with control of steam temperature accomplished 
by throttling of gas flowing over the convection reheat surface. 
Operating and maintenance experience with this unit demon- 
strated the advisability of employing an all-convection-type re- 
heater. Numerous complications and high costs of gas-flow 
control provisions made it quite evident that contro] of reheat 
temperature above the design point could be accomplished more 
economically, and with greater ease, by spray desuperheating at 
the reheater inlet in spite of some loss in cycle efficiency due to the 
degradation of energy. 

Experience on about a dozen large boilers has established the 
validity, from an operating viewpoint, of the practice of control- 
ling primary-steam temperature by means of attemperation with 
boiler feedwater, No superheater tubes have been lost, nor has 
there been any increase in turbine-blade deposit rate as a result 
of this method of steam-temperature control. 

In order to develop best average cycle efficiency over normal 
range of operation, there are two opposing reheat-control require- 
ments. (a) At high load, it is desirable to maintain attemperation 
at the lowest possible point; and (b) to maintain high reheat tem- 
perature with decreasing load. These aims are accomplished by 
flue-gas recirculation. All of the 150,000-kw boilers now operat- 
ing are equipped with a single-width single-inlet centrifugal fan 
arranged to extract a portion of the flue gas from the economizer 
outlet and return it to the secondary-air ducts immediately ahead 
of the burners, furnace, and convection pass. By recirculating 
this flue gas at rates varying from zero at full load to 15 per cent 
at two-thirds load, a substantial betterment in cycle efficiency is 
obtained at lower loads. Improvement in net heat rate as a re- 
sult of gas recirculation compared with zero recirculation is as 
high as 2 per cent. The results of this type of operation on the 
characteristics of reheat- and primary-steam temperatures are 
shown in Fig. 3. 

In large steam-generating units the effects on steam tempera- 
tures of unbalanced firing resulting from pulverizer interruptions 
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and outages are pronounced. 
wide control range and quick response. 
fills these requirements at low cost. The application of spray 
attemperation carries with it some potential hazard. With this 
type of control, wide fluctuations in steam temperature are 
possible and this may have an adverse effect on the life of tur- 
bines. Attemperators must be engineered properly with full 
consideration of all possibilities, and their instrumentation and 
interlocking must be foolproof. 

Because the superheaters and reheaters absorb a large pro- 
portion of total heat, the amplitude of steam-temperature varia- 
tions is increased considerably by fluctuations in furnace excess 
air. Even with skillful application of fan controls and air-flow 
measurement, the problem of maintaining accurate flows when 
controlling a battery of fans in series and in parallel is at best a 
rough approximation. AG&E experience has been that better 
air-flow control is obtained when operating with positive furnace 
pressure and without the use of induced-draft fans. The steam- 
temperature controls do less work under this type of operation. 
Various minor difficulties encountered with pressure furnace 
operation are in process of being eliminated at this time. How- 
ever, it is expected that the bogey of 95 per cent total time 
operation with positive pressure wil] be attained in the not too 
distant future. 


These transient conditions require 
Spray attemperation ful- 


FLEXIBILITY AND RANGE OF OPERATION 


The additional problem of control of reheat-steam temperature 
is the only factor that may cause flexibility of a reheat unit to be 
poorer than that of similar straight-through units. Assuming 
that the basic arrangement of superheater and reheater is sound, 
the degree of flexibility depends on the quality of selection and 
application of control equipment. For smooth operation and 
eventually longer life of equipment, it is necessary that the con- 
trols maintain the heat input to the furnace in step with the heat 
output to the turbine. The boiler unit with its expensive alloy-steel 
superheaters and reheaters should not be used under any except 
the most unusual circumstances as a heat accumulator to iron out 
the insensitivities and malfunctionings of boiler controls. In- 
strumentation must be of the highest quality, must be complete, 
and control equipment must be centralized. Beyond that nec- 
essary requirement, provision of supplementary equipment in the 
contro] rooms to permit complete remote operation is considered 
essential to modern power plants. With these provisions it is 
possible to handle a complete unit trip-out from the control room. 
This of course includes relighting of coal burners. 

All the reheaters on the postwar AG&E units are of the convec- 


interlock arrangement was provided so that a number of pul- 
verizers would be tripped out, retaining such number in service as 
would not produce excessive gas temperatures at the reheater in- 
let. Experience has shown that except under very unusual con- 
ditions the time required to restart the turbines is appreciable and 
that with remote-burner-ignition system, tripping out of 21] pul- 
verizers is more desirable. Once the shakedown period has passed, 
trip-outs may be expected to become rare occurrences. However, 
in a plant with additional units under construction and with new 
personnel, some trip-outs are bound totake place. Therehave been 
several of these at the Philip Sporn Plant and considerable delay 
in returning the unit to service was experienced because of ex- 
cessive vibration of turbines when bringing them up to speed. 
Analysis of operating procedures indicated the cause to be badly 
deteriorated temperature of primary and reheat steam. 

In order to solve this problem, a full-load trip-out and restarting 
eycle was conducted under close observation of engineering 
specialists. With all equipment in service at 150,000 kw and the 
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boiler operating under positive furnace pressure, the generator 
breaker was tripped. This automatically took the excitation and 
all boiler auxiliaries except forced-draft fans, air preheaters, and 
pulverizer-seal air blowers out of service. The motor-operated 
relief valve blew for 3 min, one superheater safety valve blew for 
30sec. After relief valves closed, there was another pop of the 
_ motor-operated relief valve a few minutes later for about 15 sec. 
Following this pressure-relieving period, the drum pressure re- 
mained constant at 2060 psi for about 15 minand then began todrop 
slowly. The drum water level dropped momentarily to the 
bottom of the gage glass and then came back rapidly to about 2 in. 
above normal, when the safety valve opened, as had been ex- 
pected. 
Immediately after the trip-out, the boiler was “bottled” 
by shutting down forced-draft fans and closing all air-supply 
aS This was done to conserve the heat stored in the 500 
tons of metal in the superheater, reheater, and connected headers 
and piping. When these cross-compound machines are dis- 
connected from the system and at the same time excitation cir- 
cuits are interrupted, the speeds break apart. It is inadvisable to 
throw on excitation until the units are near synchronism. As a 
practic al limit, turning-gear speed has been established as the point 
_ for re-establishing excitation. A procedure to make synchronism 
_ possible at higher speeds is being developed. In view of that 
limitation, the field current was applied 41 min after trip-out. A 
~ number of delays, totaling 26 min in lost time, were experienced in 
—— the required vacuum. The rolling of the machines was 
= started 67 min after trip-out. This included the time lost in re- 
Pe _ establishing vacuum. The machines were brought up to speed 
and synchronized in 15 min. Just before the generators were 
sy nchronized, boiler auxiliaries were started and pulverizers 
; _ were placed in service with considerable overfiring, while load was 
being restored to 100,000 kw in the next 15 min. At this point 
conditions were considered practically normal and the test was 
_ terminated. During the entire test, the superheater- and re- 
- heater-temperature variations did not exceed 200 F. 
There is room for improvement in this time schedule. How- 
ever, the key to proper restarting after a quick shutdown and a 
short outage was confirmed to be the conservation of the stored 
heat in superheater and reheater metal by the “bottling” pro- 
cedure and the elimination of draining of the superheater, re- 
heater, and piping during the nonfiring period. There is con- 
siderable range of temperature control to be obtained by over- 
firing, and, with intelligent handling, high metal temperatures can 
be tolerated profitably without impairing the life of the boiler and 
at the same time produce a favorable restarting condition for 
turbines. 

The use of the reheat cycle has no effect on range of operation 
of the unit. The load on the 150,000 kw reheat Unit 5 at Twin 
Branch Plant is frequently reduced during the night hours to 

; 60,000 kw. This low limit is set entirely by flue-gas temperature. 
; At lower gas temperature there is excessive plugging of air heater 
and dust collector. 


Cuemicat Contro. 


Experience has indicated that reheat has no known effect upon 
the chemical control of steam condensate, feedwater, and boiler 

water, as compared to that required for straight condensing units. 
The contro] problems in each instance appear to be the same. 
Although there are many factors which influence the rate of 
build-up of deposits in turbines receiving steam from boilers of 
2000 psi and above, and these factors rarely are identical for two 
units, it is believed that reheat assists in reducing water-insoluble 
deposits in the low-temperature stages. AG&E experience to 
date is that such deposits, as have been encountered in reheat 
units, have been water-soluble in the high-temperature stages and 


are removable under load by reduction in steam temperature to 
the lowest point possible. With spray attemperation, it has been 
possible to lower steam temperature sufficiently so as to permit 
washing the unit, in rare cases, at almost full load. 


AVAILABILITY AND MAINTENANCE 


The availability of a pioneering power-generating installation, 
whether extremely high or relatively poor, when measured by its 
performance during the first few years of operation may be mis- 
leading. It is beyond the scope of this paper to discuss problems 
in connection with high-temperature high-pressure operation, and 
the effect on the availability, maintenance, and economics of 
operation but some general remarks would appear to be in order. 

The employment of the reheat cycle has a negligible effect on 
the over-all availability and maintenance cost of a power-gen- 
erating unit when compared with a straight-through unit having 
similar design and operating functions except for reheat. In so 
far as the turbine is concerned, the reduced maintenance because 
of much lower moisture content in the exhaust steam is balanced 
by the increase in attention required by steam shutoff valves at 
the reheat-turbine inlet. Problems brought about by high re- 
heat-steam temperature have been compensated for by the prof- 
its in efficiency gained. 

There has been only one mishap in AG&E’s long experience 
with the reheat cycle directly chargeable to that cycle. On May 8, 
1951, Unit 1 at Philip Sporn Plant carrying 43,000 kw on the high- 
pressure machine and 107,000 kw on the low-pressure machine, 
was tripped out by the opening of the generator breaker resulting 
from an error by a maintenance man checking control circuits. 
Normally, such an interruption would cause the two high-pressure 
emergency stop valves and high-pressure control valves to close 
within '/; sec, while the intercept valves on the lower-pressure re- 
heat-turbine element would maintain turbine speed at less than 5 
per cent overspeed until steam stored in the boiler reheater and 
connected piping was released to the condenser. The time nor- 
mally required for emptying the reheater is 4 min. The intercept 
valves, however, stuck in almost wide-open position and the 
energy stored in the reheater was released through the turbine to 
the condenser. The turbine rotor consequently was accelerated 
from its normal speed of 1800 rpm to 2700 rpm. A portion of this 
overspeed was due to the energy supplied by the flashing of con- 
densate lying in the two high-pressure feedwater heaters as the 
bleed lines to these heaters were without check valves. The 
rotational stresses reached approximately 2'/, times normal 
operating values. While the machine was rotating at high speed, 
an operator opened the vacuum breaking valve and this assisted 
in arresting the speed and bringing the turbine to a standstill. 

All rotating elements of the machine, including the generator, 
were inspected following this experience. The only damage 
directly attributable to the overspeed was a loss of several 
sections in the shroud band on one wheel of the last (22nd) stage of 
the double-flow section, and some cracks in the shroud band of 
one of the 2ist-stage wheels. The 30-in. last-stage buckets were 
undamaged. There was no injury to the generator field. A 
slight run-out in the commutator of the direct-connected exciter 
was found and corrected. 

The cause for the sticking of the intercept valves was found to be 
a deposit of iron oxide, 3 mils in thickness, which collected on the 
surface of the valve stems and their bushings, and closed the 
clearance between the two causing a seizure. This machine has 
four intercept valves, two in the top and two in the bottom shell, 
with a camshaft arrangement for gang operation. Temporary 
measures have been taken to prevent a recurrence of this accident 
by increase in clearances and establishment of routine inspection 
and full closure tests periodically. On all the units awaiting 
correction, the load is reduced once a week to 120,000 kw, 
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and at that load pressure is applied to the governor beam to ob- 
tain a full closure. The time required for this operation is so short 
that build-up in pressure in the reheater does not reach the safety- 
valve setting. In addition, the practice of making a partial 
movement check every shift is being continued. While this check 
was found to be inadequate to show that the valves are free to 
move over the entire travel, it is considered worth while continu- 
ing as a general indicator, New intercept valves which will have 
stem-sealing provisions and arrangements for remote testing over 
full stroke from the control room are now in process of manu- 
facture. Check valves also have been installed in the bleed lines 
to the high-pressure heaters, 

Efforts to find a method of preventing iron-oxide carry-over from 
the steam-generating unit have been accelerated greatly. Iron- 
oxide deposits associated with high-temperature units are not anew 
experience on high-pressure steam generators. However, in the 
past they have been limited on the AG & FE system to theemergency 
stop valves and control valves on high-pressure turbines. Ex- 
perience to date has indicated that the iron-oxide carry-over is not 
a continuous process and that it seems to be limited to the initial 
period of operation. This fact has not been established firmly, 
however. Study and consultation with the manufacturer have 
led to the conclusion that the intercept valves of corrected design, 
augmented by testing provisions, will give all the security re- 
quired to avoid similar overspeeding troubles in the future. 

Experience on recent units has not revealed any signs of re- 
quired maintenance on reheaters with the exception of: one in- 
stallation in which part of the reheater consisted of radiant sur- 
face. In this installation part of this radiant surface had to be 
replaced with alloy-steel tubing because of oxidation of the 
original carbon-steel tubes after about 6 years of service. The 
life of the replaced sections has not yet been established but on 
the basis of such limited experience as we have had with radiant 
superheaters, it seems probable that all-convection-type reheaters 
are preferable, 


PERFORMANCE AND Propuctrion Costs 


hig 4 shows the industry-wide best plant-heat-rate trend from 
1938 to 1949. Data are from the literature published by the 
national utility regulating bodies. The trend curve has been ex- 
tended to 1950, using the heat rate calculated from the Philip 
Sporn Plant operating records as a value for that year. The de- 
crease in heat rate from 10,350 Btu per kwhr, which was the best 
plant heat rate ever recorded previously, to 9482 Btu per net 
kwhr, clearly indicates the high-grade performance of modern re- 
heat units, 

It is noteworthy that this plant heat rate was established in 
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spite of the hampering effects of two initial start-ups, and a num- 
ber of outages for design changes. It is estimated that the Philip 
Sporn Plant heat-rate figure for 1951 will be well under 9300 Btu 
per net kwhr. 

A number of figures for the most recent 12 months of operation 
available are given in Table 3. 


TABLE 3 PERFORMANCE DATA OF PHILIP SPORN PLANT, MAY 
1950-—APRIL 1951 


Months of operation, unit No. 1 Aseeeked soy 12 
unit No, 2.. 
Total gross generation, kwhr. . 
Total net generation, kwhr. . 
Average net t rate, Btu per kwhr 
Average gross load, kw per unit 


10 

1,993 ,079 ,000 

1,874,044 000 
oF 


CONCLUSIONS 


The technical and economic soundness of the application of re- 
heat units to the regenerative cycle, operating at the highest 
commercially acceptable pressure and temperature levels, has 
been established clearly. The 25 years of successful and satis- 
factory operation of this type of unit on the American Gas and 
Electric Company System verifies past decisions and attests to 
the desirability of making future expansions in terms of reheat 
units 
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Discussion 


I. E. and G. A. Orrox.‘ Technically, there are 

many features of the American Gas Company reheat designs, — 
incorporated in their early installations and carried through to the 
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modern designs, which differ from our Boston practice. Amer- 
ican Gas used cross-compound units, that is, low-pressure units 
without governors and without separate low-pressure headers and 
boilers. This failed to give the flexibility and stability attained in 
our Edgar Station, where high-pressure and low-pressure ma- 
chines were separate independent machines, and the loss of one did 
not necessarily result in the loss of both. This, however, entailed 
more piping. 

Again, reheat and superheat control at Edgar were much 
simpler and more flexible since each boiler had both reheater and 
superheater, and there were three complete header systems—one 
for superheated high-pressure steam, one for high-pressure tur- 
bine exhaust, and one for reheated steam. Thus control could 
be obtained by varying the flow through reheater, superheater, 
and by changing firing rates in the various boilers, independently 
of machine loads, and steam was always available from the 
headers for cooling reheaters during start-up and trip-out conditions. 

In our modern reheat units, which are single-boiler single tan- 
dem-compound turbine installations, although we shall be faced 
with some of the author's trip-out problems, we shall not have to 
struggle with loss of synchronism between high-pressure and low- 
pressure elements. 

In reviewing the whole historical development of the use of re- 
heat and of improving the heat performance of the units, stress 
should be laid on the fact that this was not a one-man or one- 
company development. In the economic field, Professor 
Slichter believes one of our great advantages over Russia lies in 
the fact that in America business decisions are made by hundreds 
of thousands of executives under the stress of competition and 
cumulatively reach a much higher level of accuracy than when 
made by a single govermenta] organization. Similarly, develop- 
ments and decisions in the economical generation of power were 
made by hundreds of engineers in hundreds of companies of the 
industry, representing the users, the manufacturers, and the re- 
search men, both here and abroad. The writers have searched 
their files of early days and found a long list of engineers, ex- 
periments tried, patents obtained, records of successes and of 
failures. 

In the early days, the industry consisted of a group of vigorous 
men who kept in touch with progress through the societies. In 
the 1920's there was tremendous pressure to improve perform- 
ance. New York pioneered with large size; Milwaukee 
pioneered with pulverized coal, Boston pioneered with high pres- 
sure. Reheat, used in England in the North Tees Station in 1920, 
was incorporated in many of these units at American Gas, Boston, 
Chicago, and others. Even the regenerative-feed heating cycle 
was new, and its full utilization made an important contribution 
at this time. 

The results of industry-wide friendly rivalry, co-operation, and 
effort are shown not only by best plant curves so long dominated 
by Hartford’s mercury vapor and Milwaukee's sound design and 
superb operation at Port Washington, but by the actual result of 
the cost per kilowatt to the customer, which shows for the whole 
United States its unsurpassed record of continually lowered prices 
since the inception of the industry. All of us, from Jimmy Watt 
to our youngest member, can feel proud of this record. 


W. H. Rowanp.* Evidently from the figures mentioned in the 
paper, more than 40 per cent of the present AGKE System capa- 
bility is in reheat units and by 1954 this will increase to more 
than 65 per cent. 

The author mentions the smoothness of operation and control 
when the boilers are operating with positive furnace pressure and 
without the induced-draft fans in service. This same ex- 
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perience has been confirmed by the other companies operating 
boilers in a similar manner. 

In connection with restoring load following an emergency trip- 
out, the author mentions abandoning the interlock arrangement 
for firing coa] at reduced rate during this period because of the 
appreciable time lapse. In an effort to reduce the temperature 
shock to the turbine stil] further, it may prove worth while to re- 
light the oil or gas lighters during the outage period to keep al] of 
the several hundred tons of superheater and reheater metal near 
a 1000 F level. Even though this might require a vent line direct 
from the drum to the condenser to maintain the pressure within a 
suitable range, the quantity of saturated steam condensed would 
be negligible because of the short time involved. : 


AvuTHor's CLOSURE 


with Messrs. Moultrop and Orrok, but in the matter of recog- 
nizing that many have contributed to the development of the 
reheat principle, we are in absolute accord. The purpose of this 
paper as indicated in the abstract was to make contribution to 
the general historical record by reviewing experience on the 
AG&E System. 

It would be a tremendous undertaking, beyond the scope of 
an ASME paper, to attempt to describe the work of all associated 
with the development of the reheat cycle. It would, indeed, be 
presumptuous for an engineer associated with one organization 
to attempt, unsolicited, to describe the underlying philosophy of 
another organization's designs. Comparisons with the designs 
of other organizations are omitted until such comparisons are 
invited or suggested by the discussers of the paper. Public com- 
parisons, under these latter circumstances, are most proper. 

Messrs. Moultrop and Orrok have described the manner in 
which reheat installations were incorporated into the Edgar 
Station. The author found their comments very interesting and 
is in agreement that a maximum of flexibility and stability is 
obtained under circumstances where the low-pressure reheated 
steam can be supplied to an existing low-pressure header which 
is also supplied, if necessary, by existing low-pressure boilers. 

In the case of the first AG&E reheat installations at Philo and 
Twin Branch, both new plants, there were no existing low- 
pressure headers or low-pressure boilers to which connection 
could be made. In these circumstances, the economic justifica- 
tion of any plan to build low-pressure boilers to provide flexi- 
bility for a high-pressure reheat installation would have been 
impossible. Studies and discussions with the boiler and turbine 
manufacturers indicated that all that was required for reason- 
able reliability was a tying together of the primary steam headers 
(in instances where two similar units were being installed) and 
provision for operating the turbines with the reheat boilers out of 
service. These provisions, economically justifiable, were made. 
The reliability record of these early units stands as testimony to 
the correctness of the decisions made some twenty-eight vears ago. 

Regarding the contro! of steam temperatures, it was our practice 
in the early designs to control superheat and reheat temperature 
in separate boilers. As indicated in the paper, three boilers were 
provided for primary steam generation with a fourth boiler func- 
tioning as a reheater for all. This arrangement required a mini- 
mum investment in boiler plant and piping. Apart from cost 
considerations, this arrangement eliminated the need for a fine 
balance of superheat and reheat temperatures in the same unit. 
This fine balance would be particularly difficult to maintain dur- 
ing periods of operation with wet coal or under conditions in 
which slag deposits were changing. 

These are some of the reasons for the technical differences be- 
tween AG&E installations and those of the Boston Edison Com- 
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— » with the new 81,250-kw 1450-psi 
= _-- F/1000 F reheat unit at Edgar Station is compared with 
operation of earlier reheat units. No operating difficulties 
have been experienced with reheat at this station during a 
> year period. Availability of earlier units was lower than 

that of the new unit. Increased reliability is a large con- 

tributing factor toward renewed interest in reheat. 


INTRODUCTION 


HE reheat cycle has been in use at Edgar Station since the 
year 1925. The first installation was a single boiler with 
high-pressure topping turbine which exhausted into ex- 
isting 350-psi condensing turbines. The exhaust from the high- 
_ pressure turbine was at a temperature of only a few degrees above 
_ the saturation and, therefore, had to be reheated before it could be 
used in the existing 350-psi turbines. This reheating was ac- 
complished by means of reheater surface located in the second and 
third passes of the high-pressure boiler. The second addition was 
completed in 1929, and consisted of one more 350-psi 725 F con- 
_ densing machine, two 1200-psi 700 F topping turbines and four 
- 1400-psi 750 F/750 F reheat boilers. This so-called second ad- 
_ dition was a departure from the unit system and was cross-con- 
nected at the 1200-psi level, the high-pressure-turbine exhaust 
level, and at the 350-psi main steam header which supplied all of 
the 350-psi turbines. The steam flow through the individual re- 
heaters was regulated by means of motor-operated regulating 
valves on the outlet of each reheater. The temperature regulation 
was accomplished manually by the boiler-room personnel as re- 
- quired to maintain optimum steam temperatures. The third ad- 
dition to this station returned again to the unit system and was 
started up in August, 1949. This paper will describe operating 
experience with this new 81,250-kw, 1450-psi, 1000 F/1000 F re- 
heat unit and will refer only to the older units for comparison. 

A comparison of the older part of this station with the new 
should serve to point out some of the advances that have been 
made in power generation with steam, especially as to the relia- 

bility of new designs. The progress that has been made and is 
still being made bespeaks the confidence that has been and is being 

_ placed in the engineer. Quoting from the fourth James Clayton 
Lecture that was given by one of the Past Presidents of the So- 

- ciety: “When any new engineering project is now proposed, its 
validity and eventual success is seldom questioned. Faith in the 
engineer has been established because of his recognition of known 
 facts.’"? Faets as well as ideas and opinions become better 
_ known through the activities of the Society. The recent Sympo- 


' Assistant Chief Engineer of Steam Stations, Boston Edison Com- 
pany. Mem. ASME. 

?“*Invention and Sifting Out Engineering Facts,” by E. G. Bailey, 
Proceedings of The Institution of Mechanical Engineers, vol. 160, 
1949, pp. 196-207. 

Contributed by the Power Division and presented at the Annual 

_ Meeting, Atlantic City, N. J., November 25-30, 1951, of Tue Amenri- 
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at Edgar Station 


By H. E. STICKLE,’ BOSTON, MASS. 


sium on the Reheat yele most number of in- 
teresting matters to the attention of the engineers who design 
our new units, 
Brier Description or Unit 4 


The new unit, hereinafter called Unit 4, was designed on the 
unit system with a single boiler arranged to supply only its ac- 
companying turbine. The turbine is a three-cylinder tandem- 
compound, double-flow exhaust, 3600-rpm turbine with a guaran- 
teed maximum output of 81,250 kw. The 1450-psi 1000 F steam 
is supplied through six governor-controlled valves. The steam 
goes back to the reheater section of the steam generator after 
passing through the 18th-stage blading and is reheated to 1000 F 
before returning to the intermediate-pressure cylinder of the tur- 
bine. There are five stages of regenerative feedwater heating 
which raise the feed to a final temperature of 435 F. The steam- 
generating unit is of the two-drum radiant-furnace type, equipped 
with primary and secondary superheaters, a reheater, an econo- 
mizer, and two regenerative-type air preheaters. The boiler unit 
can be fired with either pulverized coal or oil. Further details of 
the unit vill be discussed later in the paper. 


STARTING AND Sroprinc Procepures 


The starting up of a reheat boiler is no different from the 
starting up of a nonreheat boiler. From the operating engineer's 
standpoint, the inclusion of a reheater in the unit results in only 
one more temperature to watch and to do something about when 
and if required, If the design engineer has provided suitable indi- 
cation of this temperature and suitable means for controlling it 
the incremental complexity due to reheat is practically nil, The 
inclusion of a reheater adds far less to the anxiety of the operating 
engineer than the inclusion of a number of new or untried gadgets 
that so often find their way into the design of a power plant. 

A typical starting and stopping cycle for Unit 4 has been in- 
cluded in the Appendix so that the reader may draw his own con- 
clusions concerning the additional complication resulting from re- 
heat. 


Comparison oF Earty Reneat Unrrs Wrrn Unit 4 


In order to realize the savings in the heat rate of 4 to 6 per cent 
which has been attributed to the reheat cycle,’ the unit must have 
a high load factor, In other words, in order to pay the fixed 
charges on the added investment, the unit must be available to 
run during a high percentage of the load-hours of the year. The 
availability of the earlier reheat units at this station was not as 
high as that of Unit 4. The type of fuel-burning equipment used 
was the largest single factor responsible for the lower availability. 
A brief description and a few comments concerning this fuel- 
burning equipment will help to clarify the meaning of availability 
although it does not have any direct bearing on the reheat cycle. 

The fuel-burning equipment consisted of underfeed stokers 
that were 45 tuyéres long and 16 retorts wide having a projected 
grate area of 540 sq ft. The combustion air was supplied through 
tubular air preheaters that brought the temperature of the air up 
to 400 F. The main cause of outage was to repair the grates and 


* “Symposium on the Reheat Cycle,” Trans. ASME, vol. 71, 1949, 
pp. 673-749. 
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supporting ironwork under the grates, The grates or tu- 
yeres would fuse together during the operation of the boiler 
which would block off the air supply to the fuel bed and make it 
necessary to take the boiler out of service. The 400 F air was the 
only cooling provided for these tuyéres and when the clinker formed 
over the tuyere in one section of the fuel bed, the cooling air would 
be directed to other sections thus robbing the clinkered section of 
all cooling, The heat from the fuel bed above would then soak 
down into the iron and fuse it together. It was found to be 
practically impossible to maintain the fuel bed in a uniform thick- 
ness at all times so that clinkers would not form, The 400 F air 
together with the large projected grate area were major factors 
contributing to the formation of the elinkers, 

It was because of the low availability of these boilers that full 
advantage of the reheat cycle was not obtained at Edgar Station 
until the system load had increased enough to make it necessary 
to add more capacity to the system, This increase in capacity was 
added to Edgar Station in 1938, by rebuilding the four high-pres- 
sure boilers, The capacity of each boiler was increased to some 
extent by adding larger fans and higher-capacity fuel-burning 
equipment but the major increase of capacity was the increase in 
dependability. 

Prior to rebuilding, the operating records were searched to de- 
termine all of the causes of outages and every known improve- 
ment that was possible to include was incorporated in the rebuilt 
units, The results of this rebuilding have been entirely satisfac- 
tory in that these boilers have been available to carry load during 
a large percentage of the total load-hours of the past 12 years. 

Through the combined efforts of the manufacturers’ engineers 
and the engineers of operating companies, the availability of all 
power-plant equipment has been improved considerably during 
the past 25 years, 

The Reheat Symposium chairman pointed out in his discussion‘ 
two or three reasons for the revived interest in the reheat cycle, 
The author would like to suggest that the increased reliability 
that is being built into present-day power-plant equipment is in no 
small way responsible for the increased interest in the more effi- 
cient power-plant cycles. This is based on the proposition stated 
earlier in the paper that in order to realize the savings inherent in 
the reheat cycle, the unit must have a high availability. 


PERFORMANCE oF Unit 4 


This unit is rated at 81,250 maximum and has demonstrated 
that the temperature of both the 1450-psi steam and the low- 
pressure reheated steam can be maintained at the design value of 
1000 F at full load with oil being burned with a minimum of ex- 
cess air, In order to maintain the reheat-steam temperature, the 
burners are operated in the maximum tilt upward position part 
of the time and well above the horizontal position at all times. 
The superheaters are of such a design that when the reheat tem- 
perature is at 1000 F, the superheated steam must be desuper- 
heated, This desuperheating is done in # vertical chamber located 
outside of the boiler casing at a point in the flow stream between 
the primary and secondary superheaters. The desuperheating is 
accomplished by spraying water into the steam within this verti- 
eal chamber, In view of the fact that the feedwater chemicals are 
added in the deaerator storage tank, the desuperheating water is 
taken from the deaerating section of the heater above the storage 
tank and is pumped to the spray nozzles by special steam-driven 
reciprocating pumps that were installed for this purpose, These 
pumps have been a source of considerable annoyance. They have 
required packing frequently and at times of low load when very 
little water is required their control has been unsatisfactory, 
Changes are being made to obtain the desuperheating water from 


* See footnote 3, discussion by Philip Sporn, p. 735. 
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the boiler-feed line. These changes should cure the difficulties 
with these pumps permanently because after these changes have 
been made, the pumps will be used for emergency supply only. 

The required outages of Unit 4 have been of such a nature that 
almost all could be scheduled in periods of low load. The main 
cause of outage was the fouling of the air-preheater elements 
caused by the low exit-gas temperatures and the high dew point of 
the combustion gases, Up to early in 1951, it was necessary to take 
the unit out of service at intervals of 5 to 6 weeks to wash the air- 
preheater elements. Since then this has been unnecessary because 
of better methods for cleaning the elements periodically. The new 
method of cleaning consists of burning coal for 1 hr each week, and 
inunediately thereafter blowing the air preheaters with steam 
through a blower furnished by the heater manufacturer. This 
blower oscillates in an arc across the top of the air-preheater 
elements. The blower had been used before, but the weekly 
1-hr period of coal firing prior to the use of the blower apparently 
furnished enough ash to give the blowing operation a scouring 
action that to keep the clean for 
extended periods, 

Only «a few of the performance figures have much significance 
owing to the short time the unit has been operating. These are 
listed in the following table for the year 1950: 


was necessary heater 


10250 
88.87 
88 87 
92 08 
3.00 


Btu per net kwhr 

Capacity factor, per cent 

Load factor, per cent. . 
Availability factor, per cent 
Per cent make-up estimated ... 


The heat rate is the total heat fired to the furnace plus heat in 
the auxiliary steam taken from the older part of the station, 
divided by the total net output for the year. No accounting was 
made of small amounts of heat added or subtracted from the 
eycle resulting from changes in the make-up water temperature 
and changes in the combustion-air temperature. 

The capacity factor is the total gross generation in kilowatt- 
hours divided by the product of the number of hours and the 
capacity. 

The load factor is the average load carried during the year 
divided by the peak load. 

The high percentage of make-up is made up of about '/, per 
cent blowdown and 2'/; per cent unrecoverable condensate from 
steam used for soot blowing, steam-jet air ejectors, desuperheat- 
ing water pumps, and for heating and atomizing fuel oil. The 
contemplated changes in the supply of desuperheating water 
should reduce this figure materially, 

The availability factor is the ratio of the hours of operation to 
the total hours in the year 1950. An outage of 269 hr occurred 
during the summer when the boiler was taken out for annual in- 
spection (a requirement in Massachusetts). 

Less than a month after the unit first started, a forced outage 
occurred that lasted for 757 hr. This outage was in the year 1949 
and is not included in the foregoing figures but is worthy of men- 
tion. The outage was initiated by the tripping of the main 
solenoid-operated fuel-oil valve. This valve is actuated normally 
by loss of the fans or by a drop in fuel-oil pressure to a value below 
that for safe ignition conditions, Neither condition is believed to 
have existed at the time. Inadvertent tripping of this valve is 
the probable cause, workmen having been in the vicinity of the 
pressure switch at the time. 

The coal-burning equipment was not in service, and about 9 
minutes after the solenoid valve tripped, the turbine throttle was 
tripped. The fires were relighted and the turbine turned again 
under steam in 23 minutes previously having been on the turning 
gear. The unit was not returned to service because excessive 
vibration developed after the turbine had been turning with 
steam for a short period. It was found that the turbine shaft was 
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bent. The total runout, at the test point between No, 2 bearing 
and the low-pressure packing of the high-pressure spindle was 
about 10 mils. The turbine was kept turning with the turning 
gear for a period of about 30 hr in an effort to straighten the shaft. 
Since this turning did not help the runout, the high-pressure spin- 
die was sent back to the factory to be straightened. 

The cause of the inadvertent tripping was determined and suita- 
ble guards and braces were installed around the pressure switch 
to prevent recurrence but the true cause of the bent shaft is still 
undetermined. Several theories have been advanced but none 
provides too satisfactory an explanation. All of the theories are 
based on incidents that are assumed to have happened at the 
same time for which no definite proof is available. It seems safe 
to assume that the reheat cycle was not responsible because the 
bent shaft was confined to the high-pressure spindle. 


CONCLUSION 


Reheat has been in use at Edgar Station for over 25 years and 
no operating difficulties have been experienced that can be at- 
tributed to the reheat cycle. With the increased reliability being 
built into power-plant equipment today, analyses of the economics 
of various cycles may be approached with confidence that the ex- 
pected return on the additional investment wil] be obtained. 


Appendix 


Procepure ror Unit 4 


For the purpose of describing the starting as well as the stopping 
procedures the valves wil] be numbered as follows: 

1 Throttle valves. 

2 Interceptor valves: These valves act as emergency stop 
valves for the intermediate- and low-pressure end of the turbine 
and are necessary because of the large volume of steam in the re- 
heater and connecting piping. These valves serve the same pur- 
pose as the throttle valves on the low-pressure machines of cross- 
compound units. 

3 By-pass valves: There are two of these in parallel. One is 
automatic and will be designated 3a and the other is manually 
operated and will be designated 3m. They are located in a start- 
ing line which by-passes the superheater and the high-pressure 
turbine and carries steam from the boiler drum direct to the re- 
heater inlet. 

4 Nonreturn valve: This valve is located in the exhaust line 
from the high-pressure cylinder and is held closed by air pressure 
when valve 3a is open. This prevents the admission of steam to 
the high-pressure cylinder via the exhaust connection. 

5 Dump valve: There are two of these valves also and the 
automatic one will be designated 5a and the manually operated 
one as 5m, These valves are in parallel and located on the re- 
heater outlet for the purpose of venting it to the atmosphere. 
There are also safety valves on this line that accomplish the same 
purpose but at a slightly higher pressure. 

Before lighting the fire in the boiler, the throttle valves (1) are 
closed, the superheater and reheater drains are opened, the valve 
(3m) is opened slightly, and the valves (2) are open. 

One or two oil torches are lighted as required to bring the 
drum pressure gradually to 400 psi over a period of 3hr. During 
this 3-hr period the superheater and reheater tube temperatures 
are observed frequently to keep them below 1000 F. Two selec- 
tors with indicating instruments are provided on the boiler gage 
board. Each selector switch is connected to 12 thermocouples 
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evenly spaced across the superheater and reheater elements. One 
selector is connected to the twelve thermocouples on the super- 
heater and the other is connected to the 12 thermocouples on the 
reheater. The superheater-tube temperatures are controlled by 
adjusting the drain valve, and the reheater-tube temperatures are 
controlled by adjusting the reheater drain and the valve (3m). 

When the pressure is at 400 psi, the throttle valve (1) is opened 
enough to speed the turbine off the turning gear. When the tur- 
bine is turning, the rate of firing is increased gradually at a rate 
sufficient to bring the turbine to speed in 2'/,; hr. As soon as suf- 
ficient flow is established through the cycle to maintain the tube 
temperatures below 1000 F, the superheater and reheater drains 
and valve (3m) may be closed. 


Srorrinec Procepure 


When all of the load has been removed and the generator 
tripped off the bus, the unit may be shut down quickly by tripping 
the throttle with the overspeed device manually, This closes the 
throttle valve (1) and the interceptor valves (2). The closing of 
the interceptor valves (2), opens by-pass valve (3a) and dump 
valve (5a) and closes nonreturn valve (4). Open valves (3m) and 
(5m) and close valves (3a) and (5a). Open the superheater and 
reheater drains and proceed with the normal routine of shutting 
down the air ejectors, pumps, opening the casing drains, and so 
forth. 


SroprinGc Procepure 


A by-pass valve is provided that allows steam to flow from the 
exhaust of the high-pressure cylinder to the intermediate-pressure 
cylinder. This valve is opened manually and is closed auto- 
matically by the overspeed device of the emergency governor, 
For the purpose of this discussion this valve will be designated as 
valve (6). 


In the event that the unit should drop allor most of itslond the = 


following procedure should be used : 
Since the main governor speed changer is in such a position that 
no-load speed is higher than 3600 rpm, the speed of the unit will 


trol of the unit wil) be taken over by the auxiliary governor which 
will act to close the governor valves. Should the speed continue 
to increase to 3700 rpm the interceptor valve (2) will start to clese 
and at 3725 rpm the valve (2) will be closed and valves (3) and (5) 
will open and valve (4) will close. From this point the normal 
procedure for shutting down should be followed. “4 
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Station Design With Cyclone-Fired 


Steam Generators 


By H.C. 

The need for finding better methods of burning Central 
Illinois coal led to the cyclone-furnace development. Suf- 
ficient operating experience has been gained since the first 
cyclone-fired steam generator was installed, as well as with 
numerous installations of recent years. Station design 
for cyclone-fired steam generators is treated in this paper 
as well as engineering design features of the installations 
now in operation. Consideration is also given to units in 
process of design and construction. 


HE development and early operating experience with a 
" [ evetone See steam generator were described in a paper by 

A. E. Grunert, L. Skog, and L. 8. Wilcoxson,? before the 
ASME in 1946. This paper listed the aims, advantages, and 
savings that might be achieved with this type of furnace. It 
described the fundamental principles involved and the expe- 
riences to that date by tests on two pilot-plant models (one 3-ft- 
diam cyclone and one 5-ft-diam cyclone), and following these 
experimental units, the installation of a development unit at 
the Calumet Station of the Commonwealth Edison Comp- 
any. 

Since that paper was presented, a number of installations have 
been made and much valuable experience has been gained with 
this type of furnace. 

Two current papers continue the story of the engineering 
designs of the various installations, the operating experiences, 
and the results attained. One of these is by V. L. Stone of 
the Commonwealth Edison Company and I. L. Wade'of the Public 
Service Company of Northern Illinois. 

This paper deals with station design where cyclone-fjred steam 
generators are used, and it will describe the engineering design 
features of the installations that are in operation, and also those 
in the process of construction or design. 

The principal factor that led to the development of the cyclone- 
type furnace was the need for finding better methods for burning 
Central Illinois coal. This coal is high in ash and sulphur and 
has a low ash-fusion temperature. Its burning characteristics 
are such that research for improved methods of burning was a 
necessity, and, therefore, led to the cyclone-furnace develop- 
ment. Previous methods of firing permitted a much larger 
percentage of ash to pass through the heat-absorbing sur- 
faces. 


! Partners, Sargent & Lundy. Mems. ASME. 

“The Horizontal Cyclone Burner," by A. E. Grunert, L. Skog, 
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“Operating Experiences With Cyclone-Fired Steam Generators,” 
by V. L. Stone and I. L. Wade, Mecuantcat ENciIneertne, vol. 74, 
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ComMMONWEALTH CoMPANY 


Cavumet Sration 


The caine and early developments of the cyclone, inclu ae 
the first steam generator, known as Boiler 20A, at Calumet 
Station of the Commonwealth Edison Company, in Chicago, 
were covered in detail in the 1946 paper.* It might be mentioned 
here that Boiler 20A is still giving very satisfactory service to- 
day. The success of the horizontal cyclone warranted the in- 
stallation of a vertical cyclone on Boiler 22 at Calumet Station. 
This boiler has a capacity of 300,000 Ib of steam per hr at 350 psi 
and 650 F. The final design had a vertical cyclone 6 ft diam on 
one side and pulverized-coal and gas firing on the other side. 


Fig. 1 Cross Section or Borter No, 22 at Cacumer Station 

The vertical cyclone was fired tangentially at the top, the 
molten slag being removed continuously from a tap hole in the 
bottom of the cyclone and with the gases passing in a horizontal 
direction from the bottom portion through a water-cooled vesti- 
bule into the existing furnace of the unit. The original installa- 
tion did not give the coal the same cyclonic action as in the hori- 
zontal cyclone. Also, the slag did not stick to the side walls to 
help the combustion of the coal. Various changes were made in 
the shape and location of the inlet scroll, but after 4 years of 
experimenting, without too much success, it was decided to rein- 
stall the pulverized-fuel-burning equipment. We are in hopes 
that The Babcock & Wilcox Company will continue working on 
the vertical cyclone in its laboratories, as we feel that it could 
be adapted to existing boilers where objectionable atmospheric 
pollution is a problem, without rebuilding the whole boiler room. 


Pusuic Service Company or NorTaHern 
Wavkecan No. 13 


Boiler No. 13 in the Waukegan Power Station of the Public 
Service Company of Northern Illinois is one of three 
boilers that were installed in 1929 with turbine-generator 
unit No. 4, which is a 65,000-kw reheat unit. Boiler No. 11 
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is a reheat type and boilers Nos. 12 and 13 are standard steam- 
generating units, each having a capacity of 300,000 |b of steam per 
hr at 675 psig steam pressure and 760 F total temperature. 
Boilers Nos. 11 and 12 are equipped with Fuller (B&W) coal 
pulverizers and the third boiler (No. 13) had three Bethlehem 
mills, These mills were in regular operation from 1929 until 
1948, and had reached a state that required heavy maintenance. 
Therefore this boiler was chosen for the installation of cyclones 
for the purpose of studying this method of firing, and in partic- 
ular, the reduction of fly ash in the flue gases. 

It was originally intended that this boiler be equipped with 
two vertical cyclones, but as the early experience with this type 
of cyclone on boiler No. 22, Calumet, did not come up to expec- 
tations, it was decided that the installation for boiler No. 13, 
Waukegan, should not be and to proceed with the 
horizontal type. 

This was the first commercial installation of multicyclones 
on an existing boiler furnace, and since there has been much 
interest displayed in the possibilities of modernizing existing 
boilers by fitting them with cyclones, this paper gives a rather 
complete description of the problems and changes that were 
involved 


delayed, 


The boiler is a Babeock & Wilcox cross-drum type with econ- 
omizer and air heater, quite typical of the design used at that 
time. The conversion from pulverized-coal firing to cyclone 
firing required, of course, the removal of the old equipment, 
such as the pulverizers and their feeders, the exhausters, burners, 
piping, and the forced-draft fan 

Fig. 2 shows the boiler as it looks after being fitted with ey- 
clones 
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Fic. 2 Cross Section or Botter No. 13 at WAUKEGAN STATION 


The new equipment purchased for the cyclone installation 
consisted principally of the following: 


One coal crusher for preparing coal to cyclone size. 

Two screw-type feeders 

Two cyclones 

Two blowers for supplying combustion air and creating the 
turbulence required for cyclone firing. 

One slag tank 


In addition to the installation of this equipment, many parts 
of the boiler unit were rebuilt, and some building structural 
changes were also required. A list of these item is as follows: 


1 Conveyer and building changes for installation of the coal 


crusher in the breaker building. This location was chosen for 
the coal crusher because there was space available, and also for 
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the purpose of confining coal preparation in this one building. 

2 The original coal bunker was arranged with three spouts 
for the three pulverizers and was changed for two feeds (one for 
each cyclone), in order to eliminate a dead pocket. 

3 Furnace waterwalls were rebuilt. A new front wall was— 
required for the installation of the two cyclones and for the slag 
screen, and the other walls were rebuilt to conform to present-day 
construction, in order to make them more reliable. The rebuild- 
ing of these walls also involved the installation of new insulation 
and a casing for the furnace areas. The original two slag-tap 
openings were rebuilt in the rear wall. ot 

4 A new furnace floor was installed to convert the method | 
of removing molten slag from intermittent tapping to a contin- — 
uous system. The slag tank, which was installed for receiving _ 
the slag, presented a difficult problem because of the limited head- _ 
room under the boiler-steel supports. It was necessary to locate 
the tank at the rear of the boiler, which did not lend itself to the 
best design for the flow of slag from the furnace to the tank. — 

5 The water-circulating system of the boiler was rebuilt, ‘1 cor 
and extensive additions were made because the existing low — 
head was not sufficient for the rapid circulation required by arr a 
cyclone furnace, 

6 On account of additional heat absorption in the cyclones — 
and in the lower part of the furnace, a row of steam- generating ac 
tubes was removed, in order to maintain steam temperature. "e 

7 The air-heater casing was reinforced with stiffeners and _ ae 
tie bars to withstand the 50-in. pressure developed by the two a 
new blowers. The air-heater tubes were rolled in both tube — ‘ 
sheets, in order to minimize air leakage, and this required the 
installation of an expansion joint in the casing. . 

8 Air ducts were reinforced for the higher air pressures. 

9 New galleries were installed to suit the new levels re 5 a 
quired for the cyclones and the slag tank. C's 

10 Complete new control wiring, a new combustion-control nd 
system, and a new gage board with new instruments to suit ae 7 
the new draft conditions,and so forth, were installed. Ag 

11 The electrical system required fewer metal-clad swite hes 
because of bus equipment, but it was necessary to change the = 
current transformers for the higher requirements of the blowers. , 2 

12 In connection with all of the foregoing items, there were 
many alterations to building steel and conerete floors 


The same slag and soot-blower equipment which was used with 

pulverized-coal firing proved to be adequate for keeping the boile a 

clean after conversion to cyclone firing. , 
The installation of the cyclones in this boiler served its purpose 

for obtaining experience with this method of firing, and it is also 


available for trying out new features. At the present time a 
new design of serew-type feeder is being installed, which, if 
successful, will have some advantages over the apron-type feeder. 

This installation was experimental and cost was not the prin- 
cipal consideration. It was unfortunate that the installation 
could not have been made with vertical cyclones as originally 
intended, as this undoubtedly would have resulted in a much 
lower cost. However, the conclusion from this installation shows 
that, for the modernization of existing boilers, a careful study 
should be made beforehand of the costs involved, not only for 
the new equipment but for the changes that might be required 
because of existing conditions. 


CoMMONWEALTH Epison CoMPANY 
Fisk Sration-——Untr No. 18 


The next installation was unit No. 
Commonwealth Edison Company. This was in the spring of 
1949. The installation consisted of two 750,000 Ib per hour 
1250 psi, 935 F steam generators. Each generator is fired by 
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four 8-ft-diam horizontal cyclones. The principal auviliary 
equipment for each boiler consists of the following: 


Two motor-driven blowers with vane control. 
Two motor-driven induced-draft fans with vane control. 


Fig 3 shows how the coal handling had to be adapted to the 
existing bunker installation. Vertical coal conveyers, transfer 
hoppers, and coal crushers had to be installed for each cyclone. 
One of the most perplexing problems of this installation was the 
design of a satisfactory gallery system to take care of the initial 


soot blowers, as well as the additional blowers installed after 
going into service. Mechanical dust collectors were installed 
on these units which fitted very well into the design, but owing 
to the greater proportion of finer fly ash than was expected, 
the performance was not up to expectations, 


an Service Company or NorTHern 


Station—Unirt No. 5 


In January, 1950, two cyclone-fired boilers were placed in opera- 
tion by the Public Service Company of Northern Illinois, in 
connection with the installation of unit No. 5, a 107,000-kw 
turbine generator, for the Joliet Power Station. Fach boiler has 
a rating of 600,000 Ib of steam per hr at 1325 psig, total tempera- 
ture of 1010 F at the superheater outlet, and feedwater 
temperature to the economizer of 450 F. The three 8-ft cyclones 
on each boiler are arranged for natural-gas firing, as well as for 
coal. Joliet boilers Nos. 3 and 4 are shown in cross section 
in Fig. 4 

The principal auxiliary equipment for each boiler consists of 
the following: 


Two motor-driven blowers with vane control. 
Two motor-driven induced-draft fans equipped with hydraulic 
couplings for variable-speed operation 


The boilers were installed in an extension to the present build- 
ing, but the shape of the property limited the size of the extension 
on one side to such an extent that the cyelone-fired-type boilers 
fitted into the space available better than pulverized-coal- 
fired units. 

No dust precipitators were installed with these boilers, be- 
cause of the lower quantity of fly ash, and because of the fact 
that the power station is located well outside the city. The 
present pulverized-coal-fired boilers in this station have no 
dust precipitators. 


+ 
NortTuern Inp1ana Pusiic Service Company 


Micaican Crry GeneRaTIne Station 


The Michigan City installation includes three 375,000 Ib 
per hr boiler units, each with two 8-ft-diam cyclones, which, 
in so far as design is concerned, are duplicates of the cyclones 
installed at Fisk and Ridgeland. The boiler design is for 1325 
psi, 960 F superheater-outlet conditions, with 395 F feed and 
325 F exit-gas temperature. These three boiler units will supply 
steam to two 70,000-kw, 1250-psi, 950 F turbine generators. 

The first of these turbine units has been in operation since 
October, 1950, and the second unit was due to be completed 
late in 1951 

The unit operated for 2'/; months on one boiler before the 
second was completed. During this time the steaming capacity 


ranged between 375,000 and 425,000 Ib per hr for 14 br per day. | 


The coal burned at this station is 80 per cent Indiana fifth 
vein mixed with 20 per cent Central Tilinois coal, and this has 
given no trouble from plugging or slag deposits. The blowers 
in the superheater section are operated twice a day and others 
only once a day. 

In February, 1951, the second boiler was put into operation, 
and the third boiler was completed in May, 1951. Since that 
time, two boilers have been on the line with the one turbine unit, 
and the steam load on each does not exceed 280,000 Ib per br. 
Operation at these lighter loads has also been satisfactory. 


Wisconsin Power anp Licut Company 
Epcewater Power Station 


This installation is a 600,000-lb per hr unit, which was put 
into operation during the summer of 1951. It is fired with three 
8-ft-diam cyclones, similar to the installation at Joliet. The 
steam conditions at the superheater outlet are 1325 psig and 
960 F. The turbine is a 60,000-kw unit, with final feedwater 
temperature of 405 F at rated load. 

Coal burned at this power station comes principally from south- 
ern Illino‘s. Crushing for cyclone burning is done in a coal- 
handling building extension exterior to the power station. 

At the time of writing this paper, the boiler had been in service 
only a few weeks and therefore there has been insufficient 
experience to report on operations. 
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ComMMONWEALTH Ep1son Company 
RipGe Sration—Units No. 1 


The design for units Nos. 1 and 2 at Ridgeland Station © was 
very interesting, as we could start from scratch and not worry 
about fitting a unit into an existing area or an extension to a 
station. Two cyclone-fired generators, each with a capacity of 
730,000 Ib per hr, 1800 psi, and 1050 F steam were installed for 
each of the two 150,000-kw turbines. These boilers are all 
cross-connected. The first two boilers went into service during 
the fall of 1950, and the second two in the spring of 1951. The 
principal auxiliary equipment for each boiler consists of the 
following: 


Two motor-driven blowers with vane control. 

Two motor-driven induced-draft fans with 
These units are shown in cross section in Fig. 5. 

The new-type slag screen and a full complement of blowers 
were installed on these generating units. It was felt that the 
slagging of the superheaters could be eliminated by blowers, 
and to avoid possible points of air leakage, no provisions were 
incorporated for hand-lancing of the superheater sections. As 
shown in Fig. 5, a bin system is used for storing the crushed coal. 
The coal scales and feeders are located between the bunker 
outlets and the cyclones. There are four 8ft cyclones per 
generating unit. These units are equipped with electrostatic 
precipitators, which are much more efficient with fine fly ash than 
the mechanical type. 


corporates single boiler, single reheat-turbine units, with no 
cross-connections. Each of the steam generators has a capacity 
of 1,100,000 Ib per hr, 1800 psi, 1050 F at the superheater outlet, 
and 1000 F reheat steam. Each generating unit is equipped 
with six 8ft cyclones and a coal-handling system similar to 
units Nos. 1 and 2, except that the coal scales have been elimi- 
nated. Fig. 6 shows a cross section of the boiler. 

These generating units have pressurized c , but induced 
draft fans are included in the design. The expected increase 
in boiler efficiency with the tight casing should more than offset 
the increased cost. The design of the draft system is such that 
the induced-draft fans may be removed if operating experience 
indicates that they are not necessary. In order to get the reheat 
temperature of 1000 F, it was necessary to put the secondary 
superheater in the radiant section of the furnace. This section 
is made up of the tubes arranged in platens hanging down 
through the furnace roof. In the upper section the platens are 
spaced 18 in, apart, and the lower section on 3-ft centers. Ade- 
quate provision is made for hand-lancing the superheater 
platens. This is a radical change from the previous designs, 
and to get some operating experience, three platen sections have 
been installed in the No. 1 boiler at Ridgeland. After several 
months’ experience, it has been found that slag builds up on the 
lower section of each platen. The slag is easily removed with 
a hand lance. Air soot blowers are being installed to determine 
their effectiveness in keeping the platens clean. The reheat 
and primary superheater elements are in the convection section of 
the boiler. 

To keep the reheat temperature up at low loads, gas will be 
recirculated from the economizer outlet back to the primary 
furnace. 

Another feature incorporated in the design is the use of tem- 
pering gas at high generating loads to prevent build-up of slag 
in the superheater sections by lowering the gas temperature 


vane control, 


CoMMONWEALTH Ep1son CoMPANY 
RipGELAND Station—Unrrts 3 4 


The design for units Nos. 3 and 4 at Ridgeland Station in- 
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entering the secondary superheater. The same fans used for re- 
circulating gas for reheat control at low loads are used for 
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supplying tempering gas at high loads. This tempering gas is 
admitted all across the front of the secondary furnace just below 
the superheater platens. To obtain operating experience with 
this tempering gas, a similar duct system has been installed on 
one of the Fisk boilers. At the time of this writing the fans 
have not been delivered, but a temporary connection to the 
hot-air outlet has been made, and experiments with air are being 
conducted until the fans are installed. After several weeks of 
operation, the results, while still of a preliminary nature, are 
encouraging. 


Pus.ic Service Company or NorTHERN [LLINoIs 
Wavuxeaan Stration—Unirt No. 6 


The installation of turbine unit No. 6, a 110,000-kw turbine 
generator of the reheat type, and a steam generator with four 
9-ft-diam cyclones, having a capacity of 830,000 Ib per hr, are 
now nearing completion in the Waukegan Power Station for 
the Public Service Company of Northern Illinois. This will 
be the first installation of a reheat-type boiler with cyclone firing. 
A cross section of the boiler room and steam-generating unit is 
shown in Fig. 7. 

Steam-operating conditions and the main features of the in- 
stallation are as follows: 


Pressure at superheater outlet. . 
Steam temperature at superheater outlet “eh 
Steam temperature at reheater outlet . 


1850 
1010 F 
1010 F 


SECONDARY 
(-SUPERHEATER 


TANK 


Fic. 7 Cross Section or Borter No. 6 at WAUKEGAN Station 
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Recirculation of boiler gases is used to maintain steam tem-_ 
peratures at lower boiler ratings. There are two fans for this — 
recirculation which take gases from the exit side of the —_ ay i 
mizer and discharge them back to the furnace. 

Size of cyclones is increased from 8 ft diam as in previous oe 
installations to 9 ft diam. Auxiliary equipment includes the x 
following: 

Three motor-driven blowers with vane control. ‘ 

Two motor-driven induced-draft fans with hydraulic coup- a : 
lings for variable-speed operation. 


Pusuic Service Company or [Lanois 
Wit County—Unirs Nos. 1 anp 2 


Units Nos. 1 and 2 in the new Will County Station for — 
Public Service Company of Northern Illinois are in the early 
stages of design. Two 150,000-kw turbine units and two steam- 
generating units of the reheat type, each having a capacity of 
1,200,000 Ib of steam per hr have been purchased for supplying 
steam to the turbines at 1850 psig, 1050 F total temperature, 
and steam return to the turbine from the reheater at 1000 F. 

Each boiler will have five 9-ft-diam cyclones, and the furnace 
will be similar in design to those for Ridgeland Nos. 3 and 4, 
with all walls practically vertical to eliminate footings for slag 
accumulation and for better removal of slag by wall blowers. 

The design and location of the secondary superheater are also 
similar to Ridgeland Nos. 3 and 4. 


Typicat System 


Fig. 8 shows the general design of a coal-handling system such 
as is being used in new stations with cyclone-fired steam gen- 
erators. 

The coal comes from barges, car dumper, or storage on con- 
veyer belts to the breaker building. Breakers reduce the coal 
to aboui 1'/,in size, and this coal then drops into the crushers 
and is reduced to a maximum size of '/, in. Coal is conveyed 
then to the boiler bunkers, and thence to the cyclone furnaces. 

As a result of an explosion that occurred at Ridgeland Station, 
we have made, or are making, the following changes: 


1 All conveyer belts handling '/,in. or finer coal will be of 
the conducting type which has a high-carbon-content rubber 
coating in order to eliminate static electricity. 

2 All bunkers where '/,-in. or finer coal is stored will have 
continuous flow of fresh air through them. 


CONCLUSIONS 


We will review the conclusions of the 1946 paper,* and show 
how they apply to the larger-capacity, higher pressure and 
temperature, cyclone-fired steam generators. 


1 The ash-handling systems are no more complicated for 
cyclone than pulverized-coal-fired units. 

2 With less fly ash in the discharge gases, smaller dust col- 
lectors are required. Fig. 9 shows that for the same fly-ash 
concentration in the stack gases, the pulverized-fuel-fired 
boiler requires a much larger dust collector, and that more dust 
is passing through the heat-absorbing surfaces. 
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Fic. 8 Cross Section or Coat-Hanpiine System at Station 


\ 
pom rorcep oRaFT 
ar | } 
= 
ECON RECIRC 
aN 


TRANSACTIONS OF THE ASME 


~ 
A 


a. 


© FLY ASH COLL 
2436.8 
FLY ASH /HR 


BOREFF. 


' 


fo 
et 


10.456 LBS FLY, 
ASH/ HR 
. 
i 
\ 
(200.000 LBS STEAM /HR 
162 100 LBS COAL /HR 
ISBASHINCOAL 


(200,000 LBS STEAM/HR 
162.1 00 LBS COAL /HR 
ASH IN COAL 


Asn ann Fiy-Asu Versus Boers 


units has not been made, but it is hoped that this will become a _ 

possibility in the not too distant future. Smaller industrial boilers 

with cyclone furnaces are now operating successfully without i x 

induced-draft fans. 
Fig. 10 shows a comparison between the size of the boiler room 

for a pulverized-coal-fired boiler and a cyclone-fired boiler. — i 

The cyclone-fired boiler takes approximately 10 per cent less floor — 

area and 25 per cent less volume. This study was made for a 

boiler of 1,200,000 Ib per hr capacity at 1800 psig, 1050 F throttle 

temperature, and 1000 F reheat steam. The boiler is used with oh 

150,000-kw turbine-generator unit. Our estimate for the com- | = 

plete installation, including building and equipment, shows a 

saving of approximately $3 per kw in favor of the cyclone-fired © 

steam generator, which is considerably lower than the anticipated ¥ 

figures of $6 to $6.50 given in the 1946 paper. 


PULVERIZED FUEL BOILER 


CoMPARISON oF Srace Requirements —Cycione Botter 
Verses Borter 


Fie, 10 
Discussion 


3 The gases passing through the boiler sections contain less Ww 


Rowanp.* The authors have presented a fair and com- 
dust, but the dust with Central Illinois coal is of such com- 


position, high in alkalies, that it sticks to the surfaces. To date 
there has been no reduction in equipment and labor for cleaning 
the absorbing surfaces when burning Central Illinois coal. 
It is hoped that the use of tempering gas and other methods of 
cleaning will be successful and permit a reduction. 

4 The cyclone-fired steam generator permits the use of a 


prehensive evaluation of where the operation of cyclone-furnace 
boilers burning Kincaid coal stands today and of the differences 
in design between them and the new cyclone-furnace reheat units 
now on order. 

It is evident from this presentation that when burning Kincaid 
coal we have not yet reached one of our original objectives, — 
namely, to minimize the required cleaning of heat-absorbing sur- 


smaller unit for the same capacity, compared with other methods 
of combustion. 

5 The cost of preparing coal for burning, both from the power 
and maintenance standpoints, is considerably than for 
pulverizing coal. All of the troubles with coal conditioners out- 
lined in the 1946? paper have been eliminated, and they are now 
considered very reliable and give long service between overhauls. 

6 The elimination of induced-draft fans on the large generating 


faces. 

We will continue our development until this objective has been J 
attained, so that rightfully it can be added to the many other 
benefits which the cyclone furnace already offers for the more 
economical generation of power. 


less 


* Chief Engineer, The Babcock & Wilcox Company, New York, oe 
N.Y. Mem. ASME. 
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Effect of Velocity on Tensile Impact 


The history of impact testing of plastics is reviewed and 
the current theories of impact resistance are discussed. 
The effect of velocity on the energy absorbed by polymethy! 
methacrylate at various temperatures has been studied 
with the aid of two new testing machines. The results are 
interpreted in terms of the classical theories of mechanics 
of materials and the current theories of the rheology of high 
polymers. It is concluded that there are two distinct criti- 
cal velocities of straining in this material—the lower one 
corresponding to the relaxation of the bonds restraining 
chain-chain slipping and the higher one corresponding to 
the relaxation of the secondary bonds involved in chain 
uncoiling. Both of these relaxations are temperature 
dependent—the lower one to a slight extent and the upper 
one to a marked extent. Above the two critical velocities 
the response of the material is purely elastic. A method 
of calculating the energy to break at rates of straining 
above the second critical velocity from the slow-rate 

stress-strain curves is demonstrated. 


INTRODUCTION 


T HAS long been realized by engineers that some materials 
which exhibit great strength or toughness under static or low- 
rate tests will fracture easily when hit with a sharp blow. 
Some types of steels can withstand high loads and large elonga- 
tions in slow-speed tests but will fracture with a brittle or glass- 
like break when hit with a hammer blow. Perhaps the most 
striking example of this phenomenon can be demonstrated with 
ordinary pitch at room temperature. When pulled between the 
fingers at a slow steady rate it will flow like a liquid but when 
pulled rapidly it will snap with little or no elongation. 
These phenomena have led to the common belief that there is 
a fundamental! difference between the behavior of materials at 
slow rates of straining and at impact rates; or, to put it another 
way, there is no correlation between impact testing and ‘‘static”’ 
or slow-rate testing. It will be shown later that the results of 
high and low rates of loading are related and that the impact test 
is really only a special case of the slow rate or static test. 
Techniques of impact testing for plastics have been taken over 
from the metals industries where the Izod and Charpy type tests 
have been firmly established for many years. Although these 
tests have been useful in some cases to rate the relative shock 
resistance of materials, they are subject to certain limitations and 
do not give quantitative data suitable for design calculations. 
1 The research reported here was sponsored jointly by the Army, 
al and Air Force under Signal Corps Contract No. DA-36-039-se- 


* Research Associate, Plastics Lab 
Jun. ASME. 

+ E. I. du Pont de Nemours and Co., Wilmington Del. 

Contributed by the Rubber and Plastics Division and presented 
at the Annual Meeting, Atlantic City, N. J.. November 25-30, 
1051, of Tae American Society or Mecuanicat Encineers. 

Nore: Stat ts and op advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, Au- 
gust 15, 1951. Paper No. 51—A-65. 
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The broken-end error (1)* or “‘toss factor” is also inherent in these _ 
tests. For many years workers in the plastics field have studied _ 
these problems and many attempts have been made to devise 
testing machines which would shed some new light on the subject 
of impact resistance. 

Telfair and Nason (1) have investigated the factors which con-— 
tribute to the energy measured by the Izod machine and have de-_ 
vised a method of testing which measures only the energy re- 
quired to initiate fracture. In a later paper (2) the same authors 
have considered such factors as specimen shape, temperature, and 
rate of stressing. Liander, Schaub, and Asplund (3) have shown 
that a falling-weight test from various heights can give data that 
do not include the “broken-end error’; but the question of the 
fatigue effect is brought up by this method and this factor was 
further studied by Lubin and Winans (4). Stock (5), and Bailey 
and Ward (6) have devised ingenious machines of the ski-ball 
type with which it is possible to find the energy required to just 
break a specimen. Quackenbos (7) et al., have studied the 

tched and tched Charpy tests at various velocities by the 
use of resistance strain gages. 

All of the foregoing workers used some form of beam-type speci- 
mens, either cantilevers or simple beams with or without notches. 
These types of specimens are of course difficult to analyze because 
of stress concentrations, and because too many parameters of the 
material enter into the result. The effects of velocity and 
quantity of energy available have not been studied independently, 
so it is difficult to obtain a true conception of the velocity effect. 
For the ideal test the amount of energy available in the striking 
member should be very large compared to the energy required to 
fracture so that very little decrease in velocity of straining takes 
place during the break. 

Myers (8) devised a test in which the velocity of straining 
remained essentially constant during the test. The decrease in 
impact resistance corresponding to a decrease in temperature 
was demonstrated. Unfortunately, this method did not permit 
measurement of the energy to break. Workers (9, 10) in the 
field of metals have devised many ingenious devices for obtaining 
the complete stress-strain curve in tension at various rates of 
straining. These machines are usually cost!y and rather compli- 
cated. Many depend on some sort of electronic device to trans- _ 
pose the stress and strain to an oscilloscope. Although these 
studies with metals have been encouraging they have not as yet 
been applied to plastics. 


4 
Basic Tueory 

When a plastic component is subjected to a sudden shock, the 
failure usually occurs in tension. Referring to Fig. 1, if a force 
is suddenly applied in the direction of arrow 1 to the typical hous- 
ing section shown, the failure would take place at A or B. If the 
force is applied by arrow 2, the failure would be initiated at C. 
In either case the failure starts in that part of the component 
which is subjected to the highest tensile stress by the suddenly 
applied force. Obviously, proper design of sections and fillets 
can help to prevent breakage, but unless the direction of the blow 


* Numbers in parentheses réfer to the Bibliography at the end 
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can be anticip , it is impossible to design the component so 
that some section will not be put in tension if a shock is applied 
to the unit. 

For this reason it was decided that if the test specimen were 
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first of these is the truly elastic deformation of the bond angles; 
another is the uncoiling of the chain segments; and the last is the 
slipping of the chain segments past each other. 
deformations takes place instantaneously and is also instantane- 
ously recoverable. The next deformation is time-dependent, 
that is, it depends on the relaxation times of the bonds involved 
(the secondary or van der Waals forces between chain segments — 
and substituent groups on the chain segments). These relaxation — 
times are in turn dependent on the activation energy of the bonds 


and the local temperature and the stress energy applied. The 


last deformation is similar to the second in that it also depends — 
on the relaxation of secondary bonds (true only for linear amor- 
a poly mers) but differs in that it is an irrecoverable deforma- 7 
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subjected to a simple tensile stress rather than flexure, results 
would be obtained which would be more directly applicable to 
practical problems and also more easily subject to theoretical 
analysis, 

Early studies of the stress-strain curves for plastics showed 
that the rate of testing has a marked effect on the shape of the 
curve. In general, the yield stress and ultimate stress increase 
and the ultimate elongation decreases with an increase in testing 
speed, as shown in Fig. 2. A more striking demonstration of the 
effect of rate of straining on the shape of the stress-strain curve is 
shown in Fig. 3. The initial part of this curve was madé at 0.001 
ips. At a strain of 0.1 in. per in. the rate of straining was in- 
creased to 0.05 ips, which resulted in a sudden increase in the slope 
of the curv: as shown; that is, at the increased rate of straining, 
a higher stiess-energy level must be reached to permit the bond 
mechanism of flow to relax. Similarly, it has been found that the 
testing temperature is equally important, an increase in tem- 
perature acting like a decrease in straining rate. 

The common unit of impact-strength measurements is the 
energy to break, that is, the integral of the force times the elon- 
gation or the area under the force-elongation curve 


where 


I = energy to break 
F = force 
= elongation 


If the force is directly related to the rate of straining and the 
elongation is inversely related to the rate of straining, it becomes 
apparent that the energy to break as a function of the rate of 
straining will be a rather complex expression depending on the 
relative rate of change of the two variables, force and elonga- 
tion, with change in rate of straining. 

The mechanism of deformation of linear amorphous polymers 
is considered to be made up of three or more systems (11). The 


os oe 10 
ELONGATION INCHES 


Fie. 2(b) 


o2 os 
STRam - INCHES 


Fia. 3 4 

Each of the foregoing deformations can be represented by a 
series of mechanical elements. (This method of representation 
has been used by many authors and is repeated here only for rea- 
sons of completeness.) Referring to Fig. 4, the first mechanism 
of deformation D, may be represented by a spring. The second 
D; by a spring and dashpot in parallel, and the third D, by a 
dashpot. In the case of materials obeying Hooke’s law in the 
initial part of the stress-strain curve, the spring of D, is linear. 
The dashpot D; may have a shear pin so that it will not start to a 
flow until a specific stress has been reached. 

Each of the three elements of the model, Fig. 4, will respond 
in a different way to an applied load. The spring D, is con- 
sidered to be Hookean and the resulting strain € will have a linear 
relation to the stress S 


where E = modulus of spring. . 

The spring and dashpot in parallel making up the element Dy 
is known as a Voigt model. It will respond to an applied stress 
according to 
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¢ = time of load application 
E = modulus of spring f 


X = relaxation time of dashpot 


that is, when the time of loading is very short, practically no de- 
formation will take place; but as time approaches infinity the 
strain approaches that which corresponds to the elastic response 
of the spring. 

The third element D, is considered to be a dashpot containing 
a Newtonian liquid. It will respond according to 


where 7 = coefficient of viscosity for dashpot. 

The elements D, and D;, when taken together in series without 
the element D,, is called a Maxwell model. Such a model will 
respond to an applied load according to the equation 


where A = relaxation time of dashpot D,. 
[5] for constant stress 


Integrating Equation 


The total deformation of the model Fig. 4 when some stress S is 
applied will be given by the sum of Equations [3] and [6] 


that is, the elongation of the model is made up of the elastic re- 
sponse of D, plus the viscous flow of D, plus the retarded flow of 
D,. We can see from Equation [7] that the strain of a specimen 
is dependent upon the rate of load application and the two relaxa- 
tion times \, and A;. In most materials, the relaxation time of 
the retarded element D, is usually much shorter than that of the 
element D;. In actual mechanical relaxation tests of high- 
polymeric materials, difficulties of experimental tethniques pre- 
vent the observation of the relaxation of D; as it takes place so 
rapidly, but theoretically the complete relaxation curve should 
have the general shape of Fig. 5. Andrews (12) has shown the 
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shape of a nearly complete relaxation curve for polyisobutylene 
by shifting the curves at various temperatures along the time 
scale. 

With reference to the stress-strain curves of polymethyl meth- 
acrylate shown in Fig. 2, we may say that the initial straight por- 
tion of the curve is due to the elastic response of D,. The devia- 
tion from linearity from the proportional limit to the yield point 
is due to the response of D2, and the flow from the yield point to 
failure is due to Ds. 

a The process of chain uncoiling and the process of chain-chain 


slipping depend on the rate at which the secondary bonds break 
and reform. This rate is dependent on temperature. The higher — 
the temperature, the more often any given bond will acquire the _ 
energy necessary to break the bond permitting it to reform in 
another position. The average time required for this process is _ 
the average time required for the type of bond involved to attain 


the activation energy u. This time should be proportional to _ 


e“/RT where R is the molar gas constant, and 7’ is the absolute — 
temperature. Therefore the limiting flow velocity should be 
given by 


V, = Cle —wu/RT 


where | = average distance the two structural units nove be- 
tween the breaking of the bond and the forming of a new bond. 
Since C is also a constant, we may rewrite the equation 


where K and k are constants. Two of these limiting velocities 
should be found—one corresponding to the maximum velocity at 
which D; can be strained, the other corresponding to D, maxi- 
mum velocity. 

Let us now consider at what velocity a strain wave will propa- 
gate through a specimen. Consider the section of specimen 
shown in Fig. 6. Let point a be moved with a velocity Vo» as 


Fic. 6 


shown by the arrow. If this is a purely elastic material, the strain 
will move through the specimen with the velocity of sound, which 
can be determined from 


wae 
V, = velocity of sound in specimen 


p = mass density 
Therefore, in any given length of time ¢ after the start of strain- 
ing 
Vot = el = 


where Vy = some velocity below V,, and from which the unit 
tensile strain € equals 


From Hooke’s law the stress equals 


Vo 


From Equation [13] we can see that when V, is greater than V, 
the tensile strength of the material is exceeded, and the specimen | 
is broken. Such a break would take place without any strain, and 
therefore from Equation [1] we can say that the break would 
take place with theoretically no energy being expended; that ie, 
if we attempt to stretch a specimen at a velocity faster than strain 
can be propagated through the material, a low-energy break wil} 


| 
* 
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For cases where « material can exhibit plastic deformation, the 
foregoing equations must be modified. 

Von Kérmén (13) has extended the theory for the plastic case 
as follows. Since the slope of the stress-strain curve is not con- 
stant in the plastic case he has suggested the replacing of E by 


oo 
or rewriting Equation [13] 


“hes yar 


or in the integral form with proper limits 


LJ 

0 

that is, the maximum velocity of propagation of a plastic wave 
may be found from this equation. The value of the integral can 
be calculated from the static stress-strain curve for the material. 
This has been done by Hoppmann (10) for the case of cold-drawn 
copper where fairly good agreement was found between the calcu- 
lated value and the measured value. The actual discrepancy 
may be attributed to the difference between the static and dy- 
namic stress-strain curves. These calculations for polymethy! 
methacrylate are demonstrated in the Appendix. 

To summarize the basic theory we may say that the energy to 
break a specimen depends on the integral of the product of the 
force and deformation as given by Equation [1]. The deforma- 
tion is a function of the form of Equation (7) and the extent of 
deformation is dependent on time. Two critica] velocities of 
straining should be found corresponding to the maximum veloci- 
ties of deformation of the retarded elastic and viscous elements. 
These should vary with temperature according to Equation 
{9) 


APPARATUS 


The standard impact testing machines for plastics are of the 
excess-energy pendulum type with the following inherent errors 
and limitations. The energy to toss the broken end is included 
as part of the impact strength, the velocity is limited to one spe- 
cific value (11 fps), the specimen is of the cantilever type usually 
with a notch on the tension side with the result that analysis of 
the stress distribution is impossible. A testing machine which 
overcomes most of these limitations has been described by the 
author (14) in an earlier paper. This principle of operation has 
been used in a new machine designed to test speciméhs in ten- 
sion, 

Referring to the schematic drawing in Fig. 7, one of the speci- 
men grips A is attached to the periphery of a flywheel B. The 
rotor or flywheel is brought up to the desired testing speed by a 
friction clutch and electric-motor drive. When the desired ve- 
locity is reached, the clutch is disengaged and the flywheel allowed 
to rotate freely. At the proper time a trip C is placed in the 
path of a pair of projections D on the trailing grip and the speci- 
men is broken. The energy required to break is taken from the 
kinetic energy of the flywheel and causes a reduction in angular 
velocity. A record of the angular velocity both before and after 
the break is traced by means of a vibrating pointer on a smoked 
disk attached to the flywheel. Knowing the moment of in- 
ertia of the rotor and the change in angular velocity during the 
break, the energy to fracture the specimen can be found. With the 
addition of weights to the rotor, tests at slow velocities can be 
performed without a prohibitively large change in straining rate 
taking place during the test. This machine can be used in the 
range of from 20 ips to 80 fps straining rates. 


~" 


+a 
J 
The specimen used for all the tensile impact tests is shown in _ 
Fig. 8. A ‘/rin. X '/rin. X 2'/rin. blank is used, from aa 
which the specimen is machined. In order to prevent slipping in 
the grips, the specimen is held by the '/-in-radius shoulders, = 


This gives a positive grip and does not permit slipping as would 
take place in wedge-type grips. Since the energy absorbed by 
the entire specimen is the quantity measured, any slipping would __ 
introduce a serious error. The smaller set of shoulders is milled 
in to produce the reduced part of constant cross section. This 
reduction is necessary to prevent the specimens failing in the 
grips. 

For the tests in the medium range of velocities (0.0045 ips to 
17.9 ips), a second machine has been developed. A direct spring- 
operated load-weighing device is coupled with a mechanical elon- 
gation-measuring system to give the complete load-elongation 
curve. Referring to the schematic drawing Fig. 9, the specimen 
A is held in the same grip B as used in the high-speed machine. 
The upper grip is attached to the load-weighing spring C, while 
the lower grip has a hooking device to catch projections on the | 
drive chain D, The chain is driven by a constant-speed motor 
through the gearbox E. By shifting gears, twelve different — 
straining rates can be used. 

The method of operation is as follows: After the specimen is 
placed in the grips and brought up te the desired testing tem- | 
perature, the motor is started. After constant speed is reached, 
the lower grip is caught by the drive chain D. The force on the | 
specimen contracts the weighing spring C actuating the pointer 
F, through the 5:1 mechanical magnification linkage G. Con- _ 


chanical magnification linkage at a rate of 4 times the linear vee 
locity of the chain. The resulting plot on the drum, when the — hcg) 
elongation is corrected for the spring deflection, is a chart of the Tad i= 
load versus elongation. From this chart the energy to break can — = 
be found by measuring the area under this curve with a pia- 
nimeter, 

For very low rates of straining a universal Baldwin testing 
machine has been used. Adapting a recording extensometer so 
that it measures the elongation of the entire specimen (the same 
measurement as the machine just described), a plot of the load 


| 
| 
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versus elongation can be obtained. 
ties can be found. 


From this the same proper- 


RESULTS 
Specimens of polymethyl methacrylate cut from '/-in-thick 
sheet stock have been tested at velocities from 0.001 ips to 185 


ips at 30, 50, 70, and 90 C, The energy to break the specimens 
at these conditions is plotted in Fig. 10 as a function of the loga- 
rithm of the rate of straining. In the 30 C curve a distinct drop in 
the energy to break takes place at 0.0045 ips. In the 50, 70, and 
— 90 C curves, this same drop appears in addition to another energy 
_ drop further out on the velocity seale. Each point is the average 
_ of three tests. Considerable scatter in the points at any one con- 
dition was found in the regions where the slope of the curve is 
high. In the other regions very little scatter was found. 
In order better to envision the interdependence of the three 
variables, energy, temperature, and rate of straining, the data 
in Fig. 10 are replotted as a three-dimensional solid in Fig. 11. 
From this we can see immediately that there are two energy 
os drops and three energy plateaus or planes. The complexity of 
the figure shows that impact data at one specific velocity and one 
testing temperature give us very little information about the ma- 
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terial. Even the measurement of impact strength at various 
temperatures but at only one velocity is of little value. The 
complete three-dimensional plot is needed to really understand 
the rheological properties of any material. 

in addition to the energy to break, the elongation of the speci- 
mens at each condition except at the very high velocities was also 
measured. Fig. 12 shows these data at various temperatures 
versus the log of the rate of straining. It should be noted that 
there is an increase in the slope of these curves in the velocity 
range corresponding to the first energy drops in Fig. 9. 

The ultimate yield stress as a function of the log of the rate of 
straining at the various temperatures is shown in Fig. 13. In the 
cases where the material did not yield, the ultimate stress was 
used; in the other cases the yield stress was used. Since these 
curves turn out to be straight lines, we may assume that an ex- 
ponential-type equation will express the relationship between 
stress and rate of straining with an appropriate constant to ac- 
count for their shift along the rate scale due to temperature 
changes; that is, an increase in temperature moves the line further 
up on the velocity scale to a higher rate. 

Some of the specimens tested at low rates and high tempera- 
tures necked down after reaching the yield point, and then, after 
reaching some constant cross section, the necked-down portion 
continued to grow until failure took place. After the constant 
cross section was reached, the load required to continue the elon- 
gation remained constant, as shown in Fig. 2. At the very high 
temperatures, this necked-down region grew until it reached the 
shoulders of the specimen. The necked-down cross section was 
found to be dependent on both the temperature and the rate of 
«training. 
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Discussion 


The amount of energy absorbed by the material during the 
tensile test is proportional to the area under the load-deformation 
curve. The general shape of this curve is affected by the rate of 
loading and the testing temperature. Several important criteria 
of the material can be determined from the load-deformation 
curve, namely, the elastic modulus, the proportional limit, the 
yield strength or maximum strength, and the ultimate strength, or 
ultimate elongation. All of these are affected by the two varia- 
bles, temperature and rate of straining, and of course are the ulti- 
mate factors which determine the energy absorbed by the mate- 
rial. Therefore it becomes necessary to study the effect of the 
variables on each of these factors. 

Let us first consider the elastic modulus. From an inspection 
of Fig. 2 we see that the initial portion of each curve is straight. 
The slope of this part of the curve determines the modulus of 
elasticity. The rate of straining does not seem to affect this 
slope appreciably, but the temperature has a pronounced effect on 
it. At30C the slope is 3880 Ib per in., at 50 C, 2600, and 70 C, 
2160—that is, the higher the temperature the less the load re- 
quired to deform the spring of D,, a given amount. 

The exact location of the proportional limit is very hard to 
determine. At any given temperature an-increase in straining 
rate causes an increase in the apparent proportional limit. As 
shown in the Appendix, there are some indications that the pro- 
portional limit is not a truly significant point. The deviation 
from linearity seems to be entirely dependent on time, according 
to the relationship given in Equation [3]; that is, the strain for 
any given stress is increased from Hooke’s law by an amount 
which varies exponentially with time. This deviation from 
linearity is apparently due to the deformation of D,, and if 
tested at an infinitely rapid rate of straining the material would 
exhibit a strictly linear relationship of stress to strain. 

The yield stress or ultimate stress, if no yielding takes place, 
has been found to vary with both temperature and rate of strain- 
ing as shown in Fig. 13. A straight-line relationship between 
the stress and the logarithm of the rate of straining seems to 
approximate closely the experimental data. An increase in tem- 
perature does not change the slope of the line but rather moves 
the position of the line out to higher rates of straining, accord- 
ing to the relationship 


F = 14.5 In (1.3 X 10%Re~01927) 
where 


F = yield or breaking force 
R = rate of straining, ips 


ASME 


This shows that irrecoverable flow will take place at lower stress _ 


if the rate of straining is slow or the temperature is high; that is, a : 


it takes time to initiate plastic flow. 


The elongation at break has been found to be dependent on both st a 2 


rate of straining and temperature as shown in Fig. 12. At the 
lower rates or the higher temperatures the material yields and 
then deforms plastically. This plastic deformation appears as 
a necking down at one point in the specimen after which this 
necked-down section continues to grow. If the rate of straining 
is slow enough the necked-down section will grow to the ends of 
the specimen. This is believed to be the cause of the nonlinearity 
of the curves in the regions for very low rates of loading. From 
the data we may express the relationship of ultimate elongation 
to rate of straining and temperature by the following 


eur = 


és = ultimate strain 
R = rate of straining, ips 
C = constant dependent upon temperature 
n = constant dependent upon temperature 


In the Appendix the von Karman critical velocities for poly- 


methy! methacrylate at 30, 50, and 70 C are calculated with the i 


following results: 


30 C, 136.8 fps critical velocity 
50 C, 108.2 fps critical velocity 
70 C, 87.5 fps critical velocity 


These values should be the maximum velocities at which a aiectie. 
wave can be propagated through the material. The data in 
Figs. 10 and 11 show that these calculated values must be too 
high as the material has begun to exhibit nothing but purely 
elastic deformation at much lower velocities; that is, both energy 
drops have taken place at lower velocities. Since these values 
were calculated from static stress-strain curves, we must assume 
that the error comes about due to a change in the shape of the 
curves with increased velocity of testing. 


Let us now consider the significance of the two sharp energy “ 


drops shown in Figs. 10 and 11. The first or lower velocity drop 
may be considered to be that corresponding to the highest ve- 
locity at which chain-chain slipping can take place; that is, this 
is the maximum velocity of response of Ds. 


Below this velocity _ 


the material exhibits very high amounts of plastic flow after 


yielding. The location of this drop on the velocity scale is not — 
very dependent on temperature, and we may conclude that the 
relaxation time A; is not very temperature-dependent in this — 
range. 
take place depends on the ratio of t/A in Equation [7], the ratio 
of the time of load application to the time of relaxation. This 
critical velocity varies slightly with temperature from approxi- 
mately 0.0045 ips at 30 C to 0.02 ips at 90 C for the size speci- 
mens used. 

The second energy drop on the velocity scale which appears in 
the 50, 70, and 90 C curves is that corresponding to the maxi- 


The maximum velocity at which plastic deformation can 


y 


mum strain rate for the response of D2, that is, the retarded elastic a 


response. This energy drop manifests itself in a distinct change _ 
in the shape of the stress-strain curve. 


this critical velocity, curves such as A in Fig. 14 are obtained. 


At velocities above this critical value, the stress-strain curve has 7 


the shape of B. 
drop corresponds to the maximum velocity of straining at which 
deviation from Hooke’s law can appear. 
very temperature-dependent, varying from 45 ips at 90 C to 
0.06 ips at 50 C. This critical velocity is indistinguishable from _ 
the lower one at 30 C. 


At velocities lower than _ 


From this we may conclude that this energy 


This critical velocity is 
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In the velocity range between the higher and lower critical 
rates of straining, the energy to break remains constant. This 
does not mean that the stress-strain curve remains the same over 
this velocity range, but rather that the strain at break is decreas- 
ing and the maximum load is increasing at such rates that the 
area under the curve remains constant. 
— After the upper critical velocity is exceeded, the material can 
respond only by purely elastic deformation D,. A method of 


predicting the energy for a completely elastic break from the 
slow-rate stress-strain curves is shown in the Appendix. The 
results obtained by this calculation correspond very nicely with 
the energy measured at very high velocities. 


CONCLUSIONS 


The conclusions t be drawn from this study may be divided 
into two parts. One is the theoretical interpretation in terms of 
the rheological properties and the structure of the material. The 
other is the practical application of the results. 

From the theoretical point of view we may conclude that the 
rate of straining has a marked effect on the rheological properties: 


1 The elongation at break decreases with increased straining 
rate according to Equation [17]. 

2 The ultimate strength or yield strength increases with the 
rate of loading according to Equation [16]. 

3 An increase in temperature acts similarly to a decrease in 
the rate of straining. 

4 Two distinct energy drops can be found in the velocity scale. 

5 These velocity drops are both at lower rates of straining 
than would be predicted by the von Kérm4n theory. 

6 The lower critical velocity is the maximum straining rate at 
which plastic flow can take place; that is, above this velocity chain- 
chain slipping cannot take place. Above this rate of straining, 
the relaxation time of these bonds A, is exceeded, and plastic 
flow cannot take place. The relaxation times of these bonds do 
not seem to be extremely temperature-dependent. 

7 The second critical velocity is the maximum straining rate 
at which retarded elastic deformation can take place. This is 
the maximum rate of straining at which chain uncoiling can take 
place. Above this velocity the secondary bonds do not relax fast 
enough to permit changes in the configuration of the molecules. 
This relaxation time A; is very ter:perature-sensitive—an increase 
in temperature causing a marked decrease in the relaxation times 
of the bonds involved. 

8 Above the second critical velocity, only elastic deformation 
can take place. The energy to break at this velocity can be 
calculated from the slow-speed stress-strain curves. 

9 The two critical velocities correspond to two relaxations in 
the material which are not usually observed in conventional re- 
laxation tests since they occur too rapidly. 

As for the practical application of the results the following con- 
clusions can be reached: 

10 Single velocity impact tests (such as the Izod) are not 
adequate for determining the shock-resistant properties. 

11 Tension-type tests are of more value than flexural tests 
since the results can be more easily interpreted. 
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12 Quantitative design data can be obtained which may be 
used by engineers in planning plastic components provided the 
direction and velocity of impact blows can be predetermined. 

In general, we may say that for a material to have a high im- 
pact strength it must have the ability to give with the blow. 
This may be accomplished in several ways. One is by a high 
truly elastic response, by requiring a large amount of energy to 


critical velocity), or by a high energy of retarded elastic response. a 


The third is by a rapid plastic response. 
The locations of the two critical velocities depend on the re- 


the energy drops being dependent on whether or not A; and A, are 
distinct relaxation times or broad spectra of relaxation times, the 
broad spectra of relaxation times causing the energy drops to be 
more gradual. 

It is planned to continue this study with a similar investiga- 
tion of other materials, such as rigid vinyl-chloride-acetate co- 
polymer, to determine the relaxations involved in this material. 
It is also planned to study the effects of plasticizers on cellulose 
materials, It should prove interesting to see if the addition of 
plasticizers causes a shift in the critical velocities or a rise in the 
energy levels between the critical velocities. 
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Appendix 


CALCULATIONS POR POLYMETHYL METHACRYLATE 


The von K4rm4n method of calculating the maximum velocity 
of a plastic wave has been outlined in the section on basic theory. 
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The solution of Equation [15] may be found graphically as fol- 
lows: The slope of the stress-strain curve for various values of 
strain is determined as shown in Fig. 15. The velocity of propa- 
gation corresponding to these slopes is then determined by divid- 
ing the slope by the mass density and taking the square root. 
These velocities of propagation are then plotted versus the 
strains at which they were determined as shown in Fig. 16. The 
area under this curve is the velocity of propagation of a plastic 
wave. 

This calculation has been made for polymethyl methacrylate 
at bs 50, and 70 C with the following results: 
30 C, 
50 C, 
70 C, 


136.8 fps 

108 .2 fps 

87.5 fps 

All of these rates are in the region beyond the second energy 
drop in Fig. 10; that is, at these rates of straining, only elastic 
deformation seems to be taking place. The theory assumes that 
the shape of the stress-strain curve does not change with rate of 
straining. Since Fig. 2 shows us that this is not a valid assump- 
tion, we may assume that the results obtained by this method are 
in error for this reason. 


CavcuLaTion oF Enercy To Break Apove Seconp ENERGY 
Dror 

The foliowing is a method of calculating the energy to break at 

velocities above the second energy drop, that is, when only elastic 
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deformation takes place: Using the data in Fig. 2(b), the true 
stress for various values of strain at each velocity was calculated. _ 
Plotting these values as shown in Fig. 17, we see that the stress 
for any given strain varies with the rate of straining according’ to - 
the relation 
{18} 


S = Eel — 


that is, as the rate of straining is increased, the value of. stress 
for any given strain asymptotically approaches the value of Ee. 
Similarly, the true stress after yielding approaches some con- 
stant value as the rate of straining is increased. 

A plot of these asymptotes versus the strain, as shown in | 
Fig. 18, gives the maximum strain for elastic deformation, and — 
the area under this line up to the yield point gives the energy to 
break elastically. The value calculated from these data at 50 C 
is 0.92 ft-lb. 

This compares quite favorably with the energy to break after 
the second critical velocity in Fig. 10, approximately 0.9 ft-lb 


Discussion. 


1. L. Hopkins. This paper presents a promising method of _ 
analysis, and it is quite possible that the ultimate description of 
physica! properties at all rates of stress will be on some — 
such basis. 

In the treatment of the tensile test at constant rates, according 
to the model in Fig. 4, the expression for force as a function of — 
test rate and time might be more revealing than Equation {7}. 
The expression is of the form 


S = E, V [(e~**—e-) + bd,(1 — e-**) — — — a) 


where V is the test rate and a and 6 are functions of E and X only. 
This shows quite clearly that if the model in Fig. 4 is valid then _ 


(a) The stress S at any time is proportional to the velocity. 

(b) When tis very small S = E, Vt = Ee, which is observed in 
the early straight-line parts of the plots in Fig. 2. 

(c) When ¢ is very large S = E, V Xs which again is propor- 
tional to V, but certainly does not show up in the later parts of — 
the curves in Fig. 2 
maxima observed in the actual tests. In fact, any linear structure _ 
must fail in these respects. 


The comment after Equation [13] is difficult to understand. | 
The equation indicates that the stress is equal to Young’s modulus _ 
when V. = V,. Since the tensile strength is ordinarily only a 
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Such a function also fails to account forthe 
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fraction of the modulus, it would seem that the rupture would 
occur at a much lower velocity than V,. This may account for 
some of the discrepancy between the observed critica] velocities 
and those calculated by the von Karman theory. 

It is especially interesting and important that the authors have 
available the means for testing over such a wide continuous range 
of strain rates. It is to be hoped that further data on other ma- 
terials will be made available and that this may lead to the de- 


velopment of more satisfactory models 


Avutuor's CLosuRE 
Mr. Hopkins proposes that the expression for stress as a func- 
tion of rate of loading is preferable to the expression for strain, 
Equation [7]. Since the energy to break is a function of both the 
stress and the strain any interpretation of the results of our tests 
should include a consideration of both equations. 
The comments on the interpretation of Equation [13] seem 
valid and the author would like to thank Mr. es for his as- 
sistance in clarifying this point. oe Ae 
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Appendix of this paper. 
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ie Inv nvestigation of Electromagnetic 


By H. G. ELROD, JR.,* ann R. R, FOUSE,' ALLIANCE, OHIO 


The measurement of the flow of molten corrosive metals 
in small sizes of duit pr tsa ber of difficulties. 
Of the devices and methods for accomplishing such a 
measurement, electromagnetic (EM) flowmeters appear 
to possess the greatest number of advantages. Accord- 
ingly, the work described in this paper was undertaken to 
acquire further knowledge of the characteristics of these 
instruments and some experience in their operation. 


A WorkinG Formuta A Design or EM Fiowmerer 


“MIG. 1 shows two schematic views of an EM flowmeter. 
Flowmeters of similar type have been described and analyzed 
in the literature (see the Bibliography of this paper). A 
conducting fluid passes through a uniform magnetic field in a 
tube made of nonmagnetic material. An electromotive force 
(emf) is thereby generated normal to both the fluid motion and 
the direction ef the magnetic field. This emf is directly pro- 
portional to the volumetric-mean fluid velocity, and can be used 
as an indication of the magnitude of the flow. In Fig. 1 a perma- 
nent magnet is shown, although a 60-cycle electromagnet also 
might be used. 
In terms of pertinent physical variables, the flowmeter emf 
is given by 


E = (BVd)10* 


where 


\ E = generated emf across contact points shown in Fig. 1, 
mv 
aa B = magnetic induction between magnetic poles, gausses 
_ d, D = tube ID and OD, respectively, em 
V = volumetric-mean fluid velocity, cm per sec 
s| P/,P» = electrical resistivities of fluid and wall material, respec- 
tively, any consistent dimensions 


A detailed derivation of this flowmeter formula is given in 
The wall-correction term in square 
= kets is a result of the present research, the remainder of the 
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forniula having been derived previously (1, 2). Obviously, this 
term is of importance in cases where metal tube walls must be 
used. In the derivation of Equation [1] it is assumed that the 
interface resistance between the fluid and the tube wall is neg- 
ligible, that the fluid velocity distribution is axially symmetric 
{v = f(r)], and that the magnetic field is uniform and infinite in 
the axial direction. Subject to these assumptions, Equation [1] 
represents an exact solution of Maxwell’s field equations. 


PLAN 


Scuematic Diagram or EM Flowmeter 


The predictions of Equation [1] are compared with experiment 
later in the paper, Fig. 5. In view of the variety of physical 
measurements needed to effect these comparisons, the agreement 
may be considered quite satisfactory. It will be Observed that 
with practically no exceptions, all experimental emf's lie in the 
range of 92-100 per cent of the theoretical emf’s. (In Fig. 5 
Equation [1] is tested on a basis of emf, rather than on ve- 
locity.) 


RecoMmMENDED FLOWMETER 


The flowmeter described in thie section is recommended, not 
because it is necessarily the best that might be devised, but be- 
cause of the simplicity and reliability of its operation. Fig. 2 
shows its main components, which are as follows: Two permanent 
magnets to provide an intense magnetic field, two soft-iron slabs 
to spread this field and make it uniform, a brass disk which ro- 
tates in the magnetic field with two brass wires to contact its hub 
and periphery, a stainless-steel housing for the fiber bearings 
which support the disk shaft, and a synchronous motor. 


* Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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3% Senematic or Experimental APPARATUS 


The emf connections to the flow tubing should be located care- 
fully at opposite ends of a diameter normal to the magnetic field 
and centrally located with respect to the rotating disk. In order 
to make these contacts, fine wire may be soldered or spot-welded 
to the metal tubing, but all excess solder should be filed from the 
tube surface. 

To eliminate the possibility of undetected changes of mag- 
netie-field strength, an emf is measured across a radius of the 
rotating disk (known as a homopolar generator, reference 3). 
If the emf leads for this generator, or gaussmeter, are of the same 
composition as the disk and shaft, no important thermoelectric 
effect will be observed. In the case of the flowmeter under 
test the brasses for the disk and the wire brushes were not of the 
same origin, yet a temperature difference of 600 F between 
contacts altered the gaussmeter emf by less than 1 per cent 

The emf’s of both the flow circuit and the gaussmeter may be 
read on a standard potentiometer designed for use with thermo- 
couples. The flow-circuit emf appears directly in Equation [1]. 
The gaussmeter emf, on the other hand, is used to compute the 
induction of the magnetic field by means of the following equation 


2E 10 
w( R? r?) 
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where 
E = generated emf between disk hub and periphery, mv 
= magnetic induction between magnetic poles, gausses 
= hub radius and disk radius, respectively, em 
= angular velocity of disk, radians per sec 


ExpeRIMENTAL CONFIRMATION OF FLOWMETER FoRMULA 


Experimental Procedure. The apparatus used to check experi- 
mentally flowmeter Equation [1] is shown in the schematic dia- 
gram of Fig. 3. During a run, mercury was pushed from tank A 
to tank B by means of compressed air supplied through line C. 
The flow velocity at the flowmeter section D was calculated 
from the time taken to effect a known volumetric displacement in 
tank B between electrodes E and F, and from a knowledge of the 
inside diameter of the tube at D. During the transfer process, 
the system was stabilized by bleeding considerable air out to 
atmosphere through valve G. Return of the mercury to tank 
A could be accomplished by applying a back pressure through 
line H. The solenoid valve I was inserted in the mercury flow 
cireuit to guard against blowout. The pressures recorded by 
gage J served to set the conditions of operation. 

Both alternating and direct current and flowmeters were 
tested on the foregoing circuit. In both cases Equation [1] was 
checked by experimental evaluation of each term contained in it. 
The details of these evaluations will now be grouped according 
to the physical quantity concerned. 

Flow-Circwit Emf (E). Positioning of the contacts for deter- 
mining the flow-circuit emf has been partly discussed already. 
Two types of tubing were employed in the present tests. The 
first type was made of polystyrene, and in this case small brass 
rods of 0.025 in. OD were brought in on opposite sides of the tube 
until they were approximately flush with the inner surface. The 
second type of tubing was made of an alloy called “Advance,” 
similar in composition to constantan. In this case the contacts 
were made as described earlier. Both the brass and the Advance 
alloy were chosen because mercury alloys slowly with each of 
them, and it was believed that, consequently, the fluid-solid inter- 
face resistance would be very small. Moreover, both materials 
are nonmagnetic. 

When the a-c flowmeter tests were made, considerable effort 
was spent in reducing the “base pickup.” Even without any 
flow in the tubing, the changing magnetic field of the a-c elec- 
tromagnet generated an emf in the leads to the flow-circuit con- 
tacts. This pickup was reduced considerably by the use of 
twisted and shielded leads, but it could not be reduced to a neg- 
ligible magnitude 

The d-« flow-circuit emf's were read with a Leeds and Northrup 
precision potentiometer, No. 8662, with a range of 0-80 milli- 
volts. The a-c emf’s were measured with a Ballantine electronic 
voltmeter, Mod. 300, in conjunction with a Ballantine decade 
amplifier, Mod. 220. This combination provides a range of 
0.00001 to 100 volts. Both the d-c and a-c instruments give a 
precision of better than 0.01 mv. Their accuracy was not checked 
against standards, but since they were used both for the deter- _ 
mination of the flow emf and the magnetic-field strength, it is : 
clear from Fquation [1] that any constant percentage errors, at 
least, would not affect verification of the flowmeter formula. 

During an experimental run the flow velocity would decrease 
slightly due to a changing static head of mercury. To correct 
approximately for this effect, the initial and final flow emf’s were | 
averaged arithmetically. 

Magnetic-Field Induction (B). The procedure and formula for 
finding the field strength between the permanent magnets of the 
d-e flowmeter have been given already. Pertinent physical — 
values for the gaussmeter are as follows: 7 
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Diameter of brass disk, 2.098 in 
Diameter of disk hub, 0.127 in. : 
Rpm of disk, 1800 (synchronous phe 


The entire field contained between the soft-iron slabs of the d-c 
flowmeter was explored with a General Electric gaussmeter, Mod. 
409X59, No. 2053678, and was found to be surprisingly uniform. 
The results obtained for the particular portion covered by the 
rotating disk are given in Table 1. 


TABLE 1 


Distance from 
hub, in. 


RESULTS WITH ROTATING DISK 
A in plane 
deg 


Magnetic induction, 
gasses: 


is 1972 gausses. At the same time the rotating disk generated 
13.44 mv, for which the corresponding magnetic induction is 
2016 gausses. The discrepancy was approximately 2 per cent. 
The magnetic induction of 2016 was assumed to be correct. 

The field strength for the a-c electromagnet was determined 
in quite a different manner. An isometric sketch of the jaws of 
this *magnetfis shown in Fig. 4. For a winding current of 15 


4 Locations or Determinations on A-C 
Monet 


“ae amp (which was maintained constant during all subsequent a-c 
: a experiments), millivolt readings were obtained from a 10-turn coil 
- of 0.493 in. diam at the locations indicated. The leads to this 
Ao coil were twisted closely to minimize extraneous pickup. The 
results are as follows: 
Location. .... A B Cc D E 
; Millivolts 8.55 8.80 8.80 8.75 © 8.30 
: y The corresponding area-mean induction for the section from B to 
D is 1892 gausses and this value was used in subsequent calcula- 
tions. 
Fluid Velocity (V). As stated before, the fluid velocity was 
_ deduced from the time required to pass a known volume of mer- 


a _ eury through a known size of tubing. The measurements of the 
displacement volume were as follows: 


Inside diameter, in 

Spacing between elect rodes, in. 

Weight of Hg beld between electrodes, 
a (at 20C) 


_ From the displacement-volume geometry a volume of 16.83 cu in. 
is calculated, whereas the volume corresponding to the weighed 
mercury is 16.90 cuin. A volume of 16.87 cu in. was used in sub- 
sequent calculations. 
The displacement time was read on several different stop 
watches. These watches were not calibrated, but no discrepan- 
cies attributable to their use were observed. 
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The methods used for finding flow-tube [D's are described in the 
next section. 

Tube Diameters (d) and (D). The ID of the polystyrene tub- 
ing was determined by measuring the axial extension of a known 
volume of mercury. Two measurements of this diameter gave 
the dimensions of 0.1923 in. and 0.1936 in., respectively. An ID 
of 0.193 in. was used in subsequent calculations. The brass elec- 
trodes for obtaining the flow emf were brought snugly to bear on a 
0.180-in-OD rod inserted through the flow section. Thus the 
emf contacts were not quite flush with the inner tube surface. 
The externa! diameter of the polystyrene tube was of no impor- 
tance. 

The LD of the Advance alloy tubing was determined by four 
independent methods: (a) By the insertion of various drills into 
the tubing it was ascertained that the ID exceeded 0.1935 in. 
(b) A microscope traverse gave a value of 0.1953 in. (c) A fill- 
ing with mercury, as in the case of the polystyrene tubing, yielded 
0.1958 in. (d) A known length of tubing was weighed. From a 
knowledge of its weight, its external diménsions, and the density 
of the Advance alloy, the ID of the tubing was calculated to be 
0.1973 in. An ID of 0.196 in. was used in subsequent calcula- 
tions. The OD measurements of the flow section were aver- 
aged with respect to length and polar angle to give an external 
diameter of 0.335 in. 

Physical Properties. The physical properties employed in 
computations are given in Table 2 


TABLE 2 PHYSICAL EMPLOYED IN COMPUTA. 


vity at 20 C 
resistivity at 20 C, microhm-cm 


Avvance (2) 


13.546 
95 78 


Nominal composi 
Density at om 


55 Cu, 45 Ni 
8 88 
Resistivity at 20 


Comparison of Theory and Experiment. In Fig. 5 the experi- 
mentally determined emf’s from two a-c and two d-c runs are 
plotted as percentage deviations from the theoretical flowmeter 
formula, Equation [1]. The same data are listed in Table 3. 

The discrepancy between theory and experiment as illustrated 
in this figure is so small, and the number of measurements enter- 
ing into the comparisons is so large, that it is difficult to assign 
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TABLE 3 EXPERIMENTAL DATA FOR FLOWMETERS 
Time to fill Millivolts Millivolts Total 
at no flow with flow millivolts 
(180 deg (0 deg (0 deg 
phase) phase) phase) 


0 0.395 
0.15 0.527 
Ou 0! 
0 
22 0 
0 
0.3 


0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 


1.058 
1.266 
1.505 
1.710 
1.775 


ecccceo 


Time to fill 
Ai 


Ga Flowmeter, velocity, 
tank, min mv mv em per sec 
D-C Frowmerer Witn Apvance 
13.407 


13.377 


0 
0 
0 

0 
0 
0 
0 
0 
0 
0 
0 
0 
0 


D-C FLrowmerer Witn Potystyrene 
6 secs. 13.435 
5 

13.530 


= 
causes for the differences that do exist. The location and finite 
size of the flow-emf contacts may have been sources of error. On 
the Advance tubing the contacts were positioned “by eye,” 
and, as has been pointed out already, in the case of the polysty- 
rene tubing, the contacts were not flush with the internal sur- 
face of the tube. It can be shown that the emf measured by two 
contacts protruding slightly into a fluid stream should be only 
slightly less than the emf that would be obtained from the same 
contacts if they were flush with the stream boundaries. It is this 
last full-diameter emf which is used as the theoretical standard 
for the polystyrene runs in Fig. 5. A possible source of error 
may be an interface resistance between the fluid and the tube 
wall or contacts. In some preliminary experiments, where mer- 
cury was used in stainless-steel tubing, no flow emf was obtained 
from contacts attached to the outside of the tubing. The phe- 
nomenon was attributed to “‘nonwetting.”” However, in the pres- 
ent experiments slow alloying was occurring at the surface of 
electrical junction, and it is probable that the liquid-solid inter- 
facial resistance was very low. 
= 
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The agreement between flowmeter theory and experiment, as 
found in the present series of experiments, compares favorably 
with that obtainable with flow nozzles. Certainly the flow- 
meter formula should be tested with fluids other than mercury, 
and with additional wall materials, but it may be assumed tenta- 
tively that EM flowmeters can provide, without special calibra- 
tion, sufficient accuracy for many purposes. err 

SUMMARY AND CONCLUSIONS 

1 The theory of EM flowmeters has been generalized to ac- 
count for the short circuiting by a conducting tube wall of the 
electromotive force (emf) generated by the internal flow. 

2 The theory has been confirmed, in the case of mercury, by 
tests with alternating-current and direct-current flowmeters, and 
with both conducting and nonconducting tube walls. 

3 An EM flowmeter has been developed to conform with the 
theory, and sufficient information is given in the paper to permit 
this flowmeter to be reproduced. 

+ On the basis of the experiments performed with mercury, 
and the physical assumptions required for the theoretical analy- 
sis, the following empirical relation may be employed tenta- 
tively: 

Actual volumetric- 

mean velocity 


Theoretical velocity 
based on experimen- 
tal emf 


provided (a) the fluid wets the tube wall or emf contacts; (b) the 
applied magnetic field is adjusted to a low value. Distortion of 
the fluid-velocity profile is thereby minimized.* 


= (1.04 + 0.04) 
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* Further study is being given to this aspect of the EM flowmeter 
problem. 
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ov FLowmerer ForMULA 
Maxwell’s equations for a fluid conductor are given by Lund- 
quist (8) in the following form 


i= ofE + V X B) 
In "addition, the following two equations involving the flow and 
its'acceleration are applicable 


=—Vp+ixB+F..... (8) 


7 Te the foregoing equations the MKS system has been used; thus 


B = magnetic flux density, webers per sq m 

ws = magnetic permeability of material, dimensionless 

Me = magnetic permeability of free space, 1.257 X 10-*, 
henries per m 


«t = current density, amp per sq m 


E = electric field vector, volts per m 
t = time, sec 

= electrical conductivity, mho per m 


fluid velocity, mps 


p = fluid density, kg per cum fad 
Pp = pressure, newtons per sq m ‘adi 


F = frictional shear, newtons per sq m 


_ We shall apply Equations [3] to [8] to the physical situation 


shown in Fig. 1. 
To find a useful solution to the foregoing equations, we take as 
starting point the following assumptions: 
1 Steady conditions so that 


oz" 


3 All fluid velocities are parallel to the tube axis, that is 
V = «V(z, y) 
According to Equations [4] and [9] 


— 


If, then, we eliminate i between Equations [3] and [6] by tak- 
ing the curl of each, we obtain 


(Note: Equations [5] and [7] were used to reduce Equation 


[13}.) 


The following components of B are consistent with both Equa- 
tion [13] and Equation [5] 


B, = const; B, = 0; B, = Bz, y) {14) 


Physically, it seems simpler to work with the electric potential 
Therefore we take the divergence of Equation [6] and ob- 
tain 


= VB, [15] 


Equation [15] is valid for any axially directed velocity distribu- 
tion. 

Now, in fully developed turbulent flow the velocity distribution 
is axially symmetric, and this distribution we shall now assume. 


If r and @ are used to denote unit vectors in the r and @direc- 
tions, respectively, we have 


=? sin 0 + 


B,| ‘ 
E rV(r) sin + vie) oo [17] 


= B, V(r) sin 
Or? r Or r? 
As a particular solution for the potential field within the fluid 
we try 


{18} 


= B, V(r) sin . .[19) 


U, = F(r) sin @.. . [20) 


First we insert this solution in Equation [19] and then perform 
the integrations indicated 


r r 


+ (PO) 


+ 


= B,V"(r)... {21} 


= B,Vir) + K 


[rF(r)|’ = B,V(r)r + Kr 
r 
rF(r) = V(r) + K 
2 


Atr = a = d/2 the fluid velocity is necessarily zero. Thus 
from Equation [23] we have 
F(a) +—— Pa) -K 
Also, Equation [25] may be rewritten in terms of the volumetric- 
mean velocity V, to give 


= aB 
| 
= 
: 
- 
| 
n a 
at 
1 Thus the flowmeter magnets are assumed to be permanent. 
The magnet, which is of uniform construciion, extends an 
infinite distance along the t 
f 


The integration constant K can now be eliminated from 
Equations [26] and (27) to give 
F(a) = B,Va + aF(a).. {28} 


The boundary conditions to be applied at the interface be- 
tween the fluid and the wall material are as follows: 
(a) The continuity of the normal component of the current 


oA E,), = {29} 


(b) The continuity of the transverse component of the electric- 


field vector 
(Eo); = (Ee), {30} 


Turning now to the electric potential within the tube wall, we 
try the particular solution 


Uy, = G(r) sin 6... 
Since this potential must satisfy Equation [21] with V(r) = 0, 


we have 


r 


r? 
Now atr = b = D/2, the radial component of the electric field 


vector must vanish. By manipulations similar to those per- 
formed earlier we easily deduce that 


ar) - 
nr) 2 b > 


We proceed next to match the fluid and wall solutions at the 
interface according to Equations (29] and [30]. Equation [28] 
will be satisfied if 


o,F"(a) = o,G"(a).. 
Equation [29] will be satisfied if 
F(a) = Ga)... 


Putting F (a) and F’(a) in terms of G (a) and G’(a) in Equation 
[28], we obtain 


Gb) (a, b\_ Gb) 


This last equation can be rearranged to give 
d 


= B,Va 
Tip) * 


a; 


[37] 


According to Equation [31] the maximum potential difference 
at the outside of the tube will be U, (b, #/2) — U, (b,—+/2). 
Therefore 


E = B,Vd 


(theives 
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This result, in slightly more convenient units, is given as Equa- 
tion [1] of the paper. 
Discussion 

L. Grossman anp A. Cuarwat.’ The authors of the paper 
have made a significant contribution to the technique of electro- 
magnetic flow measurement by deriving a relation permitting 
the calculation of the induced emf in the case of an axisymmetric 
flow bounded by a “‘conducting”’ wall. 

In the derivation of this equation, however, the authors were 
required to assume that the magnetic field is infinite and uniform 
in the axial direction. This is a rather restrictive assumption 
and limits the applicability of the derived correction for wall con- 
ductivity. The agreement of the authors’ measured results with 
those derived from theory is indeed excellent, but may be due to 
the geometry of the experimental] setup and the fluid used. It 
is felt, for example, that the large length-of-field to diameter ratio 
used in the experiment strongly reduced the influence of the short- 
circuiting resulting from axial conduction but that this favorable 
ratio might be difficult to achieve in many practical cases. It 
would be interesting to see the effect of increasing the tube diam- 
eter and carrying out experiments on fluids of varying conduc- 
tivity. 

As the authors point out, the induction equation for flow- 
rate measurements in the case of nonconducting walls has been 
well confirmed by previous investigators. Probably the most 
accurate measurements were reported in a paper by Thiirlemann 
(8) of the authors’ Bibliography. 

At the University of California we have been engaged in the 
development of an apparatus using the same principle as that 
employed by the authors for studying the details of turbulent 
velocity fluctuations in liquid flow in a circular pipe. We have 
found good agreement with the theoretical relation for average 
velocity traverses and have obtained reliable data relating to the 
microstructure of turbulent fluctuations in a liquid flow. 7 


rs. 

The authors appreciate the comments of Messrs. Grossman 
and Charwat and are in essential agreement with them. For the 
work reported in the present paper, time requirements indicated 
the choice of a magnetic field long enough to eliminate field 
length as an important variable. This choice yielded an EM 
flowmeter for which there is a simple theory. It is true, however, 
that the geometry of our recommended flowmeter can become 
awkward for larger sizes of fluid conduit. At the Case Institute 
of Technology a research program has been drawn up to de- 
termine the effects of length and strength of magnetic field, fluid 
properties (especially electrical conductivity and mass density), 
surface wetting, etc. 

It is to be hoped that this work together with the considerable 
research being undertaken by the discussers and others, will 
eventually make the EM flowmeter as well understood and pre- 
dictable as more conventional fluid meters. 
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Analvysi 


s of Some Hydraulic Components 


Used in Regulators and Servomechanisms 


ahs ot 


servomechanisms have come into wide use in 
recent years as a result of the low inertia of hydraulic 
servomotors compared to electric servomotors of the same 
power rating. This paper discusses the theory of opera- 
tion, static characteristics, and dynamic characteristics 
of some hydraulic components that have been used for 
many years in regulator applications. Previously, the 
dynamics of these components were not of great im- 
portance because of the slowness of the processes con- 
trolled. The important considerations were static gain 
and static accuracy. The dynamic characteristics have 
been investigated more recently as a result of the high 
dynamic-performance demands of servomechanism appli- 
cations. Dynamics are considered from the frequency- 
response approach. 


HE hydraulic componenis that will be investigated in this 
paper are the jet pipe, distributor block, and auxiliary 
piston. The jet pipe and distributor block constitute a 
hydraulic integrator and may be used directly with a cylin- 


speed is required. In applications requiring high static gain and 
high maximum cylinder speed, a pilot valve is used as the inte- 
grator and is stroked by an auxiliary piston operating from a jet 
pipe. The jet pipe and auxiliary piston constitute a positional 
servomechanism utilizing unity feedback. 


THeory OF OPERATION 


Jet Pipe, Distributor Block, and Cylinder (Fig. 1). The jet 
pipe is a tube pivoted at one end and terminating in a small- 
_ diameter nozzle at the other end. It is connected to a constant- 
- pressure oil supply at the pivoted end. The oil flow through the 
_ jet pipe is constant and depends upon the supply pressure and 
nozzle diameter. The input signal to the jet pipe is a torque 
(or force) from a low-power impulse system and is applied to the 

_ jet pipe through the push pin. The jet pipe is spring-loaded by 


a proportional to the applied torque about the jet-pipe pivot. 
_Displacement-error signals could be used to deflect the jet pipe 
directly but seldom are available. Most physical quantities to 


electric torque motors are especially useful where electrical-data 
transmission systems must be used. The oil jet from the nozzle 
_ impinges on an orifice plate (in a distributor block) which has 
two closely spaced receiving holes drilled in it. These holes are 
connected to opposite ends of a cylinder. When the jet-pipe 
nozzle is centered over the receiving holes, equal static recovery 
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pressures will exist in the receiving holes and the output cylinder 
will not move. When the jet pipe is displaced from its centered 
position, more oil will impinge on one receiving hole than on the 
other, resulting in different static recovery pressures in the two 
receiving holes. The cylinder will then move with a speed pro- 
portional to the nozzle displacement from the centered position, 
with the cylinder flow being taken from the jet-pipe flow. Since 
the jet pipe supplies the oi] flow to the cylinder, the maximum 
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cylinder speed will depend upon the jet-pipe flow and will occur 
when the nozzle is directly over one receiving hole. 

Jet Pipe and Auriliary Piston (Fig. 2). In Fig. 2 the auxiliary 
piston is shown as it is used with the jet pipe. The orifice plate 
is in the auxiliary piston and the receiving holes connect with 
passages leading to opposite ends of the piston. Whenever the 
nozzle is displaced from the centered position over the receiving 
holes, the piston will move in such a direction as to recenter the 
receiving holes under the nozzle. Thus the auxiliary piston will 
always follow the motion of the jet-pipe nozzle. This is equiva- 
lent to providing unity position feedback from the cylinder in 
Fig. 1 to the jet-pipe nozzle. Therefore the jet pipe and aux- 
iliary piston constitute a positional servomechanism. The use of 
the auxiliary piston to provide sufficient force amplification to 
stroke a pilot valve and thereby obtain higher static gain and a 
greater maximum cylinder speed means, of course, adding 
another time lag to the system. The problem in the design of 
the auxiliary piston, therefore, is to keep this additional time lag 
as small as possible. 


Sratics 


Static Recovery Pressure in Receiving Holes as a Function of Jet- 
Pipe Nozzle Displacement Relative to Orifice Plate (Infinite Load); 
Stiffness of Auxiliary Piston (Figs. 3 and 4). An experimental 
curve of static recovery pressures in the two receiving holes, dead 
ended, as a function of nozzle displacement relative to the orifice 
plate is shown in Fig. 3 for a 1.2-mm diam nozzle and a supply 
pressure of 100 psig. The maximum static recovery pressure in 
either receiving hole occurs when the nozzle is directly over that 
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(Conditions of test: Supply pressure to jet pipe = 100 psig; 1.2-mm jet- 
pipe noazle.) 
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hole. The recovery falls off for larger jet-pipe displacements. 
For maximum recovery pressures, an optimum ratio of receiving- 
hole size to nozzle diameter has been established. The differ- 
ential pressures across the two receiving holes, dead ended, are 
the difference ordinates between the two curves in Fig. 3. Dif- 
ferential pressure across the receiving holes as a function of jet- 
pipe nozzle displacement relative to the orifice plate is plotted 
in Fig. 4. These experimental data were not taken for other 
nozzle sizes (1.6 mm, 2.0 mm, and 2.5 mm), primarily because 
it was felt that Figs. 3 and 4 can be nondimensionalized by 
dividing the recovery pressures by the supply pressure and jet- 
pipe nozzle displacements by the nozzle diameter. 

The slope of the differential-pressure curve in Fig. 4 around 
zero displacement is one of the important characteristics of the 
auxiliary piston. For a 1-in. diam auxiliary piston used with a 
1.2-mm jet pipe operating from a 100-psig supply, the “‘stiffness”’ 
is 4.1 Ib/10~* in. The term stiffness is used to describe the 
differential force gradient because it is a measure of the ability 
of the auxiliary piston to hold its position against load disturb- 
ances such as coercive reaction upon the pilot vaive being stroked. 
This large stiffness value makes the auxiliary piston well suited to 
stroking pilot valves opeeting at supply pressures of the order 
of 400 psig and maximui> fews of the order of 10 gpm. 
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(Conditions of test: Supply pressure to jet ipe = 100 psig; 1.2-mm jet- 
pipe nozzle; jet-pipe flow = 2.04 cu in/sec.) 
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Zero Load Flow Through Receiving Holes as a Function of Jet- 
Pipe Nozzle Displacement Relative to Orifice Plate (Fig. 5). 
An experimental curve of flow through the receiving holes for 
zero external load as a function of jet-pipe nozzle displacement 
relative to the orifice plate is shown in Fig. 5 for a 1.2-mm diam 
nozzle and a supply pressure of 100 psig. The maximum flow in 
either direction occurs when the nozzle is directly over one re- 
ceiving hole and falls off for larger jet-pipe displacements. 
Again it was felt that the data could be nondimensionalized by 
dividing the flows by the jet-pipe flow and the displacements by 
the nozzle diameter. The slope of the flow curve around zero 
displacement is an important factor in the dynamic response 

of the auxiliary piston and a 
cylinder operating directly from 
a jet pipe and distributor block, 


and is considered further in the _ 


sections on the dynamics of these 
components. 
Static Gain of Jet Pipe (Fig. 


The static gain of the jet 
oe pipe for torque input signals is 
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Xyp ratio of nozzle displacement 
to applied torque. It is given 


by the following relation 
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Xj, = noazle displacement 
T = torque applied to jet pipe about pivot 
L = length of jet pipe from pivot to nozzle 
ke = rotational spring stiffness (torque per radian) = 
Dkr*, where & is linear spring stiffness and r is distance 
from jet-pipe pivot to axis of spring 


The static gain is considered in conjunction with jet-pipe band- 
width under the section dealing with jet-pipe dynamics, but is 
introduced here to facilitate the consideration of jet-pipe ‘‘noise.”” 

Sticking Friction and Jet-Pipe Noise. The reaction of the oil 


has no component in the signal direction. This reaction is taken 
_ up by the jet-pipe bearings and contributes to the bearing stick- 
friction. 

The jet-pipe oil splashing away from the orifice plate, however, 
produces a small random force disturbance at the nozale in the 
signal direction with predominantly high-frequency components. 


with thermal noise in vacuum tubes. It is of sufficient magnitude 
_ to keep the jet pipe broken loose against the bearing sticking 

friction and, therefore, serves the same purpose as a deliberately 
introduced dither. For a particular physical arrangement there 

will be an average noise force which will apply a torque to the 

jet pipe in the signal direction. This noise torque is given by 
the following relation 


T, = FL. 


T, = average torque about pivot due to noise 

F, = average noise force at jet-pipe nozzle in signal direction 
The displacement of the nozzle due to the noise will depend 


_ upon the static gain of the jet pipe and is given in Equation [3}, 
wns the results of Equations [1] and [2] 


where 
X spin) = Average nozzle displacement due to noise 


In applications using a jet-pipe supply pressure of 100 psig and 

- a1.2or1.6-mm nozzle, X,,,;,) is usually of the order of magnitude 

F. increases with increased jet-pipe 

oil flow and increased oil temperatures, although the analytical 
relations here are not known. 

The sticking friction of the auxiliary piston and the pilot valve 

_ it strokes wil! depend upon the diametral clearances and the pres- 

sures used. It is usually of the order of magnitude of 1 Ib or less 

for a 1-in. diam auxiliary piston. From Fig. 4 (1.2-mm nozzle; 

_ supply pressure = 100 psig), it can be seen that a jet-pipe noise 

disturbance of +0.001 in.—+0.002 in. would keep the auxiliary 


the pilot-valve spools. The effective dead zone of the pilot valve 
will be the difference between the overlap and the average noise 
_ displacement of the auxiliary piston. For the case of the jet 
pipe, distributor block, and cylinder, the sticking friction of the 
particular cylinder used, its net area, and the nature of the load 
will determine whether the jet pipe will keep the cylinder proken 
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Dynamics 


Analysis of Jet Pipe (Fig. 6). The jet pipe is a second-order 
mechanical system since it possesses some inertia, has some damp- 
ing due to the movement of the nozzle through a pool of oil, and 
is spring-loaded. The differential equation of this system is 


Te J— 
dt? 


where 


J @ inertia of jet-pipe system referred to pivot 
J = viscous damping ly 


6 = angular displacement of jet pipe soi wap 
since 


Equation [4] may be rewritten as 
1 


jy dz,, ) 
+s dt + koX,,).. 


This equation transformed is 


T(s) = ares + fe + ke). 


where s represents the operator d/(dt). The transfer function 


— previously defined in {1]). [9a] 


from which 


K(static gain) = 


ke 


7 19} 


,(undamped natural frequency) = 


actual damping 
critical damping 9 Vkel 


For a given jet pipe, J and f are fixed, and only ke can be varied. 
As the rotational spring stiffness is increased, the undamped 
natural frequency will increase but both the static gain and damp- 
ing ratio will decrease. The latter two considerations will limit 
the maximum bandwidth that can be attained. 

The experimental frequency-response characteristic (amplitude 
and phase responses for sinusoidal inputs) of an 8'*/s-in-long 
jet pipe for two different values of ke (3000 oz-in/rad and 6120 
oz-in/rad) are presented in Fig. 7. The amplitude response is 
based on a zero frequency value of unity and is plotted in deci- 
bels. A torque input to the jet pipe corresponding to a zero fre- 
quency stroke of 75 per cent maximum was employed. The jet 
pipe was operated with oil flow at a supply pressure of 100 psig. 

The frequency at the —-90-deg phase point was taken as the 
undamped natural frequency in each case and the amplitude re- 
sponse at this frequency was used to calculate the damping ratio 
The values of w, and ¢ thus obtained were used to fit second- 
order curves to the experimental curves. The agreement be- 
tween the experimental] and calculated response curves is good. 
The two response equations obtained are 


{(damping ratio) = [9e] 


it 
— 
| 
[6] 
s)= — = 
T(s) 
eriapping the drain side 
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Ge) = ; (10) The jet-pipe inertia will vary very nearly as the cube of the 

(4.32)10~%s? + (2.63)10-% 8 + 1 length, and the damping will vary as the square of the length 

pa led Lee a with only the nozzle immersed in oil. If the jet-pipe length is 

A nope changed and the spring stiffness is changed proportionately to 

hold the static gain (L/ke) const (Equation {9a}), w, will vary 

Gs) = 88 1/L (from Equation [9b]) and will remain constant (from 

(1.87)10~* 8? + (1.37)107* s + 1 Equation [9%c]). Therefore the jet-pipe bandwidth may be 

increased without sacrificing static gain or altering the damping 
ratio by decreasing the length of the jet pipe. 

The undamped natural frequency could be calculated from Analysis of Cylinder Operating From Jet Pipe and Orifice Plate 
Equation [9b] since the inertia of the jet-pipe system was known. in Distributor Block (Figs. 8 and 9). A jet pipe, orifice plate in 
The theoretical values of w, are compared with the values ex- 4 distributor block, and cylinder are shown schematically in 
tracted from the experimental results in Table 1. Fig. 8. The characteristic curves of pressure drop across the 

output cylinder versus flow with jet-pipe displacement ‘“—€ 
rABLE 1 THEORET ICAL AND EXPERIME NTAL VALUES oF ‘o the orifice plate as parameter are represe nted in Fig.9. The | 
NDAMPED NATURAL FREQUENCY 
Theoretical Experimental Per cent error — 
os-in/rad wn (eps) value on (cps) in theoretical wn 


3000 23.5 24.2 2.9 
6120 33.6 36.7 8.5 


for ke = 3000 o2z-in/rad 


for ke = 6120 o2-in/rad 


The jet-pipe damping (f) was calculated from Equation [9c} 
using the experimental values of ¢. The results are given in 
Table 2. 
TABLE 2 EXPERIMENTAL VALUES OF DAMPING 
ky 
os-in/rad 
3000 


0.20 
0.16 


FREQUENC Y- CYCLES / Sec Fre. 8 Line Diacram or Jer Pree, Disraisutor Biock, anp 


CYLINDER 


AP 
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Fic. 9 Pressure Drop Versus Curves ror Jet Piper, 
Block, anp CYLINDER 


~ 


3 


7 bxeermentaL Frequency-Response CHARACTERISTIC OF 
STANDARD 8!%/» IN. Jet Pipe With Ou. Fiow curves are approximated by straight lines. The vertical axis 
intercepts are points on the curve of differential pressure across 
the receiving holes versus jet-pipe nozzle displacement relative 
ke = 3000 o2-in/rad e — to the orifice plate for infinite load, Fig. 4. The horizontal 
©--O—O--Experimental curve axis intercepts are points on the curve of flow through the re- 

w, = 24.2 cps 3 ceiving holes versus jet-pipe nozzle displacement relative to the ie 

t = 0.20 orifice plate for zero load, Fig. 5. The equation of any curve is 
Second-order approximation 


, _ dap 
= Gjw) = AP = 


(4.32)10-%( jw)? + (2.63)10-Xjw) + 
ke = 6120 o2-in/rad 
¢ = 0.16 er drop across cylinder) 
_ Second-order approximation = flow through receiving holes (= cylinder flow) 
1 X = jet-pipe nozzle displacement relative to orifice plate 


(1.87)10-(jw)® + (1.37)10-%jw) + 1 Multiplying the equation by the cylinder area to obtain the 


Curve Code: 


= Gijw) = 


’ j i 
| - 
- | so | \ 
| 
=, 
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Al 


force across the piston, and equating this force to the accelerating 
and damping forees gives 


daP 


dQ dX dt* 


where 


AF = force due to differential pressure across cylinder 
= net cylinder area 
M = mass of piston, oil, and load 
f = viscous damping of cylinder and load 
Y = eylinder position 
Since 


( 1 
dt 


Equation {13} may be written as 


dy 
A*eyi 


P = 
4 dQ dt dX 


X Am =M an +I 


anging Equation [15] gives 


d*} 
dt 


dQ 


The transfer function then is 


Y(s 


K Gs) = = 
Ms? + 


{18) 


— A%,,,} 8 
dQ 
Neglecting the damping of the cylinder and load and recognizing 

that (dAP)/(dQ) is negative gives 


Simplifying 


K G(s) = 


dQ 


1 


dQ 
= la} 


| dQ 
A cylinder operating from a jet pipe and distributor block may 


; then be represented as an integrator with a single first-order lag. 
An examination of Equation [21)] shows that the bandwidth 
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of a cylinder with a specified load operating from a jet pipe and 
distributor block can be increased by using the following: 

(a) A large cylinder area. 

(6) A small-diameter nozzle. 

(c) A high supply pressure to the jet pipe. 

By Equation [21a] a large cylinder area and a small-diameter 
nozzle, however, will reduce the static gain (velocity constant) 
and the maximum cylinder speed. Increasing the supply pres- 
sure will improve the static gain as well as the bandwidth but will 
also increase jet-pipe noise. The load is the greatest contribut- 
ing factor to the total mass if the length of oil lines (and, there- 
fore, the mass of oil that must be moved) is kept reasonably small. 
Thus static gain and jet-pipe noise considerations limit the 
maximum bandwidth that can be attained. Where very much 
greater static gains are necessary without too great a decrease in 
over-all dynamics, it is necessary to go to a pilot valve as the 
integrating element and add an auxiliary piston to provide the 
force amplification necessary to stroke the pilot valve. No ex- 
perimental frequency responses have been taken of a cylinder 
operating from a jet pipe. The order of magnitude of the 
cylinder time constant encountered is illustrated by the follow- 
ing hypothetical example: 


Weight of load, piston, and oil 
Supply pressure to jet pipe 
Jet-pipe nozzle diameter... 
Cylinder dimensions: 4-in. bore, 


double-ended 
Using Figs. 4 and 5 and Equations {21a} and [216| 


K, = 7.0 sec™' 
= (29.6)10~* see 


l-in. rod; 


1 
Break frequency = — = 5380 cps 
T 


Analysis of Auxiliary Piston (Fig. 10). The jet pipe and 
auxiliary piston are shown schematically in Fig. 10. Since the 


Kup 


Fic. 10) Lone Diacram or Jer Pipe Auxtuiary Preror 


orifice plate is in the auxiliary piston, the loop is closed with 
unity position feedback from the auxiliary piston to the jet-pipe 
nozzle. The open-loop transfer function of the auxiliary piston 
is the same as the transfer function of the cylinder operating 
directly from the jet pipe and orifice plate in a distributor block. 
The closed-loop transfer function A(s), may be derived from the 
open loop transfer function K,G(s), from the following equation 


Y(s) 
X 


K Gs) 
1+ K Gs) 


A(s) = 


— 
dt 
y dap 
Thi equation tra 
1s ation 
Y(s) = ax X(8). . {17 
‘ iX Aeyi 
kK, 
= 
from which 
(velocity constant or static gain) 
here 
¥(s) | 


where 
A,, = area of auxiliary piston 
Simplifying Equation [23] gives 


= 


¢ (damping ratio) = 


The experimental frequency-response characteristic of a 
1-in. diam auxiliary piston is given in Fig. 11. A jet pipe with a 
1.6-mm nozzle was used with the auxiliary piston and was 
operated from a 100-psig supply. The jet pipe was displaced by 
a mechanical sine drive through 30 per cent of its maximum 
stroke. The theoretical frequency-response characteristic of 
this auxiliary piston was obtained from Equation [24] by using its 
experimentally determined static characteristics and was plotted 
for comparison with the experimental response curve. w, and ¢ 
were calculated from the following information 

dAP 

ax” 3890 psi/in. (from Fig. 4 and the relation 
d&P 1 
dX nozzle diam 


110 cu-i 
m cu-in/sec (from Fig. 5 and the relation 


in. 


dQ 
aX 


« nozzle 


= 0.785 sq in. 


M =(7.9)10~ 
in/sec* 
Th } f w, btained are = 
e values of w, and ¢ obtained are ae: 
@, = 1970 rad/sec = 313 eps 
= 7.04 


The theoretical closed-loop transfer function by Equation [24] is 


. 
A 


= (9 + (7.15)10-*s + 1 
+ 1] ((7.11)10-* + 1) 


== 


The transfer function can be factored into two first-order lag 
terms because it is overdamped. The smaller time constant can 
be neglected for frequencies below 200 cps, and the transfer 
function reduces to a single first-order lag term 


Ms) = + 1 


The time constant of this auxiliary piston is then 0.007 sec. 
This result could have been obtained by neglecting the squared 
term in Equation [24] and using as the closed-loop transfer 
function 

Sa 


Equation [27] is plotted in Fig. 11 and the agreement with the 
experimental response curve is very good. 
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Fio. 11 ExpertmentTaL AND THEORETICAL Frequency-ResPponse 
CHARACTERISTIC OF STANDARD AUXILIARY Piston 
(Conditions of test: Supply pressure to pipe = 100 pela: 1.6-mm 
pipe nozsle and receiving- in 
plate.) 


Curve Code: 
curve 
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je- 
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From Equation [28] it can be seen that the effect of mass can 


be neglected and nothing can be gained by reducing the mass of 
the auxiliary piston from its present value. The dominant time 
constant can be reduced by using the following: 


(a) A smaller diameter auxiliary piston 
(b) A larger jet-pipe nozzle diameter. 
(c) A higher jet-pipe supply pressure. 


A smaller area, however, will decrease the stiffness of the 
auxiliary piston, and larger nozzle sizes and higher oil pressures 
will increase the jet-pipe noise. Also, it is important to note that 
using smaller auxiliary piston areas and larger nozzle sizes will 
increase the second time constant. 


ConcLusions 
Analytical expressions have been developed for the transfer 
functions of the jet pipe, distributor block and cylinder, and 


| 


» 
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w, (undamped natural frequency) = —. [25a] + 
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auxiliary piston. The jet-pipe response could not be predicted 
in advance of the experimental testa because of the difficulty of 
predicting the magnitude of the viscous damping. The experi- 
_ mental frequency-response tests show that the jet pipe is a second- 
order mechanical system, lightly damped, with a high resonant 
It should be possible to predict the dynamic re- 
sponse for any other values of spring stiffness. Theoretical 
considerations indicate that the natural frequency can be in- 
 ereased without sacrificing static gain or making the response 
‘more oscillatory by reducing the jet-pipe length and decreasing 
_ the spring stiffness proportionately. This offers the most 
promising means of extending the bandwidth. 
A eylinder operating from a distributor block may be repre- 
_ sented as an integrator with a single first-order lag. The band- 
width can best be extended by using higher jet-pipe supply pres- 
sures. The resultant increase in noise will limit the results that 
can be achieved in this direction. 
The auxiliary piston has a heavily overdamped second-order 


response. The transfer function may be factored into two first- 
order lag terme and the smaller of the two time constants ne- 
glected. This means that the mass of the auxiliary piston does 
not enter significantly into its response. The stiffness of the 
auxiliary piston may be much more than is needed in present 
applications and a reduction in area would decrease the larger 
time constant. At the same time, this would increase the 
second time constant. Very close agreement exists between the 
predicted and experimental response curves. 

Sufficient experimental work has been conducted to yield the 
order of magnitude of the dynamic responses of the componente 
discussed and to indicate possible ways of extending the band- 
widths. 
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